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Abstract

Internal combustion (1.C.) engines typically exhibit a cweristic efficiency profile which varies with
operating load and engine speed, and it is widely known treabperating efficiency is poor under low
loading conditions. The objective of this project is to istigate whether an energy storing and recover-
ing process, involving compressing air and subsequenihguisfor propulsion, could be used to achieve
better overall efficiency. An engine so modified would operattwo alternate modes. When using fuel,
the engine operates as close to maximum efficiency as pahtgicwith the excess of engine output
over driving requirements being absorbed by air-compoedsiading - driving an external compressor,
charging air into a receiver. Later, under low driving reguients, this air is expanded - using the engine
cylinders - as a source of propulsion. Heat transfer fromettteaust gases to the stored compressed air
is used to improve engine efficiency. Through modelling dndiation, an overall efficiency improve-
ment of 10% over standard engine operation is predicted tedlessable by applying this modification,
and scope exists to further improve this figure through imeddheat recovery from exhaust gases and

improved loading capability.
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1 Introduction

Increasing oil prices and a growing concern about globaiwirag places pressure on the auto-
motive industry to improve internal combustion engine tetbgy such that fuel consumption
and green-house gas emissions are minimised. To this emgkrplin the automotive market
have responded with numerous innovations including atem fuels, dynamic valve train sys-
tems, exhaust gas recirculation, use of light-weight emgmmponents, hybrid technology, and
advanced transmission systerms [1,]2, 3]. Hybrid enginetypieally designed as follows: an
internal combustion engine is mechanically coupled viseagiary gearset to an electric motor,
which allows for regenerative braking and for the enginedmperated closest to the point of
optimum efficiency[[4]. Continuously varying transmisssoiCVT) allow the engine to be op-
erated along an optimum torque-speed trajectory theretredsing overall fuel consumption,
despite a CVT being typically less efficient than a standaashuial gearbox [5]. With this in
mind, it must be stated that every engine has a specific fuslzoption characteristic which is
a function of engine torque and speed. In spark ignitionragjithrottling is used as a means
of controlling the amount of work done per cycle [6], and hettee output of the engine. En-
gine efficiency decreases with throttlirilg [7] and by defaetigine efficiency is lowest when
idling. This is attributed to pumping losgsescreasing with throttling [8], as the inlet manifold
pressure of a throttled engine is lower than atmospherisspre. Exhaust gas recirculation
(EGR) has achieved limited success in reducing throttloggés([2], although the amount of
exhaust gas that can be recirculated is restHﬂlﬁﬁ and therefore the amount by which throt-
tling losses can be reduced is also limited. Dynamic valam tsystems allow for early intake
valve closing EIvc) to greatly reduce throttling lossed [1].

The aim of this project is not to re-invent the hybrid engiag the electrical motor is more
efficient acting as the energy transformation and reuse amsim than any thermodynamic
power cycle; nor is it to supersede the use of CVTs. The cdnsepther to be developed as a
retro-fit to an existing engine for the primary reason thapgcexists to improve the operating
efficiency of spark ignition vehicles already on the roadedgical hybridisation of an exist-

ing vehicle or the replacement of a standard transmissistesywith a CVT has installation

1Pumping losses are defined as the work done to move air or sixases into or out of the cylinder.
2The amount of exhaust gas that can be recirculated is lihgeduse the A/F ratio is limited, to ensure normal combnstio



prohibitive practicality and cost implications, hence imeestigation into the more practicable

alternative of compressed air.

1.1 Problem Statement

The modern internal combustion engine is designed for acai@bn - it is designed to produce a
certain maximum torque, and is most efficient when operattragvalue near to this maximum.
However motor vehicles are required to operate over a widgeaf conditions, and therefore
the engine may spend a significant proportion of time opegadit a point with an efficiency
lower than the optimum efficiency of the engine. An efficiemagpping of a typical spark
ignition internal combustion engine is shownkigure[1(a) demonstrating that the region of
optimum efficiency lies at an operating point of approximha&b % of optimum torque at an
engine speed which is half of the maximum engine speed. Ergffitiency is particularly low
when torgue requirements are low. The proposed mandatdifoptoject is to improve the
efficiency of the spark ignition engine when torque requiata are low.Figure[I1(b)shows
an efficiency mapping obtained using a differential equatimdel (se€Sectioi 2.bpagd 211),
and shows the same basic efficiency characteristics as thal a&fficiency mapping - which
is that the engine has a low operating efficiency when higigttled. It is proposed that the
engine be loaded with a compressed air process when torqueaements are low, and that
the compressed air be used independently of or in conjungtith a combustion cycle. The
loading mechanism is analogous to an electrical genebatibery-motor energy storage and

re-use system in this regard.

1.2 Required features of a compressed air augmentation sysh

Due to the space restrictions of the engine bay, the sizetfendfore the energy storage capac-
ity) of the device will be limited. For this reason, the pdtahefficiency gain obtained using
a variety of both external and internal loading mechanishagilsl be quantified. A belt driven
compressor might be used to load the engine externally,lodeys within the engine might be
used to do this air compression, thus loading the engineniallg. The loading process must
not adversely affect the operation of the engine - the oerat characteristics of the loaded

engine, such as torque output for a particular throttlergetmust not differ from conventional
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Figure 1.1:Typical engine efficiency mapping

engine characteristics. The efficiency of the compresseslyatem must be determined for all
candidate loading mechanisms, and this is done using betfirgh and second laws of thermo-
dynamics. Naturally no process is free of irreversibilapd a method involving regeneration,
particularly the transfer of heat energy from the exhauseganto the compressed air system,
is presented to further increase the overall engine effigias much as is possible. (Scope also
exists for the loading mechanism to be used as a regenebatikang device). The presentation

of the proposed solution begins with an investigation irdmpressed air vehicle applications.

1.3 Existing applications of the compressed air-augmenteldC. engine

Before any analysis can be undertaken, the question of whathinternal combustion engine
can be powered by compressed air must be addressed. To this énmief literature survey
was conducted to find relevant examples. The literatureesustiows that success has been
achieved in this field, with compressed air first used as aymaturce at the beginning of the
last century. Advances in this field have been made since then

The concept of using compressed air to drive an engine is ow@ln One of the earliest
applications of a compressed air engine is the Beaumonhengihich was developed as an
alternative power source for a locomotive steam enginedri880’s. The principle behind this

engine was to introduce compressed air into a sequenceionfleys, starting with the cylinder



of the smallest area, until all useful work was extractedanfitbe air. One problem noted with
this application was the extremely low temperatures thahagrs and pistons would reach.
This was rectified by applying heat to the air as it was expand® the cylinder[[10]. This
example of compressed air engine avoids uncontrolled expanHowever, a separate specially
designed compressed air expansion device would have toimected to the engine in order to
expand the air in this fashion.

The earliest application of compressed air to an automaetigiprocating four stroke engine
was achieved by John Broderick in 19121[11]. His idea was @bknthe driver to use either
compressed air or gasoline to propel the vehicle. He alscerpaolision for the engine to
be used as an air compressor, as air would be drawn into theyland then forced into a
compressed air storage tank through a specially modifiedwstivalve. The inlet and exhaust
valve timing was altered such that actuation would be aelidwice as often as in the case of
a four-stroke engine (i.e. if the inlet valve were to open ‘atfd close at 180 the exhaust
valve would open part way through the compression strokectos® at 360, allowing air to
be compressed into a receiver on the compression strokesskmnce this engine modification
not only allowed the car to be powered by compressed air, Ibata@nverted it into a hybrid
vehicle as otherwise wasted energy could be captured aretistGylinders within the engine
are used to compress air (and load the engine). This apprwwashdiscarded as a possible
retrofit option because internal combustion engines tylgibave large clearance volumes (the
engine under investigation has a compression ratio of 1Qckradance volume of 4dn?, see
Table[Z.]. This would mean that the engine (operating as a compnessaid have a poor
volumetric efficiency, and perform very poorly as a compoes#\ four stroke engine would
also not be properly balanced if one or more of the cylindezsewtaken out of conventional
four stroke operation, without a significantly complicateshtrol algorithm to ensure that every
half revolution delivered the same net amount of torque.

Simington invented a modification for the internal combarstengine which allowed it to
run on compressed air. This was achieved through a devitaltbaved compressed air to be
injected into the correct cylinder at the correct time tlgiothe spark plug holes [12]. The mod-
ified engine would still have an inlet and compression sthgth of which being unnecessary in

a compressed air engine as the charge of air/fuel mixture netbe inducted or compressed.



This was later achieved by Stricklin through another modifan, by replacing the original cam
shaft with a new cam shaft: an additional cam is added at anlandisplacement of 18to
original cam, such that the valve operates once per reeolut the crank shaff [13]. This idea
is more fully explored irSectior.-3.bThe concept of a hybrid internal combustion/compressed
air engine has been taken further in recent years throughsh®f electronic valves. In May
2006, Miller and Froloff were issued a patent for an enginéctvitould be configured to be
powered by gasoline or compressed air, could use the cosgatedr to improve the volumetric
efficiency of the combustion process, and could captureifigadnergy by running the engine
as a compressor. All of the modes of operation are obtainetiybgmically reconfiguring the
engine valve timing [14].

MDI, a French automotive company, have developed an air peweehicle, and are about
to begin producing this vehicle on a commercial scale [13jisEngine offers two modes of
operation: the Mono-Energy operating system where the oesspd air drives a piston engine
equipped with an active chamber and an expansion cylinddrtree Dual-Energy operating sys-
tem where a burner is used between the compressed-air tdrike@angine, in order to achieve
a continuous combustion below 900 K, which heats the airdremse its pressure before being
injected into the engine. A recent comparative study waslecied where this compressed air
engine performs similarly in terms of energy efficiency waih electric vehicle, and exceeds
the performance of hybrid vehicles, however the range andman speed of this engine are
limited. The charging and usage efficiency of the MDI engimening in Mono-Energy mode
is stated to be between 62 - 70%, and 43 - 60% respectivelye e charging and usage
efficiency of an electric vehicle is stated to be between 62 %8 and 65 - 87 % respectively
(depending on battery type) [16]. This does show that thetjoe efficiency of a compressed
air powered vehicle is still poorer than an electically poeeevehicle, but compressed air does
allow opportunities for energy regeneration from exhaaseg (if applicable) - segectiori 4.2

The Cargine-Engineering company have developed a pneugragine hybrid which facili-
tates waste energy capture from braking and exhaust heam3s$ generated by allowing water
to come into contact with exhaust gases via a heat exchampéer.steam is used to drive the
engine during every alternative power stroke, as the engibased on the Hedman combus-

tion cycle, which allows the engine to be powered by compresisokes alternated with power



strokes|[17].

1.4 Project objectives

The proposed mandate of the project is summarised by thetomles listed below. These mile-

stones represent the core objectives of the project.

Core objectives:

1. To propose a number of loading mechanisms, such that #rgyedifferential between
the amount of work per cycle required for driving and the wpek cycle delivered at the
point of optimum efficiency can be stored. These loading raeidms can be internal or

external to the engine.

2. To develop a macroscopic control routine of the comprkeagesystem such that engine

is always correctly loaded despite the states of the aiivexse

3. To derive models of the compressed air system so thaensiilities like heat transfer,
the mixing of gases at different temperatures, throttling &iction can be taken into

account. This also allows the states of the air in the cylilael receivers to be estimated.

4. To develop a model of a spark ignition combustion cyclehsd the efficiency of such
an engine can be quantified based on the operating condiiotiee engine. Various
operation related data is also drawn from this model, foramse the amount of energy

consumed during a typical exhaust stroke.

5. To use the above mentioned models to analyse proces®fjcas affected by engine
speed and work done on or by the compressed air system, assik# effect of injecting

compressed air into an engine cylinder part way through &astion process.

6. To investigate the potential for using heat transfer fithvm exhaust gases to improve
process efficiency through regeneration.
1.5 Ouitline of research report

The background sectiorChapter 3 begins with a description of how an internal combustion

engine works, drawing attention to the characteristicplipr part load efficiency (where the



engine is throttled). A solution is then proposed to the f@abof poor part load efficiency,
which is to load the engine by an air compressor storing cesgad air into a receiver to
be used later. A differential equation model of the storagg asage of this compressed air
is presented. The aim of this model is to illustrate the ¢feédrreversibility on the overall
feasibility of a compressed air augmentation system. Efsach as friction, heat transfer and
non-steady flow are then taken into account using a morele@tdifferential equation based
compressed air model.

A differential equation model of an Otto cycle model is theagented and used to generate
an efficiency table for a typical engine, and this table isduseshow where augmenting an
engine with a compressed air system would be most viable.

A detailed description of how the compressed air will be usetthen given Chapter 3.
Compressed air usage constraints and parameters areexgpéaitnsure that the compressed
air is used as efficiently as possible. These constraintshare related to the performance
requirements of a typical internal combustion engine, abdlance between these two design
objectives (efficient usage of compressed air and meetitggnial combustion engine output
torque levels) is reached. The efficiency of compressedsagelis presented and discussed.

The way in which compressed air is stored is then discusGbater 4, together with
how heat transfer from the exhaust gases will be used to wepreerall process efficiency. A
design for a heat exchanger is proposed, and the analysisnoheat transfer will occur into
the compressed air is presented. The design for the air @asqris also proposed, taking into
account engine loading requirements (such that the engieeates at a better efficiency) as
well as the physical space limitations of the engine bay. Guezall performance improvement
of the modification is presented.

Chapter 5reviews the research report, critically reviews the repod its limitations, and

suggests where further work is needed.



2 Background

In this chapter an overview of how an internal combustior) @@gine works is given, together
with reasons for poor part load efficiency. The feasibilifyusing compressed air as a source
of motive power in an engine is presented, with emphasis @mtifying process efficiency
by including an isentropic efficiency factor. A differertiaquation based model of such a
compressed air process is then presented with the intentasftidying the effect on process
efficiency of various sources of irreversibility presenthin the system. An air standard Otto
cycle is then presented, and used to determine the operatiran for which loading an engine
with a compressed air process would be feasible. This madiien improved on using a

differential equation based model, and the same feagibifialysis is repeated.

2.1 How an internal combustion engine works

A typical four stroke spark ignition internal combustiongere works as follows:

1. Intake stroke:A fresh mixture of fuel and air (charge) is drawn through tipemintake

valve while the piston moves from top dead center positidyottom dead center position.

2. Compression strokefhe intake valve is closed and the charge is compressed Ipjstios
doing work on the charge. When the piston is close to top deatkg ignition is initiated
causing the charge to burn resulting in an increase in thpdesture and pressure of the

air within the cylinder.

3. Expansion stroke:The air within the cylinder expands and does work on the pjgiatil

the piston reaches bottom dead center.

4. Exhaust stroke The burnt gases are then pushed out through the open exhétestwhile

the piston moves from bottom dead center to top dead center.

The thermal efficiency of a spark ignition engine with a coegsion ratio of 10 modelled as a
standard ideal Otto air cycle is approximately 60% and isr&tfon of the compression ratio
and the specific heat of the air alonel[19][pg 378]. This vadumalculated for when the engine
is operating with the inlet throttle wide open and is gre#ttan the efficiency when the throttle

is partially closed.
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Figure 2.1: Four stroke combustion cycle|[18]

In order for the engine to be useful, the amount of output pai/the engine must be controlled,
and this is done by limiting the supply of fuel to the enginpafk ignition engines require the
stoichiometric ratio between fuel and air to be maintainethiw flammable limits [[20] 21].

This is done by regulating the amount of air supplied to thgirenwith a throttle valve. The

engine must do work against this valve, increasing the pogfuss area on the PV diagram
relative to the amount of work produced by the cycle. Thedudi exhaust gas fraction in
the cylinder also increases as the load decreasés [21]hasd two factors contribute toward

inefficient engine operation during low load conditions.

2.2 Feasibility of using compressed air to store and releasmergy

The proposed solution to this problem is to unthrottle aradilthe engine such that it operates
at a point nearer to the point of optimum efficiendyigure[2.2shows that engine efficiency
increases as BMEP increases.

It is proposed that the engine be loaded either externallgnbexternal compressor attached

to the drive output of the engine via a belt and pulley arramga; or that the engine be loaded
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Figure 2.2: A graphical representation of the relationslgfween speed, load and efficiency for a standard
engine, and an engine loaded such that it operates at thegianeatest efficiency for a particular speed

[21]

internally, using cylinders within the engine to load thgjiee sufficiently. Compressed air will

be the mechanism by which energy will be stored and releasededed.

2.2.1 Efficiency definitions

The efficiency of using (or storing) compressed air by expani from (or compressing it into)

a storage tank with a piston-cylinder arrangement is noaudised. Consider the injection of a
guantity of high pressure air into a cylinder from a high pree receiver. During the expansion
an amount of work will be done on this cylinder’s piston, #t®y decreasing the internal energy

and mass of the air left in the receiver.

Energy out = —hAme (2.1

The expansion process is not isentropic, and in practiceentropic efficiency factor is used
to account for irreversibility present in the system. Thekwtone during an expansion process
of the air in a cylinder is given b, — hy, whereh; andh, correspond to the initial and final
enthalpy respectively. The maximum amount of work obtdmatithout external heat input
achievable by the system is given hy — hy, and this is for a case where the air expands

isentropically to state 2s. Using the above, the isentrefficiency of an expansion process is

10



given by:

~ hi—hp
le = h—he

2.2)

If air was to be compressed between two states, the iseatefficiency of the compression

process would be given by:

hos — hy

Ne = hp— s (2.3)

2.3 Standard air analysis as an analytical tool for this progct

Examples of work done to analyse Ottol[22] and refrigeratipeies [23] based on standard air
analysis techniques have been used successfully, whereqpat models are used to describe
compressed air processes and isentropic efficiency faatenssed to account for irreversibility.
Such models of compression and expansion processes anké asgfood approximations of the
amount of work done or absorbed during a process, as well g dinal state of the system,
can be obtained. These models predict the behaviour of aressgr which is operating at
steady state, with the initial and final temperatures of ttezgss given by the average inlet
and exhaust temperatures of the compressar [23]; but tludifmited benefit when dealing
with coupled processes. For instance: when modelling thehdrge of air from a cylinder at
one state into a receiver at another state, the receivendinder cannot be considered as one
system with the total volume of the system being equal to tine af the cylinder and receiver
volumes, because the states for the cylinder or receivermatipecessarily be equal, and the
effects of the flow restriction between the receiver andhdgr, heat transfer and friction cannot
be included.

The air standard analysis approach relies on estimatesagémtropic efficiency of each
process to have been determined beforehand by experimemapproach taken for this project
was to estimate the isentropic efficiency numerically usintifferential equation based method

developed by Bejan [24].

2.4 Compressed air system model

In this section a compressed air process is described byeadtifial equation which is then

used in conjunction with the second law of thermodynamicsharacterise the amount of

11



useful work destroyed due to irreversibility and hence wmheitiee overall process efficiency.
This approach does not characterise the entropy genernattied) the compression or expansion
strokes, but rather the effect on entropy due to heat tranmsiging of gases at different states,
and friction. The differential equation modelling apprbatas been applied to combustion

engines([25, 26, 27, 28] and to refrigeration compressdk [2

2.4.1 First law-based differential equation model

Extensive use of the differential equation modelling apptohas been used to model internal
combustion engines. Most of these models are derived ast @tBys to proposing a form of
control algorithm. An assortment of papers from which ihsimto cylinder state dynamics
was drawn are introduced briefly below. Differential eqoiatinodels of the cylinder state were
(possibly still are) too complex for microprocessor tedbgyg used for control to compute, but
serve to describe processes for further analysis. Works thaws attempted to abstract these
models such that they are compatible with existing autoraahgine controller computational
capabilities. Research avenues include: a control odeméeturbation model of a differential
equation model describing cylinder pressurel [30], a noedr sliding observer [31], and an
approximation of cylinder pressure using the maximumiklii@d method([3R]. The differen-
tial equation modelling techniques presented in the aboeetioned papers are based on the
first law of thermodynamics and form the basis for the diffitigd equation model used for this
project. The temperature and pressure in the cylinder arerged byEquations2.5 and 2.B,
which are then integrated numerically. The rate of changeressure in the cylindeEqua-
tion[2.5) was arrived at by the differentiation pi/ = mRTwith respect to the angular position
of the crank shaft. The differential equation model is indégd with an integration step size of
1/50rad of a crankshaft revolution.

Cylinder pressure:

pvV = mRT

(2.4)

12



Differentiating with respect to time:

PV+Vp = RMT+Tm)
R(MT+Tm) —Vp

p = v (2.5)

Modifying the partial differential equation such that itnche integrated with respect to the

angular position of the crank shaft (this applies to allartdifferentials with respect to time):

dp  dp_dt

Charge temperatureThe rate of change of the cylinder temperature was obtanosa the first

law of thermodynamics, shown below:

U = Q-W+hr—hgh
(2.7)
using: U =mu
mu+mi = Q- pV +hm—hem
(2.8)
_ .1,
using: T = au,
- m—lql[Q—p\'/Jrhirh—herh—urh] (2.9)

Mass flowrate[[3B, pg 907]. Wheremni is positive if the inlet pressure; is larger than the

cylinder pressurg,.

1
CoAmF’ly% 2y ) Av-D if P2~ 2 W
VRN y+1 Py y+1

m= N R E: (2.10)
CoAnPy (P2 )V | 2y 1_&\/71 if 2 < LZK/tll)
VvRT \ P y-1 P PL = y+1

Receiver pressure and temperature are obtained from Bgs&iib and 219 respectively with
as zero because the receiver volume is assumed constant.
Receiver pressure: .

RMT+Tm

p="100 (2.11)
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Figure 2.3: lllustration of a crank shaft for the derivatimirEquation 2.16

Receiver temperature:

. 1 . : : .

Heat transfer (cylinder): Heat transfer between the cylinder and the engine walls/engby

the Annand expression [25,134,/28] :

Ont = Ay [o.st%og (Teyl = Tw) + 1 x 10 8(Toy* — T2) (2.13)
Where:
A = Thermal conductivity (W/K.m)
D = Cylinder bore (m)
Nre = Reynolds Number
Ty = Temperature of air in the cylinder (K)
Tw = Temperature of cylinder wall (K)

The surface area of the combustion chamber is derived below:

Area= Ach+Ap+T1B(l +a—s) (2.14)

Where @, | ands are depicted ifFigure[Z2.3:
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Ach = Cylinder head surface area (m)
Ap, = Piston crown area(m)

a = Connecting rod length (m)

I = Crank radius (m)

S = Position of piston pin to crank centre (m)
s=acog0) + /12— (asin(B))? (2.15)

Resulting in[[33, pg 44]:

Area=1(B/2)% + 1(B/2)? + 1B(l +a—acog8) + /12— (asin(8))?) (2.16)

The Reynolds number (Re) is given pidc/y, wherec is the mean piston speed apdy are

the density and viscosity of the gas respectively.

Mechanical friction: Mechanical friction is incorporated into the model accogdto an em-
pirical approach developed by Rakopougisl [26], which describes the relationship between
engine speed\), peak cylinder pressurggay and friction. A similar model was proposed by
Heywood, but the effect of peak cylinder pressure on frici®not included[[33]. Friction is
given in bar and must be multiplied by the rate of change ahdgr volume to determine the

amount of power required to overcome mechanical friction.
fmep= 0.137+ 0.005pmnax+ 0.0108N (2.17)

Fluid friction: Pipe friction is included in the model through the Darcy-$t&ich equation
[385, pg 271] Equation[Z.IBoelow) and has to be calculated iteratively, as pipe fiictmd
mass flow rate are dependent on one another. Pipe frictionmass flow rate are calculated

according to the following algorithm:
e Step 1. Assuming pipe friction is zero, calculate mass flde ra
e Step 2. Calculate pipe friction using this flow rate
e Step 3. Recalculate flow rate incorporating the effects jpé fiiiction

e Step 4. Repeat the above until mass flow rate converges
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64 1 pV?
Ptric = R_GBpT (2.18)

Thermal conductivity X) [36] and fluid viscosity (i) [37] are given by the following equations:

A =1.0184x 1074T — 3.9333x 104 (2.19)

(2.20)

n=(18.27x 10—6)( 41115 ) ( T )l'S

T+120/ 129115

The following engine parameters are assumed [38]:

Table 2.1: Engine model parameters

Cylinders 4
Bore (m) 0.08
Compression ratio 10

Clearance volumenf®) | 4.407x 10°°
Swept Volume i) 3.967x 104

Comment: This first-law model has merit in that time-varying systemites can be predicted
based on the parameters specified. However, the systendsheuhodelled as closely to a
real system as possible, in that aspects such as heat transféhe mixing of gases at two
different states are taken into account; as well as theteftégipe friction. A means to measure
the degradation of useful energy (available for work) dusuch real world irreversibilities is

obtained from the second law of thermodynamics.

2.4.2 Second law analysis

Second law analysis will be used to evaluate how much useérbg (available for work) might
be degraded by various sources of irreversibility pregettié system during a particular com-
pression or expansion stroke. Process efficiency (affdniete degradation of useful energy)
may be affected by various operational requirements asasathanging system states. Exam-

ples were found in literature which take this approach imgjiidng the second law efficiency
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[25], [29] of a thermodynamic process. First law analysis edu® describe the variation in
the state of the system according to the differential eqonatiodel presented iBectiori 2.4]1
and the amount of useful energy which has been degraded mifirc using exergy analysis
techniques. The exergy of a system in a given state is defsteanaximum amount of useful
work which could be obtained from the combination of the sgstand the surrounding atmo-
sphere, as the system goes through reversible procesagslibrate with the atmosphere [25].
Irreversible processes give rise to a "lost” work term whiglguantifiable in terms of the en-
tropy produced, through a relationship known as the Gowg@a theorem; where the amount
of energy made unavailable to do work due to irreversibiktyroportional to the amount of
entropy produced by a process. The proportionality cohstadependent on the system of

interest([24, pg 24].

Wost = TOSg.en (2.21)
Where:
To = constant of proportionality, taken to be the temperatd@itbesurroundings (300 K)
Sjen = rate at which entropy is produced during a process.

The compressed air loading process is dynamic in the seasththconditions surrounding the
system change, and the model provides a means for the effée changing surroundings on
process efficiency to be quantified. UsiBguation 2.2l one can quantify the amount of useful
work lost due to heat transfer, mixing of air streams at défifie states, and friction; all of which
are present in the loading process under investigation.anmunt of "lost” work can be used
to quantify a process efficiency, which is defined as the amolwork absorbed or released
during a complete a process (compression, expansion &nptanto account the amount of
useful energy (available for work) degraded during thiscpses, divided by the work required
for that a process if it were to occur without irreversilyilitThis efficiency is known as the

second law efficiencyHquation 2.2, as given by Bejan [24].

n=1-—— (2.22)
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Where:

Whnax =3 fin(h— Tos) - Zr’n(h—Tos) - %(E ~ToS) (2.23)

In

2.4.3 Sources of irreversibility in the compression-expasion processes

The following relationships are based on work done by Begat}.[ Sources of irreversibility

present in the envisaged compression or expansion pracassehe mixing of air streams at

different states, pressure drops due to friction betweearal piping, mechanical friction and

heat transfer. Loss of useful energy due to friction betwbercylinder walls and piston rings

is given byEquation 2.24

Note:
Tw

Cylinder wall temperature
Temperature at the reference state
Ideal gas constant

Mass flow rate

Up stream pressure and temperature
Down stream pressure and temperature
Irreversibility due to mechanical friction
Irreversibility due to pipe friction
Irreversibility due to mixing
Irreversibility due to throttling

Entropy at the inlet

Entropy at the outlet

Enthalpy at the inlet

Enthalpy at the outlet

TW_TO)

IT fmech= meech<1 -
Tw

(2.24)

Friction between the gas and pipe tubing results in a pres#tap and an associated loss of

useful energy given biEquation2.2H24]. In addition to pipe friction, a pressure drop occurs
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across the engine valves, which varies with engine spedd $3&ady flow has been assumed.

I.rfpipe:TOSgen: TOmHn(&) (2.25)

Pout
A key design aim of this project is to avoid uncontrolled exgians (mixing of air at different
pressures) as much as possible, but the mixing of air streamiéferent temperatures seems
unavoidable (air will be discharged into a receiver and mithws contents not necessarily at
the same state as the air exhausted from the compressdr)theitoss in useful work arising

from such an event given dyquation 2.26

Tl) _ Tl_TZ) (2.26)

[y = r'nTocp<|n (?2 5

A certain amount of uncontrolled expansion is expected &se\actuation will not be ideal,
and the corresponding loss in useful work is givenHrnyuation[2.2F The expansion (when
mixing gases at different pressures) is assumed to be apitth The reference state is taken
to be 300K, 1x 10° pa. The irreversibility directly associated with the act ofgoressing
or expanding the air within the cylinder is not included iistinodel. This could have been
modelled using finite element thermodynamics, but this veg®bd this project’'s scope. These

processes have been modelled as isentropic.

It = Tom(s —s) (2.27)
Where: =h

Alternatively one could evaluate the loss of available wauke to mixing by using the following
expression [28]:

i = Tom[cpln(%> - Rln(%ﬂ (2.28)

2.4.4 Differential equation model applied to a compressioriollowed by an expansion

stroke

An idea of compressed air process efficiency is obtained tfmndynamic model presented
above. Air is compressed from a volume o#@d7x 104 m> and a state of bar, 300K to a
volume of 4407x 10~° m® and a state of 2Bar, 700K, and then expanded to the initial volume

and a state of @2 bar, 275K. Heat transfer and friction are both included in the simaiat
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hence the difference between initial and final states. Thegss was modelled in Octave - a
mathematical simulation package similar to Matlab.

The process efficiency is 67 %. The compression mechanisneliaddhere is isentropic,
so the actual efficiency of a compression stroke followedrbgx@ansion stroke is expected to

be lower than 67%.
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2.5 Differential equation model of the Otto cycle

The air standard approach to Otto cycle analysis has beatoped and expressions for max-
imum power and efficiency as functions of various parameiave been obtained. The results
obtained using this approach are not realistic and so haveesm used, but the methodology
is presented iBectior fof the Appendix.

The differential equation based model of a conventionatksggition internal combustion
engine allowed investigation into the use of high pressurajaction to improve the efficiency
of the existing combustion cycle directly. Such a model wioalso allow a more accurate
efficiency mapping of an engine to be obtained (more accuhatie an air standard analysis
approach). However this mapping would only provide a gatii¢ understanding of engine
efficiency; the efficiency of a combustion engine would beedained through experiment for
most accurate results.

Other operational related data required for the analysigaabus aspects of this project
are also drawn from the differential equation model. Thidudes work done during a typical
expansion, compression, intake, or exhaust stroke; asasdhe exhaust gas state and outlet

mass flow rate used for heat transfer analysis.

2.5.1 First law model

When simulating a combustion process, the rate of heatseisalependent on the rate at which

fuel is burned, which is approximated by a Weibe function &3 390]:

My = My (1—exp[—a(e;eeo)m+l}) (2.29)

Wherea andm are constants used to match the Weibe function to experaiteobtained data
on to burn profiles. Real burn fraction curves have been fitieddWeibe function witra =5

andm= 2 [28,/40]. The amount of the heat released is given by:

Qhr = QnvMuNp (2.30)

where:
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Lower heating value

QLhv
My
Nb

Mass burn rate

Burn efficiency

Combustion efficiency can be included into the model usingrapirical model([28]:

Nb = 0.9(4.650 — 2.0764\2) (2.31)

whereA represents the excess air in the cylinder, but it has beaemasithat the air fuel mixture

is stoichiometric s@ = 0, andn, = 0.9 accordingly.

T= %V[Qh,—(gm— PV -+ hifn— hern — urf (2.32)

Valve and ignition timing settings are as shownTable[Z.2 The differential equation model
provides a means to observe the effect of valve and ignitinim¢ on engine operational effi-
ciency. For instance: altering the ignition timing has aeafon the amount of work done,
because the point at which cylinder pressures peak chamgesdagly. Closing the inlet
valve after BDC results in the induction of more air into thdirder, and experimentation
with this model indicates that the inlet valve should clos85 after BDC at an engine speed
of 6000RPM.

The breathing characteristics are dependent on the steuofuthe engine and the inertia
of the air, and have been included into the model through apireral model of volumetric
efficiency Equation 2.3, based on work done by Williams [41]. Other empirical mekhof

characterising intake flow rate were foundlinl[42],43, 44].

Nv(n, p) = 0.5970714+ n5.15605x 10 ° 4 p9.30417x 10~/ (2.33)
Where:
n = engine speed
p = peakcylinder pressure

The efficiency model is expanded using exergy analysis,adhk effect of certain irreversibil-
ities on process efficiency can be quantified. This appraabhased on work done by Rakopou-
los [25] and Ribeiro et al [28]. P-V and T-V diagrams of a tygisimulation are presented in
Figure[2.4
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Table 2.2:Engine configuration parametef38]

Bore

Stroke

Burn duration
Ignition

Inlet valve open

Inlet valve close

Exhaust valve o

Compression ratio

Air fuel ratio (A/F)

pen

0.08 m
0.077m
0.628rad
10° BTDC
TDC

15° ABDC
BDC

10
14.7

Otto cycle - PV diagram
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(a) Pressure-volume diagram
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Figure 2.4:0tto cycle simulation results

2.5.2 Application of the second law to the dynamic Otto cyclenodel

The second law of thermodynamics is used to obtain an eftigierodel of the engine when it

is operating at a constant load and speed. The analysimpedsaSectiori 2.4]3s extended to

encompass irreversibility and associated loss of usefdkwoe to combustion and the exhaust

of hot air into the surroundings (known as gas transfer)s Thbased predominantly on work

done by Rakopoulos and Heywoaod [33] 45]. The approach takdrakopoulos is to model

the combustion processes according to first law princigdesng as far as to include detalil

about the nature of the chemical reactions taking placeinvitie cylinder. This aspect of

combustion modelling has not been included in the modeleptesl here. A Weibe function
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is used to describe the combustion process as indicatee alvatiout taking into account the
irreversibility due to the change in chemical species ofdaetants and products. Modelling of
the burn profile as an empirical function (i.e. Weibe fung}is the generally accepted practice,

as the combustion profile can be fitted to experimental d& [2

2.5.3 Sources of irreversibility

Irreversibility due to the combustion process was evatlateRibeiro et al[[28] according to
Equation2.3%elow. During experimentation they noted that the irrelsdiy due to combus-
tion evaluated according to this method was much less theweirsibility due to valve throttling
for example, which is not consistent with other results otge by Heywood([33, pg 795]. Us-
ing Equation[Z.34% the amount of "lost” work due to combustion is approximgaté#t J per
cycle, which is not correct. Irreversibility due to comhastaccounts for about a third of the

total irreversibility of the engine [33].

I-rcomb: il MpiSpi — i My Sri (2.34)
= =
where:
m = mass
s = entropy
p = products
r = reactants
k,n = number of species of products and reactants respectively

Instead of using the method described above, the beginmidgad states of the combustion
process are used to determine the destruction of exergydhe trreversibility associated with
combustion, in accordance with Rakopoulos and Heywood33b, The change in exergy due
to combustion is given biquatior 2.3below. Usingequatiorl 2.3bthe amount of "lost” work
due to combustion is approximately 213er cycle (with engine unthrottled, and configured
according toTable[Z.3. This is more in line with the results presented in the aboeationed

literature.

Eg — El = —Tom(SQ — S]_) (235)
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Irreversibility due to gas transfer is taken into accourthvi@quation 2.3§25], and represents

the loss of useful energy during the exhaust process.

==dmh—hp—To(s— )] (2.36)

Aspects which have been included in, and omitted from thierdiftial equation model are

listed below.

Aspects included in the dynamic Otto cycle model

e Uncontrolled expansion.

Irreversibility due to combustion

Heat transfer between cylinder walls and cylinder contents

Mechanical friction, through an empirical model.

Flow through valves.

Engine breathing characteristics (through a simple ecglimodel).
e The effect of valve and ignition timing.
Aspects not included in the Otto cycle model

Nature of the combustion products during exhaust. Chenpioténtial energy will be

present in combustion products which are subsequentlyusidn to the atmosphere.

Exergy generated during the reaction process.

Residual exhaust gases in the cylinder.

Heat transfer between the reactants and products.

2.5.4 Discussion

A combustion cycle was configured according to the param@idiabld 2.2 and the simulation
results are presented Trable[Z.3 The simulation was performed for two throttled conditions
(inlet manifold pressure of.8 bar and 05 bar respectively) for a speed of 100®PM, and
for two unthrottled conditions (the inlet manifold pressus 1bar), for an engine speed of

1000RPM and 3000RPM. The sum of the amounts of energy made unavailable to dolusefu
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work due to irreversibilities and the net work output of tmgime should equal the amount of

energy released during the combustion, which although elese (1245 as opposed to 1324),

is not quite the case as shownTable[2.B This is attributed to some expressions for work lost
due to irreversibility including assumptions about the @&nbenvironment.

For instance when evaluating "lost” work due to mechanidatibn and heat transfer, it is
assumed that cylinder wall temperature is 40@nd that ambient air temperature is 300 in
other words, the irreversibility is scaled by constantdestwhich may have been incorrectly
selected.

In Table[2.8 the net irreversibility due to uncontrolled expansion éaaluated byEqua-
tion[2.2) decreases as the amount by which the engine is throttledases. For an increase
in throttling, further investigation reveals that the wreesibility due to uncontrolled expansion
increases during the intake stroke, but then decreasesgdilme exhaust stroke as low peak
cylinder pressures result in lower cylinder pressures etetiid of the expansion stroke - and
therefore results in less irreversibility due to unconéwlexpansion during the exhaust stroke.
Peak pressures are less because less fuel-air mixture érastmmbusted. Pumping work under
throttled conditions is higher than under unthrottled d¢tiods as expected, and this is observ-
able by plotting work done against angular displacemenafoarticular throttling condition.

Comparing the cases where the unthrottled engine operai€@RPM and 3000RPM:
heat transfer decreases as engine speed increases as flesgetime for heat transfer to oc-
cur. Irreversibility due to uncontrolled expansion in@es with engine speed as the pressure
difference across the inlet valve increases. There is lass dvailable for charge mixture to
be drawn into the cylinder, therefore irreversibility daecombustion decreases because there
is less charge to be combusted. Friction irreversibilitgréases with piston speed, and irre-
versibility due to gas transfer is higher because the eneogyent of air in the cylinder after

expansion is larger, in turn because less heat transfeif thie aylinder has occurred.

2.5.5 Efficiency mapping

The engine efficiency mapping was generated through sifonléeeFigure[2.5, but does not
display the behavioral characteristics common to realrerggiparticularly a decrease in engine

efficiency at high load, and limited increases in efficiendthvengine speed due to improved
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Table 2.3: Dynamic Otto cycle model: Magnitude of variousrses of irreversibility.

Two throttling conditions are presented for partially ttited conditions (throttled such that the inlet man-
ifold pressure i90.3 bar and0.5 bar) for an engine speed d000 RPM. Two unthrottled conditions are
presented (inlet manifold pressure ishar), for the engine speeds 000 RPM and3000 RPM respec-

tively. The engine was set up as in Tdbld 2.2. It is assumédhbambient pressure kbar.

Throttling Work Mechanical Gas Heat Uncontrolled Comb- S | Netheat
condition J) friction(J) transfeqJd) transfeir(J) exp (J) ustion(J) | (J) | input(J)
unthrottled (1 bar) 434 108 274 280 29.5 211 | 1245 1324
low load (0.5 bar) 153 87 122 175 6.2 107 | 650 674
idle (0.3 bar) 40 68 69 126 2.3 66 | 371 411
unthrottled 3000 rpm 207 276 307 218 37 202 | 1247 1273

breathing characteristics. High load at high speed reguli®or combustion. An example of
an actual fuel consumption model is showrFigure[2.2 and one can see that in this instance
maximum efficiency is at about 80% of maximum torque, with @bgl optimum efficiency
at an engine speed which is 50% of maximum. Considering ttiemap engine operating
point as a starting point: at a constant load, increasingdgsfrem this point results in increased
friction losses, increasing load at a constant speed isesear flow limitations, and the mixture
is subsequently enriched [33].

Another factor not included in the model is cylinder turtmde, particularly the effect that
this has on heat transfer and fuel mixing, resulting in lbetixing and burning of fuell[46],
despite a decrease in the volumetric efficiency. The modes$ gwovide an understanding of
engine efficiency magnitudes at a range of operating camdifibut where these above ignored
phenomena begin to take effect, it is inadequate.

The engine is most efficient when completely unthrottledoediog to the model derived
for this project. Each efficiency value is calculated under assumption that the engine is

operating at steady state. Engine efficiency is defined below

B work done per cycle
~ work done per cycle-work lost to irreversibility per cycle

n

27



Engine efficiency Vs Work at an engine speed of 1000 rpm
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Figure 2.5: Dynamic Otto cycle model: Engine efficiency magp

2.5.6 Moving toward a more realistic engine model

Typically BsFcmappings are determined through experiment([3B, 47]: engique, speed and
fuel consumption will be measured over a wide range of opperabnditions, and the mapping
will be generated accordingly. A method (developed by Gueand Cho) has been developed
to generate efficiency mapping models without conductingyntiests. In this method empirical
models of torque, friction, and thermal efficiency are useddnerate the mapping [47]. This
mapping approach lends itself well to the intended futuoei$oof the project, as a wide variety
of engines may be fitted with the loading mechanism, and aciexitity mapping test would
probably need to be done on each of the candidate engineseffitiency mapping method

developed by Goering and Cho is outlined below:

T rpm
Nengine = 30HVim;
Ntherm

= (2.37)

fmep
1+ bmep

After equating the above:

T rpm(bmep+ fmep
30bmepHY
My

BSFC = —————— 2.38
Output power ( )

where:
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bmep Brake mean effective pressure

fmep = Friction mean effective pressure
rom = Engine speed in rev/min

m;¢ = Mass of fuel

BSFC = Brake specific fuel consumption
HV| = Lower heating value of the fuel

2.5.7 Transient effects

No attempt has been made at modelling the efficiency of thaerag an accelerating transient
state. A recent study has shown that during fast accelgratamsients, measured fuel con-
sumption is up to twice as much as during the correspondiedygtstate load conditions [48].
The transient fuel consumption model presented in the abmmioned reference is based on
the sum of the static fuel consumption properties of an engimd a transient fuel consumption
correction factor, which is based on measured engine pedioce data. Given that fuel effi-
ciency is low under accelerating transient conditions,aymrove beneficial to use compressed
air to accelerate the engine, which is proposed as a topitufore work. One would begin
by assuming that fuel consumption under accelerating igahsonditions is 50% higher than
normal (i.e. efficiency is 50 % poorer), and then determirgirenefficiency if compressed air

is used as means of accelerating the engine.

2.5.8 Summary: dynamic Otto cycle model

This section develops the models used to simulate two maddegevation of an I.C. engine:
conventional operation with fuel, and propulsion by comspesl air. The dynamic Otto cycle
model was used to predict the amount of work associated with ef the four strokes of a
combustion cycle, and allowed the amount and state of exlgases exiting an engine dur-
ing an exhaust stroke to be evaluated. Expressions relatamgmum power and efficiency to
operational parameters such as engine speed and thrdttieg g@mongst others) were also

developed from this model.
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2.6 More accurate modelling of feasibility of compressed aiaugmentation of an

engine

This model is used to demonstrate where loading the engitietind compressed air system
could be applied.Table[Z.4indicates that the effectiveness of the modification desgeas
the combined compressed air storage and usage efficienogade¢ and serves to show that
the efficiency gain decreases as the amount of requiredngaldicreases. Consider the engine
operating with an inlet pressure of 0.42 bar, producing 16Dwork per cycle at an efficiency
of 17%. If the engine were fully loaded, 3@0of energy would be available to be used by
the compressor. Of course, as notedSiection 2.1 not all this energy will be available for
reuse. For the purposes of the explanation, assume thabthbimed efficiency of the air
compression-expansion process is 70%; 262energy is available for reuse, and the effective
efficiency ) of the engine after taking this energy into account is 27%i¢tvis greater than

if the engine were operated partially loaded). The regiofeas$ibility has been summarised in
Figure[2.6

Concept viability at various loads and efficiencies
120

100
80
- 68D
40
20
0

05 06 Q7 08 09 1

Effective compression/expansion combined efficiancy

]

Load {1

Figure 2.6: Viability of loading an internal combustion @mgyfor various compression-expansion process

efficiencies and different required loading conditions
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Table 2.4: Feasible conditions where loading will impropeating efficiency (revised)

ne| 1 0.9 0.8 0.7 0.6 0.5
Load | IP np, W Hp | ER np | ER np |ER nu [ER np | ER nu | ER Ny
(bar) ) ) ) ) ) )
2005 003 10 38462450 0.35/ 405 0.31| 360 0.28| 315 0.25| 270 0.21| 225 0.18
4] 028 005 20 400.00440 0.35/396 0.31|352 0.28 308 0.25/ 264 0.21| 220 0.18
9] 032 009 40 44444420 035 378 0.32|336 0.28| 294 0.25( 252 0.22| 210 0.19
13| 035 0.2 60 491.80 400 0.35/ 360 0.32( 320 0.29| 280 0.26| 240 0.23| 200 0.20
17| 038 0.5 80 533.33380 0.35 342 0.32( 304 0.29| 266 0.26| 228 0.23| 190 0.20
22| 042 017 100 57471360 0.35 324 0.32| 288 0.29| 252 0.27| 216 0.24| 180 0.21
28| 046 020 130 637.25330 0.35/ 297 0.32| 264 0.30| 231 0.27| 198 0.25| 165 0.22
35| 051 0.23 160 698.69300 0.35/ 270 0.32| 240 0.30| 210 0.28 180 0.26| 150 0.23
41| 056 025 190 763.05270 0.35( 243 0.33| 216 0.31| 189 0.29| 162 0.27| 135 0.25
48| 0.61 027 220 82397240 0.35(216 0.33192 0.31| 168 0.29| 144 0.27| 120 0.26
54| 066 0.28 250 886.52210 0.35/ 189 0.33| 168 0.32| 147 0.30| 126 0.28| 105 0.27
61| 070 0.30 280 949.15180 0.35/ 162 0.33| 144 0.32| 126 0.31| 108 0.29| 90 0.28
67| 075 0.31 310 1013.07150 0.35/ 135 0.34/ 120 0.32 105 0.31| 90 0.30| 75 0.29
74| 079 0.32 340 107595120 0.35/ 108 0.34] 96 0.33| 84 0.32| 72 0.31| 60 0.30
80| 0.85 0.33 370 113846 90 0.35| 81 0.34| 72 0.33| 63 033 54 0.32| 45 0.31
87| 090 0.33 400 1201.20 60 0.35| 54 0.34| 48 0.34| 42 033| 36 0.33| 30 0.32
93| 094 0.34 430 126471 30 0.35| 27 0.34| 24 034 21 034 18 0.34| 15 0.34
100| 0.99 0.35 460 132565 O 035/ 0 035 O 035/ 0 035 0 035 O 0.35




3 Application of the compressed air system to engines in exisg

vehicles

3.1 Overview: retrofitting to existing vehicles

Efficiency mappings released by manufacturers[21] as welbha simulation results of the
previous chapter show that a typical spark-ignition indéimombustion engine is least efficient
when the amount of torque required by the engine is low. F@tiag vehicles, this is the
reason for proposing that a compressor be used to load theeenben it is producing torque
below a certain threshold, by compressing air into a recealtowing it to operate in a more
efficient zone (as throttling could be decreased). The ceagad air will then be used to propel
the engine in some way at a later stage: either in place ofertiimnal fuel, or in conjunction
with it.

This chapter contains a description of how the compressedlbbe used, the performance
requirements of the compressed air augmentation system thetorque developed by this
system will be controlled, and expected efficiency of usdgb@compressed air. The idea of
using compressed air in conjunction with conventional fagiresented and reasons are given

why this avenue of investigation is not pursued.

3.2 Using compressed air to propel the engine without fuel
3.2.1 Using an external compressor to expand the air

An external compressor could be used to expand compressedaier to supplement driving
requirements. Bearing in mind that this external compnegsib be small in order to fit into
the engine bay, the amount of torque that this external cesspr can produce will be limited.
This means that the external compressor will have to worlkijunction with the IC engine to
produce the amount of torque required by the driver. Theaidlvefficiency of such a process
would have to be quantified, and this is done by means of a ncahexample, assuming that
the external compressor is sized such that it can load thimety 30N.m (94 J stored per
stroke), that the performance factor of the energy storageegs is 2.4 through the effects of
regenerative heat transfer (seectiorf 4.2]for more details on performance factor and regen-

erative heat transfer). The specifications of the exteraalpressor have arisen from analysis
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presented in Chaptét 4. The isentropic efficiency of conge@sir usage will be assumed to
be 0.8[[49)].

The reader is referred ftable[3.1 Driver requirements at the time of loading are assumed
to be 51N.m (160 J per stroke), and the external compressor will pro9idid of additional
loading per stroke. Heat transfer into the system will mdwai 225 J is effectively stored.
When it comes to using the stored energy: 94 J can be suppli¢debexternal compressor,
but only 75 J is useful (due to an isentropic efficiency of 0a8id the engine must supply the
remainder of the requirement. The efficiency of this proiegvaluated by calculating the net
amount of energy delivered by the IC engine (160 J + 85 J) plestrplus energy stored as
compressed air which was not available to be used for prigputiue to expansion capacity
IimitationsH of the external compressor, but could be used in future estparstrokes. This
figure is then divided by the energy input as fuel.

This modification results in a performance improvement standard operation, and it is
practical to implement as no modification to the valve systérthe engine is required. The
weakness of this modification is that the engine is still helito operate under compressed air
expansion mode, at a reduced torque output and subseqagudigr operating efficiency. For

this reason, using the engine to expand the compressedaisnisonsidered.

3.2.2 Using the engine to expand the compressed air

Compressed air will be used in place of conventional fuekenmértain operational conditions.
When these conditions are met, normal four stroke combugtiocesses will stop (ho more
fuel will be injected, and conventional valve operationlwtbp), and the engine will be used
to expand compressed air directly. This will be done throagleparate valve and pipe system
connected to a receiver containing the stored compressedsashown inFigure[3.1 The
conventional inlet valves would no longer operate as norrmcause air will no longer be
drawn into the cylinder from the atmosphere, but rathercteig directly into the cylinder from
a receiver as compressed air. The inlet valves would have widsed and then disengaged

during compressed air operation by modifying the way in Whitee camshaft actuates these

3The amount of energy available for later use(B25— 94) x 0.8, or the energy not used after storage, multiplied by thgeisa

efficiency.
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Table 3.1: Using an external compressor to load an IC engimé expand the compressed air to reduce the

work requirement on the engine at a later stage.

Modified Unmodified
Driver requirement 160 J 160 J
Energy storage
Amount of loading 94 J 0J
Amount of energy stored 225J 0J
Engine work requirement 160 +94J 160
IC engine efficiency 0.28 0.23
Energy consumed as fuel 775J 695 J
Energy usage
Energy supplement from ext. compy. 75J 0J
Engine work requirement 160-75J 160 J
IC engine efficiency 0.15 0.23
Energy consumed as fuel 584 J 695
Overall efficiency 16%35;7053;&2@94) B
=0.26 =0.23

valves - possibly by shifting the camshatft forward so thabitonger pushed on the valve stems.
Compressed air would have to be admitted through its owreveystem. The conventional
exhaust valves would also not be able to be used becauselthestxalve will have to operate
twice as oftenSectior 3.Rontains further details.

A four cylinder four stroke enginé [38] is the candidate egiype for retrofitting with the
compressed air maodification. This means that at any poiritrie, ttwo pistons will be moving
towards top dead center and two pistons will be moving tow/éattom dead center, as each
cylinder must perform one of the four strokes (intake - dowrdhstroke, compression - upward
stroke, expansion - downward stroke, exhaust - upwardestrdkis allows two cylinders to be
used to expand compressed air concurrently. Air can onlypareled on a downward stroke,
and four downward strokes will occur per revolution.

The essential structure of this modification is to conneehalkauxiliary compressor to the
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drive shaft on the engine, which will be responsible for coesping air into the receiver. When

receiver pressure is sufficient, the engine will be able tererompressed air mode (indicated

by Figure[3.11), where all four conventional strokes cease, and compesisas allowed to

enter cylinders currently at the beginning of an expansiorks. The charging of compressed
air into the receiver will also cease, as there is no longeremirio alter the torque requirement
of the engine through loading.

Driver requirements (inferred from the accelerator pedsitipn) will not be constant, and
may at times be larger than what the compressed air systermprodace. For these reasons,
an overall control philosophy must be defined in order to dwsiime undesirable operating
conditions. For instance, if the driver requirements ar¢eqelose to what the compressed air
system can supply (the dotted line labelled BFigure[3.2), the system will only supply the
maximum torque available. If driver requirements increeagen more and exceed this level
(the line labeled A), then compressed air usage will stop thedengine will again run on
conventional fuel. Atime dead band isimposed so that ifuengquirements drop suddenly, the
engine will not revert back to compressed air operationamtbe time dead band has expired
(i.e. the engine has been operating on conventional fuesdare time). This is to prevent

excessive switching of operation between the two systems.

3.3 Performance requirements if compressed air propels thengine

This augmentation system is intended for a typical motoiclelas a retrofit to improve per-
formance, and it should therefore be able to do (in part) wWieengine could do under normal
operation. Considering an engine that produces 70 kW at gi¥Q0one can determine that the

torque at this speed is:

70x 103
211x 100
— 1114 N.m (3.1)

Torque =

The maximum torque produced by the engine varies with ergpeed (se€&igure[3.3for an

example of a 4ZZ-FE Toyota engine), with peak torque produgpically just over halfway

4The external compressor is omitted from this drawing bezéusill not run while the engine is propelled by compressid a
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Inlet valves

Piston

Outlet valve Outlet valve

Figure 3.1: Schematic diagram of the envisaged compressadgnentation system.

between the maximum and minimum speed of the engine. Thati@riwith speed is not
excessive; in the diagram used as an example, engine taages from a minimum of 108l.m

to a maximum of 120N.m, and for the remainder of this section it is assumed that étend
engine torque of our sample engine is INON. It must be noted that this value of torque is
measured when the engine is completely unthrottled. Tl &bhount of work done by the

engine to produce 110 N.m of torque over one revolution isxX 2t = 691J.

torque= work per revolutior2mt (3.2)

Bearing in mind that this is a four stroke, four cylinder emagi two expansion strokes occur
for every revolution (when operating on conventional fuelhich means that 34% of work is

done per expansion stroke (this is the net amount of work)ddree pumping losses incurred
by the other cylinders have already been included withigure[3.3 where the torque is the
net torque output of the engine. Under the normal four stiolernal combustion mode of

operation, each cylinder performs one of the four strokegsses (either intake, compression,
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Torque requirement (inferred from
accelerator pedal position)

Time

Figure 3.2: lllustration of possible torque demands madtbylriver. Line A represents the torque require-
ment at which the engine will revert to conventional operatiLine B represents the maximum torque that
the augmented system can provide. Line C represents thenommiamount of torque that the augmented

system can provide.

expansion, exhaust), at any instant in time. The piston soevnward on the intake and
expansion strokes, and it moves upwards on the compresstbaxhaust strokes. This can be
used to advantage when expanding the compressed air, agltaaecs could work in parallel
to produce the required amount of work. For example, if theiry requirements at the time
are such that 110l.m of torque is required, each piston would have to do 3485 work per
expansion stroke (if using conventional fuel). Howeverysing compressed air two cylinders
can be combined to produce this amount of work, so each &fdinduld produce 178 J of
work. The benefit of this is that lower operational pressaresrequired for the compressed air
retrofit.

This value of work done per expansion stroke gives an inidicatf the kind of pressures
that would be required for this engine retrofit to operate.cdntrolled expansions must be
avoided as much as possible (to ensure that the combinedresseg air storage and usage
efficiency be as high as possible), which means that theymees$the air within the cylinder at
the end of an expansion stroke must be sufficiently high eméagvercome the back pressure
due to the exhaust pipe (saypbar gauge). The requirement that the air pressure in the cylinde
be approximately 1.5 bar at the end of the expansion setsakamam cylinder pressure at the

beginning of the expansion. The estimation of what this sares could be is done assuming
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Figure 3.3: Typical power-torque-speed curve of a Toyotd-FE engine([50].

that the compressed air is modelled as an ideal gas, and pa@sgn process is modelled as

an isentropic expansion process:

P2 = pl<%>y
4.407x 1074\ 14
1<W)

= 15x10° x 2511

= 37.66Dbar (3.3)

This figure is the start of the top curvekigure[3.4a. The amount of work done if air is allowed

to expand from this pressure to 1.5 bar can also be estimassdrfiing an isentropic expansion
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Figure 3.4: Propulsion by compressed air: maximum cylimtessure & proposed P-V diagram for the

cylinders expanding compressed air.

process):

work = M
1-y
~ (15x10°)(4.407x 10%) — (37.66 x 10°)(4.407x 107°)
N 1-1.4
= 24965J (3.4a)

work = p(Vy —V>)
=1.01x 10°(4.407x 10 ° —4.407x 104

= —40.05J (3.4b)

One must also take into account that the other side of therpisill be exposed to roughly at-
mospheric preSSLHeﬁSl], and this will decrease the net amount of work done orcthak shaft
by 40J, as shown byEquatior3.4b The result of the sum dquation3.4kandEquation 3.4b
indicates the operational range of the compressed airmayste

The fact that the engine (with its fixed geometry) is used tpaex the compressed air

poses a challenge because if air at an initial pressure hess37 bar is expanded, the air

5A PCV valve system is used to regulate crank case pressurbigh arank case pressure leads to oil leakage from seals and

gaskets. The pressure conscious valve (PCV) regulatesahk pressure by allowing air to flow into the inlet manifold.
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pressure will always drop to some value below atmosphesssure, which will result in an
energy wastage when the exhaust valve opens as air at atemmspressure would rush into
the cylinder.Figure[3.4a illustrates this point - only the curve with an initial psage of 37 bar
expands to approximately 1.5 bar. All other initial pregsuwill expand to some other value and
cause irreversibilities. The exhaust valve could be opevteeh cylinder air pressure equaled
atmospheric pressure in order to circumvent this wastageefgy. Another option is to lower
the operational pressures of the system, but allow comgulesis to flow from the receiver into
the cylinder for a longer duration (s€ggure[3.4). The cylinder pressure and compressed air
inlet duration would be carefully selected to ensure th#ihdgr pressures were still close to
atmospheric at the end of the expansion stroke. The distaty@iof lowering receiver pressure
is that the engine torque range that can be reached by theressep air system is reduced.

The advantages of lowering the receiver pressure are:

a. The pressure difference between the air in the cylinddreabeginning of the compressed
air injection and the pressure in the receiver would be lpwasulting in lower energy

wastage due to throttling.

b. A cheaper external compressor would be required. Theraiteompressor would need
to supply compressed air at a lower pressure, so its inteoraponents would not need

to be quite as robust.

c. Lower receiver pressure results in a lower receiver teatpee, and this improves the

capacity for heat transfer from the exhaust gases to occur.

d. Lower receiver pressure means that the receiver doesawuetth be built as strongly.

Looking atFigure[3.d, the expansion processes have a period where cylindesupees
constant with volume, and another where the cylinder pressbanges with volume. The
points at which the cylinder pressure begins to decreasthaigoints where the valve between
the receiver and the cylinder is closed (labelled x,y & z)eWWork done during this stroke is
given by Equation3.Boelow. The maximum and minimum work done per stroke was gafott
against receiver pressure (seigure[3.9, and it will be seen that the work done per stroke
increases rapidly up to a point (approximatelyddd), after which the curve begins to flatten

off. Maximum work done per stroke corresponds to 1-x-ZFayure[3.4, and minimum work

40



done per stroke corresponds to 1-5-2. This minimum amounbdf does not create a problem
for the driver who wants a very low torque output, becausedbkses incurred with expand-

ing compressed air are actually higher than this minimumuarhof work. SeeSectior 3.4]1

following.
work = pr(Vx — V1) + F)ZV%S:LVX —1.01x 105(Va —\V4) (3.5)

Where:

p1 = Receiver pressure

Vi = Cylinder volume at which the inlet of compressed air stops

V1 = Cylinder volume at top dead center

p2 = Cylinder pressure at bottom dead center

V, = Cylinder volume at bottom dead center

y = Specific heat ratio

The receiver temperature is also a function of receiverspires and a graph of receiver temper-
ature vs. receiver pressure has been generbigdré[3.69 based on the assumption that the air

can be modelled as an ideal gas, and that the compressiagsprisasentropicHquation 3.9:

Tt ps (v-1)/y
T (3.6)
Where:
T; = Final cylinder air temperature
T, = Initial cylinder air temperature
ps = Final cylinder air pressure
pi = Initial cylinder air pressure
y = Specific heat ratio

Figure[3.6shows that the relationship between receiver temperahg@i@ssure is roughly lin-
ear, but a lower receiver pressure results in lower recédmperature and allows for improved
heat transfer between the exhaust gases and the air withiedteiver. Heat transfer will take
place between a heat exchanger (through which exhaust gédk#lew), and the air in the re-
ceiver because the heat exchanger is located in the rec&ivsrheat exchanger is considered
in Sectior 4.
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Figure 3.5: Propulsion by compressed air: variation of wawke per stroke vs. receiver pressure.

3.4 Varying torque generation when compressed air propeldie engine

A mechanism must be implemented to control how much torqpedduced. Referring back

to Figure[3.d, there are three dotted expansion lines beginning atpaing and z. Each of

these points corresponds to a cylinder volume at which thee\getween the compressed air
receiver and the cylinder is closed, and the expansion psdben begins. Cylinder air pressure
will reach atmospheric pressure before the end of the eiqrastroke, so the exhaust valve of
the cylinder must be opened in order to prevent the cylindawithg a vacuum and absorbing
energy from the crank shaft unnecessarily. The point at lwthe inlet valve closes can be

calculated fronEquation3.¥

_required work per stroke (1—K) 4+ p1Vi(1—K) — p\o
= e,
Mass will flow out of the receiver during compressed air usagereasing both the pressure

Vi

(3.7)

and temperature of the air in the receiver. The decreaseesspre will have an effect on
the maximum torque that the engine can provide when beingefleml by compressed air, as

indicated inFigure[3.5
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Figure 3.6: Propulsion by compressed air: variation ofik@rd¢emperature vs. receiver pressure.

3.4.1 lIrreversibility due to inlet of compressed air into the cylinder

Energy wastage due to uncontrolled expansion will be larbenaair at receiver pressure is
allowed to flow into the cylinder at atmospheric pressureisTdss will be minimised if the
inlet pressure is reduced, thereby reducing the presstiezatice across the inlet valve. The
amount of irreversibility can be determined considerirgj the throttling across this valve is an
isenthalpic process, and work lost due to throttling candleutated fromEquation 2.28 The
compressed air has been modelled as an ideal gas, so theatunpeloes not change across
the expansion valve [52, pg 145] i.e. the Joule-Thomsonfficient has been assumed to be
zero.

The air pressure within the cylinder will rise as the air entbe cylinder, resulting in a time
varying pressure across the inlet valve. This can be caémilasing the model described in
Sectior 2. /the equations of which are summarised in the equation etdw), with cylinder
volume fixed and heat transfer into or out of the cylinder rgao Mass flow rate through the

valve is given byEquation 2.10
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Once through the valve, the air will mix with air already irethylinder. The temperature of
this air is determined by assuming that the air is modelledragleal gas initially at 1000 K
and was expanded from a volume of@Acn? to 44Q7 cn, resulting in a final temperatt@e
of 400K. In reality this final temperature may be considerably loggeeSectior 4.2J7 heat
transfer from the exhaust gases does not occur fast enouglséothe receiver temperature to
1000 K, even though exhaust gas temperature is near this)yahd therefore the irreversibility
due to mixing of gases at different temperatures will be thas the amount calculated here.
This calculation gives the worst case scenario.

The irreversibility due to mixing gas at different temperas is given byEquation 2.26 A
plot has been generated of work lost due to irreversibititywarious values of receiver pressure,
and is shown irFigure[3.7 If a cylinder pressure of 1Bar is selected (se&ectior 4.3 4or
details), 202] of work would be done per expansion stroke with no irrevdlisés present,
9.3 J of energy will be wasted due to the irreversibilities of tiling and mixing gases at
different temperatures; 2bof energy will be lost due to friction (calculated accordiagthe
model described i®ectior 2.4]lwhere maximum cylinder pressure is specified at 12 bar, and
engine speed is 1000 RPM), 19.1 J will be lost because airpgarsled to 1.5 bar and not to

atmospheric pressure, and 188 of work is done during this stroke - resulting in a stroke

1-14
6T _ [V _ 04 _
F=(%) " =1000x 1004 398K
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efficiency of 537%.

work = work done at particular receiver pressure
—work done by piston against the atmosphere
—work lost due to friction
—work lost due to throttling
—work lost due to uncontrolled expansion

= 202-40-25-9.3-191

_ 1086
(3.8)

1086

= 20
_ 537% (3.9)

Receiver pressure vs work lost
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Figure 3.7: Propulsion by compressed air: variation of wisebrk lost due to irreversibility (specifically

irreversibility due to throttling and the mixing of air affidirent temperatures) vs. receiver pressure.
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3.5 Using compressed air in conjunction with fuel

This section gives an overview of the investigation intangstcompressed air in conjunction
with conventional fuel. Compressed air could be injecte@dly into the cylinder at some
point during a combustion cycle, in much the same way as $jimimhas done [12]. The
question of when the compressed air should be injected nim@sarit can be done prior to,
during, or after the combustion process. If the compresseédj@ction is done prior to ignition,
the ensuing combustion will be very lean (i.e. the air-faia will be greater than 1). This has
both positive and negative ramifications: combustion efficy is improved and heat transfer
loss is decreased, but flame speed is reduced [53] and nitadde (NO) emissions increase
[54]. Fuel-air mixture of a sufficient richness must surrddihe spark plug to ensure ignition,
which may place limitations on injecting the compressedpéir to combustion, as such an
injection may make the fuel air mixture too lean for ignitiorhis approach is possible, but the
added control complexity eliminates this option as a paéntfeasible retrofit candidate. It
may be possible to inject compressed air into the cylindeindithe combustion, although the
complex relationship sure to exist between the compressedhae and the flame front would
best be investigated experimentally as opposed to matieiigtas the differential equation
model developed for the analysis of cylinder states may rmtige an accurate description of
the procegs Additionally, combustion must not be arrested by the iigecof compressed
air, although this is unlikely as the auto ignition temperatof petrol is 248C [55], and the
temperature of the air within the cylinder (after compresag injection) is predicted to be
still greater than the auto ignition temperature of the mmgt as shown b¥rigure[3.8 which
was generated using the Otto cycle model frdattiori Z.But with compressed air allowed to
enter the cylinder 0.23 rad after combustion had been iediaThe remaining alternative is to
inject the compressed air into the cylinder after or durtmgfinal stages of combustion so as to
supplement the amount of fuel injected into the cylinderqyete.

Compressed air injection will also reduce the exhaust gapdeatures which may decrease

the potential for efficiency improvements through regeti@na Exhaust gas pressure will be

7A finite element or multidimensional burn model approachrisbably required for meaningful analysis here. Combusison
modelled with a Weibe function in this work, which is emp#iin nature - based on measurements of an actual combustioess

[33, pg 145].
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higher than in standard operation, causing more irrevditgidue to uncontrolled expansion
during the exhaust stroke. This can be seefigure[3.9where final cylinder gas temperatures
of the system with compressed air injection are lower thasehof the standard cycle, and
cylinder gas pressures are higher than those of the stangeled Irreversibility due to mixing

of gases at different temperatures would increase.

2500
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[6)] o
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Figure 3.8:The effect on cylinder gas temperature with compressechgction. Cylinder gas temperature

drops when compressed air is injected, but not to a levelddlaan the auto ignition temperature of the fuel

air mixture.

The mixture of oxygen rich air with hot exhaust gases may hkge an impact on the
amount of emissions produced by the engine, as unreacted &Qhmn react with the £to
form CO,. This would need to be verified with an emissions analyserdithahally, inject-
ing compressed air into the cylinder post-combustion witkease the amount of free oxygen
present in the exhaust gases, resulting in less NO gasesfieginced into Mand G by a typ-
ical gasoline type catalytic convertér [56]. A NO absorbmnimonly used for diesel engine
emission control due to the characteristically lean of@natf such engines) may be required
in order to meet emission regulations.

Using the compressed air in conjunction with conventiongl fvas investigated by per-
forming simulations in which the differential equation net&l of the Otto cycle derived in the

previous chapter were modified, so that compressed air edad into the cylinder towards
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Figure 3.9:P-V and T-V diagrams for a standard Otto cycle and an Ottoeeydith compressed air injection.
The injection pressure and temperature d@bar and 600 K respectively, and the injection duration is

1/15rad. The model used to analyse the compressed air systemsisrged in Sectidn 2.5.

the end of the combustion process and used to genEigiee [3.8and Figure[3.2@ The re-
sults of these simulations show an improvement in operatiefficiency over a standard cycle,
but the receiver pressures required were very large (strontashow a range from 4Bar -

75 bar, depending on the current load requirement of the engine thiorequired amount of
compressed air to be forced into the cylinder in the timelalibg), and so a very powerful ex-
ternal compressor would be required to generate the rejpmessures. An additional negative
factor was that the differential equation models were nohm@hensive enough to simulate
the interaction between combustion flame fronts and the cesspd air - thereby affecting the
combustion process without fully simulating the effectsrdof. So this is definitely not recom-
mended as a retrofit option, but simulations of compresseigjaction into the cylinder were
done, and the results are presentedable[3.2- where the amount of compressed air injected
during the combustion process is varied for a particulasttler setting (in this case yielding
an inlet manifold pressure of®b bar). The engine is still loaded with an external compressor
which supplies air to the receiver. Air is compressed adiedléy assuming an isentropic effi-
ciency of 0.80, resulting in a work input per kg of compresagaf 690 kJ/kg.

Note - air temperature if compressed isentropically fromaspheric conditions to 40 bar is
859 K.
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compression work = h(859) — h(300)
= (887.23—30019)/0.80

— 6906 kJ/kg (3.10)

The overall engine efficiency must be found iteratively a&sdhergy source of the external air
compressor is the engine itself; the overall efficiency sdu determine the equivalent fuel
cost (input heat cost) of compressing a certain quantityroAssample efficiency calculation is
shown inEquation 3.1llbelow, on the bases of 80% of the work input to the compressioigb
used to create the pressure rise. The amount of energy aoldleel $ystem as compressed air
is determined by multiplying the mass of air injected by th@kvinput of the compressed air
(Equation 3. Iabove).

work out put
energy input
work out put to drive shaft n¢(work extracted by compressor

— : : . (3.11)
heat input+ air energy inpuf Nengine

Nengine =

For the calculation below, the value are the final ones obthby iteration, causing both sides

of the equation to balance.

air energy input = 1.5x 107% x 690x 10°

— 103
(269—183)+ 0.8 x 183
746+ 103/0.1734
— 17.34% (3.12)

As seen fromTable[3.2 injecting compressed air into the cylinder directly résuh a very
limited efficiency advantage for the torque output rangeciwhvill be useful to the driver. The
results are good for a very low output range (less than 50 Stpeke) but this is not very useful
to the driver. This is a complex modification with high cormgsed air pressures, and will not

be considered as a candidate retrofit option for this project
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Table 3.2: Simulation summary - compressed air injected into the dglirduring combustion. The work
input of compressing air from atmospheric conditions toereer pressure i$90 kJ/kg. The engine is
loaded by the amount df83J per stroke to produce compressed aid@tbar. Net heat input i§464 J.

This table was generated using the modified dynamic Otte eyoldel.

Air injection duration (rad) /125 1/15 m/175 1/20 1/25 T11/30
Irreversibility due to :

Gas transfer (exhaust)(J) 153.6 147.56 144.24 142.18 139.86 131.5
Heat transfer (J) 43.8 43.89 4432 4469 4525 450
Throttling (J) 21.27 16.7 14.14 1258 10.86 9.3
Mixing (J) 3448 258 19.76 1541 9.94 7.6
Combustion (J) 1014 1014 1014 1014 1014 1014
Gross work done (J) 304.0 269.8 2476 2324 214 203.0
Net work done (J) 121 86.8 64.6 49.4 31 20
Injected air mass (kg 10%) 2.1 15 11 0.82 051 04
Overall efficiency (%) 16.72 17.34 18.69 19.0 19.32 18.7
Unmodified engine efficiency (%) 19.6 158 12.92 10.6 7.3 5
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4 Enhanced compressed air system with heat recovery from ex-

haust gases

4.1 Overview

An external reciprocating compressor will be used to storapgressed air into a receiver, be-
cause the pressure ratio of the compressor will vary wittsthte of the receiver, and therefore
the point at which the outlet valve must open will change.sTdan be overcome by using the
type of reed valve commonly found in small refrigeration guessors. The reed valve opens
automatically once the pressure within the cylinder is gmethan the pressure in the receiver
[57, pg 141]. The engine drive shaft and compressor mustlasable to be disconnected
(through an electrical clutch mechanism similar to thosedu®r car air conditioners) when
driver torque requirements are high and loading is not rekedéhe throttling of the engine
would also have to be automatically controlled such thattigine is automatically unthrottled
when it is loaded with the external compressBigure[4.1shows a schematic diagram of the
system.

The efficiency of compressed air usage is low (53.7% as shotheiprevious chapter), and
the use of heat from the exhaust gas is investigated as a wieypaodving the overall process
efficiency. The exhaust gases present a source of "freeggnieithe sense that under normal
conditions exhaust gases are not used by the engine (ifdmirg) a normally aspirated engine,
as in this research report). It is envisaged that heat frenexhaust gases would be transferred
into the receiver, thereby increasing the temperatureepéththerein, and ultimately the useful
work output of the system. As an illustration, consider hemisfer to an ideal gas stored in a
receiver (of constant volume) initially at 9 bar and 562 Kglsthat the final temperature of the

receiver is 800 K:

P2 = P1X =

= 128bar 4.1
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Assuming a constant pressure expansion from the receigethia cylinder:

work = p(Vi—Vs)
work; = 9x10°(4.407x 107° —4.407x 10%) (without heat recovery
— -3563J (4.2)
work, = 128x10°(4.407x 10 °—4.407x10°%4) (with heat recovery

— -5076J (4.3)

The above illustration shows that the potential for workrirthe receiver is far larger because
the receiver pressure is higher, so overall process eféigiean be improved using heat from
the exhaust that would otherwise be wasted. The heat exehaugld be placed in the receiver
to maximise the time available for heat transfer to takegalac

A model was created to simulate how the system will be aftebiecertain system param-
eters. This model is created assuming that air is an ideabgdsall compression processes are
isentropic, and therefore serves to demonstrate the peafare of the system. The model does
allow for the effects on process efficiency of a number of@ysparameters to be observed,

including:
e Exhaust gas temperature and mass flow rate
e Heat exchanger area
e External compressor size
e Receiver size
e Gear ratio between the external compressor and the engine

This chapter describes how the model was created, how lemtfér from the exhaust gas is
expected to occur, and how effectively the energy storagiesymitigates the losses incurred

when using compressed air to propel the engine.

4.1.1 Required performance improvement

An indication of the performance required by the improvetmanst be explored in order to
specify a design of the heat exchanger and external congpreBse maodification will have a

certain outlay cost but would yield an efficiency improvemétis assumed that the vehicle will
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Figure 4.1: Energy storage schematic overview.

be driven between 1500 - 2500 km per month, the fuel pricekisntéo beR 101 and the fuel
consumption of the unmodified engine is taken to bé1TDkm. This data is used to calculate
how much money would be saved over a year for a range of modtiling distances, and
this has been summarisedhrigure[4.2 The feasibility of this modification ultimately depends
on the cost of the retrofit and the envisaged life span of theclee but for the purposes of
this investigation it is assumed that an efficiency improgatof 10% is required for economic

feasibility.

4.2 Heat exchange from the exhaust gases to the compressed ai
4.2.1 Overview

Heat from the exhaust gases will be used to make up for theensibilities incurred when
expanding the compressed air, however this heat transfst take place between the exhaust
gases and the compressed air, and therefore requires tlo# adeeat exchanger. Heat must
be transferred into the compressed air of the receiver to @aiincrease in process efficiency
(through the increase in receiver pressure). The enginbdwes designed with a specific back
pressure from the exhaust system in mind, and the heat eyehamust not affect this ex-

cessively. Fouling will also build up along the exhaust piper time, which will affect the

53



Annual saving (R)

6500

6000

5500

5000

4500

4000

3500

3000

2500

2000

1600 1800 2000 2200 2400
Monthly distance (km)

Figure 4.2: Annual saving due to efficiency improvement.
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effectiveness of the heat exchanger as well.

4.2.2 Heat exchanger design

In deciding on which type of heat exchanger would best sust #pplication, a number of

possible exchanger options were investigated. Thesedad§, pg 13]:

e Double-pipe heat exchanger - which is made up of two conicepippes, where one fluid
flows through a center pipe and the other flows through thelanspace between the
pipes.

e Shell and tube heat exchanger - which is made up of a bundlabelstmounted in a
cylindrical shell. One fluid flows in the tubes and the otheidflilows over the tubes,

within the shell.

e Plate type heat exchanger - which consists of a number dfeslgulates between which

the hot fluid and cold fluid flow.

It was decided that the heat exchanger should be placed&s sdth the exhaust pipe and have
minimum frictional resistance so as to affect the systenitides &s possible. For this reason it
was decided that the heat exchanger be a pipe with an extendiade area (achieved by adding
fins to the pipe). As stated earlier, the heat exchanger wiplhced in the receiver, and the air
inlet from the external compressor will be directed such fineed convection takes place over
a portion of the surface of the heat exchanger. Heat tranganatural convection will occur
from the remainder of the heat exchanger surface, and thialleiv heat exchange to take place
even when no compressed air is flowing into the receikFayure[4.3is a conceptualisation of
the heat exchanger.

The rate at which heat transfer can occur into the receivenast also be considered. There
are four components which act to inhibit heat transfer, aesgntation of which is shown in
Figure[4.4 R, is the resistance to heat transfer between the exhaust ddlseaheat exchanger,
R, is the resistance between the heat exchanger surface amdr tivéhin the receiver with
forced convection preserR; is the resistance between the heat exchanger surface aatt the
within the receiver with only natural convection presemd &, is the resistance due to the

metal of the pipe - and is omitted from this analysis sincedsistance to heat transfer is much
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Figure 4.3: Heat exchanger - conceptual drawing

lower than the other resistances. The derivation of eacheasfd resistances to heat transfer is
presented in Sectiohs 4.P.3to0 412.5 below.

Each source of resistance to heat transfer is a complexidunot variables, all of which
change with the operating state of the system. For exantmehdat transfer coefficient be-
tween the exhaust gases and the heat exchanger increabeseagine speed increases due to
increased mass flow and turbulence in the exhaust pipe; taeesfeér from the surface of the
heat exchanger due to forced convection decreases as theaflowf air over the surface de-
creases, yet heat transfer due to both forced and natura¢ciion increases as the pressure in
the receiver increases.

Exhaust gases will have to be diverted around the heat egehavhen compressed air is
used to power the engine, otherwise heat transfer from ttever into the exhaust gases will
occur, and process efficiency will decrease.

Heat transfer into the air within the receiver is dependenthe overall heat transfer coeffi-
cient (), the surface area of the heat exchanger which is in conti#lttie air in the receiver,
and the log mean temperature difference (LMTBguation[4.% between the temperature of
the exhaust gases and the temperature of the air in the eecéhle heat exchanger is mounted
in the receiver, so there is no cold receiver intgl &nd hot receiver outlety), rather just a re-

ceiver air temperatt@a(trec) when evaluating the LMTD between the exhaust gas and mceiv

8Receiver air temperature will not be uniform, but has besumed so to simplify modelling complexity.
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T receiver

R3 — natural convection R2 —forced convection

R4 — resistance due to metal of the pipe

R1 — exhaust gas heat exchanger

T exhaust

Figure 4.4: Heat transfer analogy - each resistor repregespurce of resistance to heat transfer.

air.
Q=UxAxLMTD (4.4)
Where:
imtp = (1 _tz)T__(th 1)
Infi
2—
_ (Tl - trec)Ttt(TZ - trec) (4.5)
=
And:
A = Area of the heat exchanger in contact with the air in theivecgn?)
T = Exhaust stream inlet temperatuke) (
T, = Exhaust stream outlet temperatukg (
t1 = Cold stream inlet temperaturk
to = Cold stream outlet temperatur€)(
trec = Temperature of the air in the receivé)(
LMTD = Log meantemperature differend€)(
U = Overall heat transfer coefficient(/m?K)
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Figure 4.5: Exhaust gas temperature and cylinder air mass during an esthatroke. The sharp fall in
exhaust gas temperatures is due to the rapid decompreddiom eylinder during the blow-down phase of
the exhaust stroke, also seen by the rapid decrease in eylmass i 5(B). The simulation was done for
the engine described iBection 2.5 but with an inlet pressure of.® bar (typical driving requirement) -

producing approximately 78.m of torque (gross).

4.2.3 Heat transfer coefficient for turbulent flow through the exhaust pipe (R1)

The descriptions of turbulence froRoust et g59, pg 152] are based on turbulence that is fully
developed - occurring where there is no further change iwvétacity pattern of the fluid with
the progression of the fluid. Exhaust gas flow will be pulsage(tb four cylinders exhausting
gas sequentially), and simulation results fr&ectio 2Hreproduced abigure[4.5 show that
mass flow during each stroke will also not be constant (dudné¢obtow down and cylinder
pumping phases of the exhaust stroke) but an averaged vaduextiaust gas mass flow is
assumed. The mass flow rate is estimated based on the currdansity in the cylinder, the
displacement of the cylinder, and the time it will take foe ttylinder to displace all the gas
inside of it (this is related to the engine speed - 1/RPM giesperiod in minutes for two

strokes, one "up” stroke and one "down” stroke).
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At
where:
Am = p(Vi—Vi) (massof air charged per stroke
A = BWO (period in seconds for one stroke (4.6)

The model used to describe how much heat is transferred fnenexhaust gas is described
below. It is based on theory presentedsust et al[59, pg 168] andncropera et al[60, pg
354]. The convective heat transfer coefficient for turbtfésw in circular tubes is dependent
on the Reynolds number and the Prandtl number (characigtisé dependence of heat transfer
on the fluid properties). This value of the heat transferfatient is taken for the case where
cooling of the fluid is occurring (heating of the fluid is mdeel using a different exponent for

the Prandtl number).

A
h = 0.023=(Nge)®8(Np)"3

d
_ 0.023% (Umfp)o'g(%) > (4.7)
Where:
d = Diameter of the exhaust pipenf
Uun = Mean free stream velocityr(/s)
h = Heattransfer coefficient from exhaust gases to the hehbexer surface/(/n?.K)
A = Thermal conductivity of the exhaust g&¥ (K.m)
U = Viscosity of the exhaust gasl(s/nv)
Cp = Specific heat of the exhaust g&d(kg.K)

4.2.4 Heat transfer coefficient for forced convection over éat exchanger area (R2)

Heat transfer due to forced convection will occur where tinasadirected over the heat ex-

changer surface. This is not expected to occur over theeestirface - rather just a portion
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of it. The size of this portion is dependent on how the congeédsir inlet into the receiver

is designed - one could flare this inlet more to allow the aipass over more segments, but

this in turn will decrease the velocity (because there vagillvibe more space through which the

same amount of air will flow) and lower the heat transfer cofit due to forced convection,

ultimately yielding a heat transfer coefficient comparabléhat of natural convection.

Equation 4.8elow is valid for a Reynolds number less thar 50° and a Prandtl number

greater than ® [61]. Air is directed along the length of the heat exchargieface, and no

attempt has been made to analyse how the air flow will rise@®egresses along the length of

the heat exchanger surface, as it has been assumed that ik miove much faster along the

surface of the heat exchanger than it will rise from the serfaf the heat exchanger.

NRe

Npr

=

(4.8)
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4.2.5 Heat transfer coefficient for natural convection (R3)

By placing the heat exchanger inside the receiver, heasfeamwill also take place when no
forced convection occurs. In this case, there are many agjdins (much like a heat sink for a
microchip), and so the standard relationships for heastesirdue to natural convection cannot
be used. Heat transfer relationships due to natural cdowespecific to heat sinks have been

used [62] 63, 64, 65].

L
R, — pgﬁﬁﬁﬁAT 4.9)
Where:
b = Gap between finaf)
R, = Rayleigh number
B = Volumetric coefficient of thermal expansiok (m®)
AT = Temperature difference from surface to &) (
L = Length of fin in vertical flow directionr()

4.2.6 Heat transfer solution algorithm

In the elementary design of the heat exchanger, the outi@paeature has to be solved for

iteratively, which is done according to the following alom:

1. Guess a value for the outlet temperature of the exhaudrgasthe heat exchanger. In

this case the initial guess was made accordingpte: trec + Tl’zt'eC, because it is known

that the outlet temperature must lie somewhere betweerxttaust gas inlet temperature

and the receiver temperature.
2. Calculate th& A andLMT D and hence the amount of heat transferred.

3. A new value for the outlet enthalpfd) and hence temperature is then calculated, based

on the known mass flow rate, inlet enthalpy, and previoudigutated heat transfer value
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usingEquation 4.1D _
_ —Q+hiriy
m

4. Steps 1. to 3. are repeated ufiilconverges, which is reached when the valu&dfom

he (4.10)

the previous iteration differs from the value Bfby a small margin, i.€Togq — T < 0.1

At times it was found that the solution became unstable (iitkvbase the outlet temperatures
from the heat exchanger never converge). This was foundajpdmawhen the algorithm guessed
a heat exchanger outlet temperature which was less thaartipetature of the air in the receiver
- which is impossible. In order to prevent such instabilibe process would be repeated (from
step 1 above), but now step 3 was changed as folldws: T, — @ This has the effect of
slowing down the rate of the convergence of the algorithnd, eiminated solution instability.
Sample calculations for each of the three types of heatfeahave been included in Appendix
[Cl.

4.2.7 Performance improvement due to heat transfer

Heat transfer into the receiver has the effect of raisingéhgperature and pressure of this air,
thereby reducing the amount of work that the external cosgmeis required to do in order to

raise the pressure of the receiver to the maximum level. oReence of this process can be
quantified by comparing the amount of work required to raemeiver pressure by a certain
amount when no heat is transferred into the system (i.e. matheat exchanger), to the case
where heat is transferred into the system. This comparissults in a factor which gives an

indication of how effective the system will be. For examptajo heat is transferred into the

receiver 64 kJ of work would have to be done to raise the pressure of a raciiam 6 bar

to 12 bar. If heat is transferred into the receiver,.8&J of work is required to increase the

receiver pressure fromiar to 12bar, and the performance of the system can be quantified as:

erformance factor — Work done without heat transfer (4.11)
P a Work done with heat transfer '

6938
5889
= 118
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To put this figure into perspective, if 1of energy were to be released from the receiver,
84 J would have actually have been expended by the external emsqr, and 2@ would
be "recovered energy” which would mitigate some of the othewersibilities incurred while
using the compressed air to propel the engine. For examf@0i§ were to be released using
a compressor with an isentropic efficiency of 50 %, then therall efficiency of the process

(from energy storage to energy usage) would be:

ne = performance factok Nysage (4.12)
= 118x05

= 59%
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4.3 Energy storage system description
4.3.1 External compressor specification

As mentioned above, loading is achieved using an externapoessor. ldeally the engine
would be loaded by the difference between what is requirethéylriver and the output torque
at which the engine operates most efficiently. This extecoahpressor has to fit inside the
engine bay so that it can be driven off the engine drive shaft,so space limitations exist. The
aim was to specify a compressor roughly similar in size toraagaconditioning system com-

pressor, or alternator - so an estimate for a practical dimenvas taken to be approximately
10-15 cm long, 10-15 cm high, and 5-10 cm wide.

The external compressor must be designed to compress damasgheric pressure up to
receiver pressure, at which point the valve between thewacand external compressor will
open, and compressed air will flow into the receiver. Thencidr volume at the end of the
compression stroke will be approximately zero, and at thistgan inlet valve will open and air
at atmospheric pressure will be drawn in. An example of systoeess is shown iRigure[4.6

and the work required by this process is giverBmuation 4.18

1/
Vb — PinV,
_|_prec b — BinVi

work = preC(Vf—Vb) 1 (4-13)
-Y
The initial compressor volume can be calculated fiequation 4.14
Vi = (TxM)/(Pec(—1/X)+ (Prec/X —Pin)/(1-Y)) (4.14)
Where:
Prec %
X = i
(%)
Using:
% = Specific heat ratio
Pec = Receiver pressure
Pn = Inlet pressure
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Figure 4.7: External compressor size specification.

It is also desired that the loading of the engine be as conatmpossible. If using a re-
ciprocating compressor, work input is only required forfhal a revolution of the external
compressor; this being on the upward stroke - the downwaokestdraws fresh air into the
cylinder chamber for compression. For this reason, thermateompressor should comprise
of two cylinders, with the pistons out of phase by 18 the shaft driving the compressor, so
that one cylinder will require some work input from the ergyat all times - thereby providing

a more constant source of load for the engine.

4.3.2 Maodel description

The performance of the energy storage system is a functiagheofmount of work done on
the air in the receiver, and the amount of heat transferreditinwhich are functions of many
different system parameters. The objective of develogiegniodel was to allow the effect of

certain parameters on the energy storage system to beigatest Such parameters include:
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Exhaust gas temperature and mass flow rate

Heat exchanger area

External compressor size

Receiver size

Gear ratio between the external compressor and the engine

Engine speed
This allows estimation of the key measures of performandaegystem including:

e Heat transfer into the receiver

Exhaust gas temperatures after passing through the hdwreger

Total work done on the receiver

Mass added to the receiver

Number of compression strokes required to fill the receiver

Final receiver temperature

Maximum receiver pressure
e Heat exchanger area

Some of these factors are predetermined and are out of thedbaif control by the intended
modification, yet their impact on system performance i¢ sefilinterest. Examples of such

factors are:
e Exhaust gas temperature and pressure
e Compressed air inlet temperature and pressure

Each stroke of the compressor must raise the pressure dfaimaspheric pressure to receiver
pressure (denoted a-b Figure[4.6), and then push it into the receiver (denoted b-dig-
ure[4.9. The work required to perform this action is dependent @nréiteiver pressure, and
is given byEquation 4. IHelow. The equation is idealised for the purpose of simplifin, as
receiver volume is not taken into account when calculativegwork required per compression

stroke. In reality, receiver pressure will not be constahilevair is forced into it, but if the re-
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ceiver volume is assumed to be much larger than the cylimﬂam@, then this rise in pressure
is small, in which cas&quation 4. 1Fprovides a good approximation for the work required.
The temperature of the air in the cylinder at point b is estdtidby assuming that the gas
is ideal, compression is adiabatic, and is determine&dpyation[4.16 The volume at which
the pressure of the air in the cylinder reaches the presduteair in the receiver is deter-
mined usingequation[4. 1V The density of the air in the cylinder is given according=tqua-
tion[4.18 The amount of mass added to the receiver per compressake s calculated using
Equation[4.1D The final receiver temperature after a compression stekalculated using
Equation4.2D The equations listed in the above paragraph are used bygeapngOctave) to

simulate compression into the receiver.

9f the receiver is at a pressure of 6 bar, then the amount o mdded to the receiver per stroke fepr(Vepre —Vepr) =
EI0 (22104 -2.2x 10°5) =8.27x 104 kg. If the receiver has a volume ofm? (and an initial mass of.29kg), resulting

8314
3597900

in a new pressure of 616 bar.
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Where:
Va

Vo

Pa
Pb
Ta

Pb
Am

mreg
Ui

Us

Pin
AQ

work =

Vp, =

P =

Am =

pb(Vb - Vc) +

w2
Va

1
P\ Y

ﬁ)

RT,

Pp(Vb — V)

hin x Am+AQ+ uim x reg

PaVa — PoVb

1-y

Am+ mreg

Cylinder volume at bottom dead centerj

(4.15)

(4.16)

(4.17)

(4.18)

(4.19)

(4.20)

Cylinder volume at which cylinder pressure equals recgivessurert®)

Cylinder volume at top dead centeny)

Atmospheric pressurdér)

Pressure of the air within the receivéiaf)

Atmospheric temperatur&

Temperature after compression (to receiver pressire) (
Density of the air in the cylinder once at receiver presgkigénm)

Mass of air added to the receiver per compression stike (

Initial mass of the receivek()

Initial specific internal energy of the receivéw(kg)

Final specific internal energy of the receiviked (kg)

Enthalpy at the inlet to the receivekJ/kg)

Heat transfer into the receivet)

Specific heat ratio
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4.3.3 System parameters for the compressed air storage mdde

A number of the parameters which affect the performance eftldification will vary with
the requirements of the driver at the time, and thereforeagesvalues over the expected range
have been used for the simulation. Exhaust gas temperatar@mnction of a number of factors,
namely throttle position and engine speed, and simulafioms the engine model presented in
Sectior 2Z.how exhaust gas temperature to vary betweenk98 300K, so this is assumed
to be 1100K. The mass flow rate of the exhaust gas depends on the engied apd the
pressure in the cylinder when the exhaust valve opens. Thielnstiows that this pressure
ranges from between-35 bar for a range of operating condition, and is assumed to bar4
for this simulation. The engine speed is selected to be RIOMI, because it is envisaged that
the modification will be most feasible under low torque angdiea speed requirements. Air will
enter the external compressor at a pressure and tempephtufd bar and 300K respectively.

A sample calculation for this model has been included in AgipeDl.

4.3.4 Results obtained from the compressed air storage made

4.3.4.1 Heat exchanger area parametersTwo components of the size of the heat ex-
changer play a dominant role: referring backtgure[4.4 R1 and R2//R3 are the resistance to
heat transfer between exhaust gas and the heat exchangeahddhe heat exchanger surface
and the air within the receiver respectively. R1 is dependarthe length of the exhaust gas
pipe through the heat exchanger, and can be increased @agiicg the number of 180 degree
bends through it. R2//R3 is dependent on the surface arée didat exchanger in contact with
the air in the receiver, namely the number of fins of the heehh@xger. A simulation for a range
of these parameters was completed - from 1-9 passes of taegpipe, and for each of these
permutations, 1-50 fins. The simulation shows that the amofiheat transferred increases
with increasing surface area, but does so in a diminishingnaaFigure[4.9. The number of
passes is selected to be five, and the number of fins is setedbedforty for this reason.

The limiting factors for this design decision are the baakspure exerted by the pipe bends
onto the engine, and whether the heat exchanger will fit inéoréceiver. The effects of the
back pressure could be mitigated by removing the silenggrically, the back pressure in the

exhaust pipe is about3 bar - and so the back pressure due to the heat exchanger should not
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Figure 4.8: Heat transfer into the receiver while compreg$iom an initial pressure of 6 bar to a final

pressure of 12 bar as a function of heat exchanger size.

exceed this value. Assuming that the pressure drop thrdwgghdat exchanger will be mainly

dependent on the number of 180 degree bends of the exhaesttipgopressure drop can be

evaluated as follows [66]:

Ap, = 0.5KpV?2 (4.21)
Where:
pp = Pressure drop due to the bemmh)
K = Bend constant associated with the type of ben@)(1
p = Gas densityKg/m®)

= Gas velocity (n/s)

Calculations show that each bend and each length of pipecwiiltribute about 448 pa

and 168 pa towards the total pressure drop respectively. Migroration of five passes will
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contribute 4x 448+ 5 x 168 = 2632 paof pressure loss, which should not negatively affect the

performance of the engine, and a silencer could still be.used

4.3.4.2 Effects of definable parameters on system performan:

1. Increasing the gear ratio between the engine drive shdfeaternal compressor will al-
low the external compressor to load the engine more, butlitigo cause the compressor
to rotate faster. This results in a larger mass flow rate tiitdhe compressor and im-
proves the heat transfer coefficient between the incomingrad heat exchanger surface.
However, it also means that the air is moving much faster tweheat exchanger, and

there is less time available for heat transfer to take place.

2. A larger compressor swept volume will allow the exterr@ahpressor to load the engine
more effectively, but it also means that the mass flow ratesscthe heat exchanger will

be greater, resulting in less time for heat transfer to td&eep as in point 1 above.

3. Increasing maximum receiver pressure will allow the rado be loaded more effectively,
but the temperature of the compressed air flowing acrossehedxchanger will also be

greater, and allow less opportunity for heat transfer.

A range of maximum receiver pressures were simulated fongeraf external compressor
swept volumes, and these results are showRigure[4.9 at a gear ratio of 1:1 between the
engine and external compressor. The trend observed iswhpetformance factor will decrease
as the swept volume and maximum receiver pressure incraaddor this reason a maximum
receiver pressure of 12 bar will be selected. Note: the minimeceiver pressure is limited to
6 bar, as byEquation4.1Bthe loading capacity at a lower pressure and for the swdptne
selected irBectior 4.3 below would not load the engine sufficiently.

The effect of the gear ratio between the external compremsbrengine was then investi-
gated, the results of which are showrFigure[4.10 with increases in the gear ratio resulting in
a degradation in performance factor. Both the gear rativédxenh the external compressor and
the engine, and the swept volume of the external compressogdase the amount of loading

that the compressor can exert on the engine.
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3.8

Performance Factor vs Compressor size, Gear Ratio = 1

T
Pmax = 10 bar
Pmax = 12 bar
Pmax = 14 bar

Pmax = 16 bar
Pmax = 18 bar ———-

Performance Factor

1.8 | | | |

150 200 250 300 350
Compressor Volume,Vi (cm3)

Figure 4.9: Performance factor as a function of externalgession volume and maximum receiver pres-

sure, for a gear ratio of 1:1.

4.3.4.3 General Observations Simulations show that the final temperature of the receiver
(once it has reached maximum pressure) is less than the sbdsitemperature, which shows
that there is still potential for heat transfer to take pla@nce the receiver reaches har,

the external compressor would be disengaged, and forcegction across the heat exchanger
surface would cease. The coefficient of heat transfer dueatioral convection would then
become the controlling resistance to heat transfer. Haaster due to natural convection will
still occur from the heat exchanger into the air in the remeince the external compressor
has been disengaged from the engine, but this is not idealbe®nce the system has reached
maximum pressure, the air within the receiver must be uspdbieel the engine so that receiver
pressure will be at a minimum and the loading process camlaegiin. The rate of heat transfer
due to natural convection will also be very low, and will adimite minimally to raising receiver

pressure. Two other effects on the performance factor waterinbut are not controllable:

e The performance factor improves as the exhaust gas temmpeatreases, as heat transfer
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Performance Factor vs Gear ratio
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Figure 4.10: Performance factor as a function of externaigression volume and gear ratio, for a reciever

pressure range of between 6 and 12 bar.

increases.

e The performance factor improves as the engine speed desreasmore time is available
for heat transfer to occur (as the external compressor wiltdtating slower and take

longer to compress the receiver to maximum pressure).
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4.3.5 Overall efficiency: combining performance factor andoading capacity

It has been shown imable[Z.4that loading the engine with an external compressor where th
overall efficiency of compressed air usage and storage is B0%able up to a load of 48% of
full torque. This table was generated under the assumptiainthe engine could be loaded by
the difference between the current torque requirementsofitiver, and the maximum torque of
the engine. This is not possible with the external comprelssimg considered due to loading
capacity limitations, and simulations show that the penfmmnce factor is significantly degraded
when high loading capacity is required. A new table was gapdraccordingly, where the
engine is loaded by a fixed amount - ch@ﬁm the purposes of this explanatory example in

this case to be 60 N.m. This equates to a 188 J of work per stroke

WOrKper rey = torquex 2 (4.22)
= 376J

WOrKoer stroke = WOrKper rev/2 (4.23)
= 188J

The first five columns represent the engine only - and are time s the first five columns
of Table[Z.4 The sixth and seventh columns (at a combined compressjmamsion [usage]
efficiency of 70%) represent the net work requirement (p@ke) of an engine loaded by the
external air compressor, and the efficiency of the enginewaperating at this load point. The
eighth and ninth, and tenth and eleventh columns are at ainethbisage efficiencies of 60%
and 50% respectively. Consider the sixth row of the tablerestiiee work requirement of the
driver is 100 J. The engine is loaded by 188 J, so the net lapdreanent of the engine (column
labelledW+L ) is 288 J, and the engine has an efficiency of 30% when opgratithis point.

If the combined efficiency of storing and using the 188 J ofrgypetored by the external

compressor is 70%, thenx 188= 1316 J of energy is available to be reused to propel the

19Fixed in order to generate the table. In reality the amoumtark absorbed by the compressor will depend on receivespres

(will vary up to a maximum of 73 N.m in this case)
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Table 4.1: Feasible conditions under which partial loadiggan external compressor will improve effi-
ciency. This table is similar tdable[Z.4except that the engine is loaded by a fixed amount (188 J in this

case), and not the difference between driver requiremertshee maximum torque.
Nec Loaded enging 0.7 0.6 0.5

W  nw HP W+L Nw-L ER n ER n ER n
() () () () () ()

10 0.03 792.00, 198 0.25 | 131.6 0.18/ 112.8 0.16] 94 0.13
20 0.05 832.00| 208 0.25 | 131.6 0.18| 112.8 0.16] 94 0.14
40 0.09 844.44| 228 0.27 | 131.6 0.20| 112.8 0.18] 94 0.16
60 0.12 918.52| 248 0.27 | 131.6 0.21 112.8 0.19| 94 0.17
80 0.15 957.14| 268 0.28 | 131.6 0.22| 112.8 0.20 94 0.18
100 0.17 960.00| 288 0.3 | 131.6 0.24| 112.8 0.22| 94 0.20
130 0.20 1025.81 318 0.31 | 131.6 0.26| 112.8 0.24| 94 0.22
160 0.23 1087.50 348 0.32 | 131.6 0.27| 112.8 0.25] 94 0.23
190 0.25 114543 378 0.33 | 131.6 0.28| 112.8 0.26] 94 0.25
220 0.27 1236.36 408 0.33 | 131.6 0.28| 112.8 0.27| 94 0.25
250 0.28 1288.24 438 0.34 | 131.6 0.30] 112.8 0.28| 94 0.27
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engine. The overall efficiency of the engine is:

energy out

energy in

driver requirements+ energy available from compressed air
(W+L)/NwL

100+ 1316
288/0.3
= 024 (4.24)

ComparingTable[Z.4with Table[4.]1 it will be seen that the efficiency improvement of the
engine has been degraded, but is still more efficient thanrnhsodified engine. The decrease
in efficiency can be explained by the fact that the engine ifonger always operating at its
point of maximum efficiency, but is still operating at a bett#ficiency than it would have been
if it were to operate unloaded. The model is now at the poirgnelthe overall efficiency of the
engine is a function of the amount by which the engine is Idadad the performance factor of
the system. This is presentedhfigure[4.11 Table[4.1is used as a basis of this figure, where
the efficiency is plotted against the amount of loading, fpagicular compressed air usage and
storage efficiency (this is the performance factoefficiency of compressed air usage). Three
distinct driver load requirements are selected correspgni 60J, 100J, 160J per stroke,
and each driver load requirement results in a family of cswvighe curves marked with a "+”,
"-"and ™" correspond to driver requirements of &) 100J, and 160J respectively. The
unmodified engine efficiencies are also indicated for eagtiljaof curves; the horizontal lines
marked with a "+", "0”, and "*" are the unmodified engine effézicy for driver requirements
of 60 J, 100J, and 160J respectively. This figure is used to show the efficiency rafoge
a range of possible loading options and driver requirememgd allows the final specification
of the system to be defined for a desired performance outcdinwas stated above that a
performance requirement of 10% over an unmodified enginegisired.

Referring toFigure[4.13, 150J of loading is required to ensure a 10% efficiency improve-
ment when driver requirements are 1BJFamily of curves marked with "*"). This must be with
a compressed air usage and storage efficiency of 1.2, whickspmnds to a performance fac-
tor of 2.4 assuming a compressed air usage efficiency of 0lI6wAr performance factor will
theoretically require more loading to achieve the sameieffay improvement. The required

amount of loading is obtained by looking at the horizontaé Imarked with a ™*”, adding 0.1,
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and reading off the required amount of loading from the cuwmeesponding to a compressed
air efficiency of 1.2.

The swept volume and gear ratio can be specified usiggre[4.10 A performance factor
of 2.4 will intersect the curve corresponding to a gear rati@:1 and 1.5:1 at a swept volume
of 250 cn? and 157cn? respectively. Selecting the greatest amount of loadingHerdowest
of the two gear ratios: i.e. a swept volume of 25@° and a gear ratio of 1:1 which results
in a loading capacity of between 831L16J as the receiver pressure increases froml@ bar
(from Equation[4.1B. FromFigure[4.1] the modified engine efficiency will be between 0.29
and 0.31, depending on the current amount of loading.

This does not reach the performance improvement targettef However, these parameters
do compare better at the other target regions. For instandeyer requirement of 100 per
stroke will result in a modified engine efficiency of betwee@®and 0.29, and at a driver
requirement of 6@ per stroke will result in a modified engine efficiency of betwed.21 and

0.25. Table[4.2was generated by taking extracts frétigure[4.11

Table 4.2: Extracts from the efficiency-load mapping. Natempressed air efficiency represents the per-

formance factor multiplied by the compressed air usageiefity.
Driver requirements 60J| 100J| 160J

Base efficiency 0.12| 0.17| 0.22

Required efficiency (10% improvement) 0.22 | 0.27| 0.32

Compressed air efficiency

1.2 90J| 140J| 1503
11 98J|160J| 170J
1.0 110J na na
0.9 1273 na na
0.8 144 ] na na

4.3.6 Receiver sizing and time taken to reach final receiverrpssure

The receiver will be sized as@ m? (equal to the average petrol tank), and this has been done

because of the space limitations of a typical motor vehidlae amount of time required to
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Efficiency vs external loading, at three driver load requirements
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Figure 4.11: Overall system efficiency for a range of drived requirements, for various amounts of

external loading and a range of performance factors.

increase the pressure of this receiver frofoab to 12 bar can be calculated assuming that the
engine is operating at 2000 RPM and that the gear ratio betteeengine and the external
compressor is 1. If 288 strokes are required to increasertdsspre of the receiver fromi&@r

to 12 bar, and two compression strokes occur per revolution, tﬁ% x 60 = 3.42 s will
pass before the receiver reachesbb? and compressed air can be used to propel the engine.
This is clearly not a desirable time span as the system wik ba rapidly move between com-
pressed air storage and usage modes of operation. The effewsttching so rapidly between
compressed air storage and compressed air usage has naradgsed, and is left for future
work. Increasing the receiver volume tdbn® will result in a 285 s compressed air storage
time period, but this size of the receiver is not practicdbédnstalled as a retrofit. Decreasing
the swept volume of the compressor to 156 does not significantly lengthen the charging
time of the receiver, and reduces the loading capacity.ebsing the maximum receiver pres-

sure also does not significantly increase the charging tameé reduces the performance factor
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of the system. Receiver sizing has proved a major weakndbgsaktrofit.

4.4 Conclusion

In the above sections it has been shown that the concept afyestrage and reuse through
compressed air can work, and has significant advantages wdrehined with heat transfer
from some source of "waste” heat energy. It is also subjesignificant constraints, in that
the way in which the compressed air is used can serioushadeghe feasibility of the energy
storage and reuse system - as seen when using the internalstonm engine to expand the
compressed air. The internal combustion engine is not dedigp expand compressed air at
12 bar (for example) to atmospheric pressure - it has bedgriEsto expand gases at much
higher temperatures and pressures, and has been builtagter

Target efficiencies for two of the three investigated regiohoperation have been reached
with the proposed design. There is still room for improvetrafrwith regard to heat transfer,
as final receiver temperature is less than exhaust tempenatien the receiver has reached

maximum pressure.
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5 Conclusions and recommendation

The intended mandate for this project is to improve the dvepeerating efficiency of a spark
ignition internal combustion engine, by loading the engirith an energy storage device when
it is operating at an efficiency lower than optimum. The eadands to operate more efficiently
when unthrottled, so such loading is used to allow the entgingperate with less throttling.
The stored energy is later reused to propel the engine. Huirlg process could be external or
internal to the engine, where cylinders within the engireeLered to compress air into a receiver.
This loading mechanism was discarded as a potential afiplicaption due to the associated
impracticalities. An external loading mechanism (extenmmpressor) was used accordingly,
but was subject to the space limitations of the engine baltlamengine could not be loaded by
the full difference between driver requirements and thgquerproduced when operating at the
point of optimum efficiency, so the full efficiency benefit bfd modification was not realisable.

The engine was dynamically modelled (on a differential $}asind this engine model was
used to create an efficiency mapping (presented as a tabief) wbuld indicate whether load-
ing an engine was feasible based on the combined efficientdyeoénergy storage and reuse
processes. This dynamic model also formed the basis fomthlgsis of how efficiently com-
pressed air could be used to propel the engine, which wag laiv (approximately 53%). The
operational parameters of the system were also examinedpauified to achieve feasible op-
erating pressures for the system, these being between &drat.1An excessively low receiver
pressure is undesirable because little useful torque cprodeiced by the engine, and an exces-
sively high receiver pressure is undesirable because @tagk external compressor would be
required. The idea of using compressed air in conjunctich thie combustion process is also
presented, but was not pursued further because an extenmgressor capable of producing
very high pressures was required.

The use of heat transfer from the exhaust gases to improveegscefficiency was also
investigated, and is actually required to make this conga@sir augmentation system feasible.
The heat transfer process can still be improved, becaudantig¢emperature of the air within
the receiver once the final pressure (pressure at which theressed air storage process will
cease, and the compressed air usage process will begimctsad is still less than the exhaust

gas temperatures. The receiver size has been limitedémd due to space limitations within
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the vehicle, which makes for impracticably short comprésseloading and usage cycle. The
compressed air augmentation system has been shown to teefebist the constraints imposed

by applying this technology to an existing motor vehicle muenerous.

5.1 Future work

The idea of using compressed air to propel the engine unaesignt conditions could be ex-
plored, to determine whether compressed air could be used aifectively for acceleration
than conventional fuel. The effect of switching frequentigtween loading the engine with
an external compressor and using compressed air to prapelntfine has not been addressed
and is left for future work. The idea of disengaging the coespor from the engine at some
intermediate pressure, so that heat transfer to the cosgatesr is allowed to continue before
compressed air is used to propel the engine, could also beredp

Yet another topic for future work includes applying the coegsed air energy storage and
reuse mechanism elsewhere, such as a peak load generdton sy power station or indus-
trial plant with waste heat generation. Base load would lssl e store compressed air into
a receiver, and this compressed air would be later expantied peak demand was required.
Heat which would normally be expelled to the atmospherehaacboling towers etc. could be
used to improve the system performance - in the same way &xltfaeist gases are used when
applying the system to an internal combustion engine. Ttessif both the heat exchanger and
the receiver would no longer be design constraints, and gyimwhich the compressed air is
expanded could also be optimised for the application satifeatisage efficiency is higher, be-
cause the constraint of having to use an existing intermabcstion engine would be removed

(one would design a compressed air expander specifically).
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A Finite-time thermodynamics

A.1 Overview

The differential equation model based on the Otto cycle niw®sgan analyst an idea of the
effect of irreversibility on process efficiency, but is ktibt very useful as an analytical tool,
as a time consuming numerical simulation must be perforneddré any results are obtained.
One of the required outputs of this project is to evaluatecgse efficiency for a particular
set of system conditions; and a possible avenue of invéistiganay be found in the field
of finite-time thermodynamics. This tool allows a procesdéoabstracted into two distinct
parts: an internally reversible part, and an irreversilde fhat includes interactions with the
surroundings (i.e. heat transfer between the surroundingsthe working fluid)([67]. This
methodology has been successfully applied to the Otto ¢@8J reciprocating engines [69],
the CurzonAhlborn heat engine, which is based on the Cayote {70], the Diesel enginé [71],
and numerous other thermodynamic power cycles includiagStirling cycle, Joule-Brayton,
Atkinson, Ericsson and Lorentz cycleés [72]. From the prasip mentioned applications of
finite-time thermodynamics, it is apparent that this tod baly been applied to cycles, while
the internal loading process may not necessarily operaecytle; but no evidence was found
in the literature indicating why this thermodynamic toohaaot be applied to a process not
operating in a cycle, and an example of finite-time thermadyics applied to such a process is
known to Dr Paul Roberts [73] - a visiting lecturer at the Wity of the Witwatersrand. Finite
time thermodynamics is particularly useful in charactagshe upper operating limit of real
cycles where the rate at which work is done becomes an imyidgetor, [69]. Carnot analysis
is based on a reversible process, and so all states visitedyduprocess are equilibrium states,
and so does not provide an accurate description of real poyedes. A quasistatic process is
carried out at an infinitesimally slow rate and as stated byd&ial: "a finite amount of work
produced by the engine over an infinite amount of time dediver power” [74]. The concept
of endoreversibility has been used to derive abstractecetaad heat engines for the purpose

of optimisation.
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A.2 Internal Combustion Engine Model

The combustion process can be modelled according to diti@ieequation models which prove
particularly useful to the analysis of engine control pctge One of the objectives of modelling
the internal combustion process is to obtain an efficiencgpimg which would vary with en-
gine speed and load, and finite-time thermodynamics is wselothin such a mapping as signif-
icantly less computational resources are required to sofiréte-time model than a differential
model.

As mentioned above, finite time thermodynamics is used irofitenisation of power cy-
cles; and in a sense, the compressed air system is similaetdaule cycle - as air will be
compressed, and heated (to improve overall processesgrtfigiand finally expanded. It may
prove beneficial to analyse this cycle using finite time theiymamics, and as a precursor to
this analysis, finite time thermodynamics is used to charisg the efficiency of a spark ignition
internal combustion engine (of which numerous examplestlexinite time thermodynamics
has been successfully applied to Otto and Diesel cycle rmdéé&l,[71] and will be used to
obtain a qualitative description of the efficiency mappifigminternal combustion engine.

Much work has been done by Qeét al on the modelling of reciprocating heat engines as
endoreversible cycles [75]; and by Blaakal [69] and Angulo-Browret al [67,[76] in which
engines are modelled as non-endoreversible cycles. Thmepbof endoreversibility is used
extensively in finite time thermodynamics; an endorevéggioocess is internally reversible but
externally irreversible - i.e. irreversibility is due todtdransfer to the working fluid, no entropy
is generated by the working fluid when producing work [77]iahthas applicability limits as all
realistic power cycles produce entropy. This leads to tmeept of non-endoreversible cycles,

where entropy is produced when work is done by the workinglflufor an endoreversible

cycle:
QA Q
<1 _ =<2 A.l
Tww  Tow (A1)
For a non-endoreversible cycle [76]:
. Q@
o= Tww  Tow
Q2
= (1-R==
A-RIT
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Combining the above:

Qg (A.2)

le - T2w
WhereR is a measure of the departure from an endoreversible proEggsessions for power

and efficiency were obtained from 67,/ 75] :

P(R Ky,Kp) = %_rf_yy . (A.3)
K1+ Kory
N(R Ky, Ka) = 1— %(rl‘“r g(Kl +Kar' ) (A.4)
Where:
K1 = Inverse of the rate of heat transfég ) wherek; = ‘fj—{ for a constant volume heating
process
Ko = Inverse of the rate of heat transfég ) wherek, = %—I for a constant volume cooling
process
r, = Maximum volume over the minimum volume
Cu = Heat capacity at constant volume, during the combustiongss
C» = Heat capacity at constant volume, during the exhaust psoce
pv - =  Power lost due to friction, whengis the coefficient of friction and is the average

piston speed.
K1 andK; are related to the time taken for heat transfer to occur toffammd the working fluid

respectively, which implies that these variables are atfanof the engine speed. Power lost
due to friction is also a function of the engine speed, so opuslA.3 and A.4 provide a power
and efficiency relationship as a function of engine speedthadrreversibility factorR. The
effect of loading on the Otto cycle is taken into account fuding the term:(Paym— Pin)AV,
whereAV is the displaced volume arfg, is the inlet pressure which is less than atmospheric
pressure due to throttling; as the degree to which an engioaded is determined by the extent
to which it is throttled. Equatioris A.3 abd A.4 were modifiedriclude the effects of throttling

in the model. The work done per cycle is given by the net haasfer to the system, as per the

first law of thermodynamics.
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We = CV(T3 - T2) - CV(T4 - Tl) - (Patm_ PII"I)AV

The power per cycle is given as follows, whené is the power lost to friction.
p e _ Wa (A.5)
Tc

Wherert, is the cycle time of the process. The compression and exgapsocesses are mod-
elled as instantaneous adiabats [67] and have no contribtdithe cycle time of the process,
which is determined by the engine speed. For instance, dneeageed of 36@PM will have

a cycle time of 383ms and it is assumed that the time spent on each of the heafdrans

processes is half of the cycle time [68]. The cycle time istrepresented as follows:
Te=Ky(Ts—T2) + Ko(Ta — Ta)

WhereK; = t12\ (T3 — T2) andKz = t41\ (T4 — T1) obtained assuming that heat transfer to and

from the working fluid occurs at the rate given By = ¢ and $f = g respectively, and

assuming thath, = t41 = 1¢\ 2. The efficiency of the cycle is given by:
P
Qin\Tc

n (A.6)

WhereQin = Cy(Tz — T2).

Efficiency and power curves plotted for a range of enginedpaad throttle settings are shown
in Figure[A.1 The results are qualitatively correct in that efficiencgrdases as power in-
creases. Although similar, this behavior is not strictly #ame as the behavior typically demon-
satrated by finite time thermodynamic models of power cyaidsich is calculated for a fixed
engine speed to yield an expression for power per cycle spaificiency. It is well known
that cycle efficiency is maximum when the power produced pelecis zero, and that cycle
efficiency is less than maximum efficiency at maximum powé.[7Although qualitatively
correct, this finite-time model of the Otto cycle can be dyemhproved; for instance some
researchers have taken into account the variation of spdwfit with temperaturé [68], and
Burzler incorporated the irreversibility due to combustin a diesel cycle[[71]. Table[A.1
shows sample data for a throttle setting corresponding timlehpressure of @ bar, and an

engine speed of 36(RPM.

A3



Efficiency vs Engine speed
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(a) Otto cycle efficiency for a number of different throttifb) Power generated for an Otto cycle for a number of thragtli
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Figure A.1: Finite-time thermodynamic model - Power anccéfficy curves

Table A.1: Sample data for the FTT model, for a throttle agttiorresponding to an inlet pressure @& Bar,

and an engine speed of 36BPM

T 300K Ky = 85x10°
T, 756K K, = 216x10°6
Ts 2699K u = 12kgs?
T 1071K r = 10

P 7713W = 049

This method shows promise but is not used to characterisegsefficiency due to the large

discrepancy between actual and predicted engine efficiency
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Figure A.2: TS diagram representation of an Otto cycle
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B Sample calculation for the differential equation model

The following sample calculation is used to demonstrate tiendifferential equation models
have been handled. The equations are solved with the LSODRErswhich is a function
native to the OCTAVE mathematical simulation package. Tdmae calculation is for the
cylinder drawing air in from a manifold at a pressure of 0.5 bBhe temperature of the air
(in the manifold and the cylinder) is 300 K. As the piston mnodewnwards, the pressure and

temperature of the air within the cylinder decrease (as bgahe negative partial differential

for each).
v+l N
vAhPank, /5 2y | 2v-D .. P 2 Vt
n h;nkkyz (m) if Ha};'k > mzw 1)
m= Rt (B.1)
r]vAthPtank( Peyi >\_1/ ﬂ( Peyi le) Peyl 2 2&7711)
RTank \ Pank y-1 Prank Pank — Yy+1
2 2<Vv+—11> 2 %
y+1 T 24
= 0.578
Pyl 5.499x 10°
Prank  5.5x 10
= 0.99
2
0.02
o v xTi(%92) " x 5.5 10* %(2><1-4>z<1ﬁ1“1>
o /2897 x 300 14+1

= 2497x10 *kg/s

Nv = 0597071+ N x 5.51605x 10 > + peyi x 9.30417x 107

1047 x 60
= 0597071+ 271? % 5.51605x 10° 4 (5.5x 10*) x 9.30417x 10~/

= 07
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Voy = Vc><[1+0.5(Vd+vc—1>(%+1—cose_(éz_(sine)z>°~5)}

Vc
3.967x 104 +4.407x 10°° 1)

—  4407x10°° [1+o.5(

4.407x 105
0.1 0.1 2 _ 5\ 05
(0.0385+ 1- c0g0.0146 — (70.0385 — (sin(0.0146) ) )]

= 4.4099x 10°°m?

’ _ Ve Vu +Ve

Voy = 5 ( Ve
| 2 _ 2\ 05 _
(5 —(sm(n—e))) )x(—ZSumn—e)cos(n—e))xm}
3967x 107 (3.967>< 104 +4.407x10°5 1) .

- 2 4.407x 105
01 * e 00148)7)
0.0385 — (sin(t— 0.0146)) ) >><
(—25sin(Tt— 0.0146) cos(T— 0.0146)) x 104.7}

— 1) X {oosin(n— 0) + (0.5 X ...

[1047sin(rt- 00146 + (0.5 (

= 4199x10 4 m’/s

Ay = Ach+Ap+TB(I+a—acogB)+ /12— (asin(6))?)

A, = m(B/2)?

= T(0.08/2)?

= 502x103n?
Ach = Ap

Ayl = 2x502x1073471x 0.08x (0.1+0.0385— 0.0385x cos(0.006) -+ \/ 0.12 — (0.0385sir{0.006))2)

= 0.001
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8314
2897
= 28699

P X Veyi
RxT

5.499x 10* x 4.4075%x 10~°
286.99 x 300
— 2.815x 10 °kg

5.499x 10*
2789 x 300
= 0.638kg/m’

X =2 x D
NRe — p 2XTT

V1
0.638x 1927 0.08

1.84x 10°°
= 35444

0.7
NRe

Qn = Ay [0-3?\ (Teyt — Tw) + 1x 10 8(Tey? — Ty )]

~ 0.001]03x 0.026( )"

— _|_ X ) —
5.08 300— 300) + 1 x 10 8(30¢" — 300"

= OkwW
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%/[Q— PV + hi — hern— ur'n]
1

(2.815% 10-5)(718
(30019 x 10°)(2.497x 10°4) — 0— (21407 x 10%)(2.497x 10~%)

[o— (5.499x 10#)(4.199% 107%) + ...

—75.99K /rad
R(MT+Tm) —Vp
Y
dp dt
dt “de
R(mT+\T/m) -V o
28698(2.497x 1074 x 300— 7599 x 2.815x 107> —4.199x 10~4 x 0.5 x 10°)
4.4099x 10-° x 1047

—45314 pa/rad
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C Heat transfer sample calculations

C.1 Heat transfer coefficient from exhaust gas to heat exchaer

The following calculation serves to demonstrate how the traasfer coefficient from the ex-

haust gases would be calculated, assuming the followirgnpeters:

A=006W/K.m p=3.89x10°kg/ms L=1m m=0.02

Note: p is the pressure in the exhaust pigeandL are the diameter and length of the segment
of the heat exchanger through which the exhaust gas passete mass flow rate through the

exhaust pipe, and the remainder of the properties are aresidt a temperature f= 900K

P
RT
15x 10°

8314
2397200

= 058kg/m®

= 1.25x 103 n?
p(Vi — Vi)
30/N
0.58(4.407x 104 — 4.407x 10°®)

N 30/2600 Assuming an engine speed 2600RPM

3
I

= 0.02kg/s

Note: the exhaust gas air will actually be pulsed rather 8taady - hence the averaged value

above is used. The outside diameter of the exhaust pip84a1®

C.oO



m
PApipe
0.02
(0.58)(1.25x 10-3)
= 274m/s
dpun
H
(0.04)(0.58)(27.4)
(3.89x 10°5)
= 16345
= A /umdp 08 /cppy 03
h = 002 (E) (%)
0.081 (27.4 x 0.04x 0.58) 08 ( 1120x 3.89x 1(r5>0.3
0.04 \ 3.89x10°5 0.06
= 759W/K.n?

NRe =

= 0.023

hxA = (759)(1tx0.04x 1)

= 953W/K

C.2 Heat transfer coefficient from heat exchanger surface toeceiver gases

Tw = 900K Trec = 300K p=15bar ¢,=1005J/kgK
A =0.026W/K.m p=1.84x10"°kg/ms L=1m Nepr = 1000rpm

15x10°

8314
5897300

= 1.74kg/m’
Am
N
= M (two cylinders discharge air per revolutipn
1/Nepr
2x L7422x 1074 -22x107°)
30/1000

= 2296x10 3kg/s

Cl1



m
Um: —_—

A
22.96x 1073

8x 0.01x 0.08
= 358m/s
Lpum
U
(1)(1.74)(3.58)
1.84% 1075
= 97170
CLP—
A
(1005(1.84x 107°)
0.026
= 0707
A(Nge?) (Npy %)
L
0.026(9717C%)(0.7073)
1
= 6.81W/K.n?

Npr =

=
Il

hxA = (5.15)(8)(2x (1x0.08)+ (0.01x 1)
— (6.81)(8)(0.17)

= 9.26W/K

C.3 Heat transfer via natural convection

A=0.026W/K.m p=1846x10"°kg/ms L=0.08m
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Ra

15x 10°

8314
2897300

1.74kg/m’

pOBCHbAT
A
(1.74)(9.8)(1/300) (1005)(0.013)(900— 300)
(1.846x% 10-5)(0.026)

7.21x 10

ARa _ 35,0.75

2 ™)

(0.026)(0.01)(7.21x 10%) (1 w07
(24)(0.01)

1.6 W/m? K

(1.6)(16x 0.03x 1)
0.512W/K
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D Sample calculation for the compressed air storage model

Ve — Va/(%>l/y

6x 105 \1/14
o —4
= 22x10 /(1.01><105)

= 6.16x10°m’

prech - pinVi
1-y

= 6x10°(22x10°-6.16x107°) +

work = prec(Vi —Vx) +
(6x 10°)(6.16x 107%) — (1.01x 10P)(1.1x 1074)

1-14
—  _6064J (D.1)
oraue . 2%6064
que = 2X T
— 193N.m (D.2)

The workings of the model can be demonstrated by considerigiggle compression stroke

of the external compressor. Consider the receiver injtiaila pressure of Bar, 300K. One

D.0



compression stroke of the external compressor will a68 £ 10~* kg of air into the receiver:

Ty

Vb

Pb

Am

n(p)”

Pa
(1 Gri15)

499K
Va

1
)
Pa
22x10*
6x10° 1%"
( 101x10P )

6.15x 10°° m®
Po

RT,

6x 10°

8314
597499

4.19kg/m?

14-1

Pp(6.15%x 107° —2.2x 107°)
4.19(Vp — Vo)
1.65x 10~* kg

The state of the receiver will change as this air is added,haad will be transferred into the

incoming air as it blows across the heat exchanger:

Ui

m

AQ
At

21407 x 10° J/kg

(6 x 10°)(0.5)
2314300

3.4kg

Q x At

30GR

N

30

2000

6x10°3s

D.1



The rate of heat transfer to the air is determined accordntpe method described iBec-

tion[4.2.6 and for this case was determined to be 2822The heat transferred into the air is

determined by multiplying the rate of heat transfer by thestiover which the stroke occurs:

AQ

Ut

QXM
2622x 6x 1073

157 J
hin x Am+ AQ+ u; x mreg
Am-+mreg
(50199 10%)(1.65x 10~#) + 15.7+ (21407 x 10°)(3.4)
1.65x 104+ 3.4

214.25kJ/kg
30025 K

6.01 bar
PaVa — PoVb
Po(Vb —Ve) + 1y

(1.01x 10P)(2.2x 1074 — (6 x 10P)(6.15 % 1075)

—5 —5
6x10°(6.15x 107> —22x 107°) + 1-14

60.6 J

D.2
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