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Figure 6.4 Case Study C (Lead Machine): Isentropic Hea-:ls
and Efficiencies of Virtual Compressor Stages at
Actual and Design Fouling Factors

In contrast to Case Study A, therefore, cleaning heat exchanger tubes

was predicted to yield a power penalty instead of a power saving! This

was because the modelled single-stage compressor of Case Study A
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maintained its efficiency at the lower pressure ratios, and thus isentropic

heads, required for cleaner tubes. The modelled rnulti-staqe compressors

of the present case study, regulated by their first stages only, did not so

maintain their efficiency.12

Again, the accuracy of the quantitative predictions here was entirely

dependent upon the degree of correspondence between the artificial

compressor stage curves of CHILLER and those of the real machine.

Unfortunately, the manufacturer quoted no part-duty performance data, so

the degree of correspondence between predicted and actual part-duty

performance was not known. Therefore, although the qualitative changes

in behaviour predicted as operating conditions changed could reasonably

be expected to be valid (because CHILLER's artificial curves have the

same qualitative characterlstlcs as typical real curves's), it was wise to

draw no conclusions directly dependent on the accuracy of the

quantitative predictions of compressor performance. Here, it was thus

prudent to merely conclude that cleaning heat exchanger tubes was not

likely to bring about any power saving.

The question next arose of whether there was any benefit in restoring the

common condenser water flow-rate through the machines to the design

12This was because the artificial compressor stage curves of the available version of
CHILLER, used to model the real three-stage compressors as virtual two-staqe ones,
yielded maximum efficiency at design, full machine duty, and reduced efficiency
elsewhere. The real three-stage compressors were also likely to behave in this way,
because their machines were manufactured before 1980, Vvhenpart-load performance
began to significantly influence design criteria of conventional machines (Austin, 1991).
Pre-1980 conventional machines, according to Austin's field monitoriny experience. are
most efficient at full load, which must mean that their centrifugal compressors have this
characteristic. In contrast, the machine of Case Study A was manufactured in 1985 and
designed for efficient operation at several specified duties. Moreover, this machine had
a single-stage compressor; such compressors, as Austin (1991) notes, have flatter
efficiency curves than multl-stape compressors in any case.
13 For example, reducing head and reducing isentropic efficiency with reducing vane
opening.
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value of 266 lis - bearing in mind that the actual value (at an average of

152,9 lis) was 57 per cent of this.

To investigate this, it was necessary to simulate both machines together,

because their interconnections made their performances interdependent.

CHIL.LER was therefore used to simulate this machine pair, connected as

in Figure 5.12. Condenser water flow-rate was increased to 266 lis. All

other inputs to the machine pair - evaporator water flow-rate, 14 evaporator

Inlet water temperature of the lead machine, and condenser inlet water

temperature of the lag machlnete - remained as before. Compressor vane

openings were again set so as to maintain the actual outlet water

temperatures of 11 ,62°C and 6,03°C. Water chilling loads thus remained

as before. Normal performance so predicted is given in Table 6.5,

compared with that at actual condenser water flow-rate.

As seen in this table, the predicted benefit of restoring condenser water

flow-rate to design value was likewise negative - there were further rises

of :2,4 and 0,8 per cent in input power of the lead and lag machines

respectively. This was because the increased condenser water flow-rate

increased the conductances (UAs) of both condensers by 11 per cent, so

the condensing pressures decreased by 8 and 4 per cent. As before, the

consequent reductions in required head had to be accommodated by the

first virtual compressor stages, because the second virtual stages were

unregulated.

14 That is, the estimated flow-rate of 118,09 lis entering the lead machine. As recalled
from Table 6.4, the estimated flow-rate tnrouqh the lag mac nine was slightly lower at
115,44I/s. In this simulation of the tm machlr ,.::sconnected together, therefore, the
flow-rate through the lag machine was brought do'MI to this lower value by specifying
that the difference of 2,65 I/s leaked out of the connection between the evaporators of
the lead and lag machines.
15 The assumption that this temperature vould remain as aefore, in spite of the
condenser water flow-rate being substantially increased to its design value, was justified
as tollows. In this underground installation, there were ten machines, all connected to
the same heat rejection plant. Eight machines normally operated, so the effect on
condenser inlet water temperature of increasing the flow through just tm machines
would be small.
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Table 6.5 Case Study C: Normal Performance of Both
Machines Connected in Counterflow Lead-Lag
Configuration

Performance predicted by CHILLER
(with virtual 2-stage compressors)

Lead Machine Lag Machine
UNIT Normal Normal (at Normal Normal (at

design design
condenser condenser
waterflow) waterflow)

EVAPORATOR
Water flow-rate lis 118,1 118,1 115,4 115,4
Inlet water temperature °C 17,70 17,70 11,64 11,62
Outlet water temperature °C 11,62 11,62 6,03 6,03
Water chilling load kW(R) 3006 3006 2709 2700
Water-side fouling factor m2°CNV 0,000088 0,000088 0,000088 0,000088
Overall conductance (UA) kWfOC 664,1 664,2 625,0 624,3
Refrigerant pressure kPaa 416 416 350 350
Refrigerant temperature °C 9,47 9,47 3,91 3,92

ECONOMISER
R".lfngerant pressure kPaa 575 542 500 484
Refriger~nt temperature °C 20,50 18,40 '15,59 '14,52

CONDENSER
Water flow-rate lis 149,8 266,0 156,0 266,0
Inlet water temperature °C 48,25 46,70 43,54 43,54
Outlet water temperatura °C 54,56 50,28 48,93 46,70
Water heating load kW(R) 3961 3984 3520 3517
Water-side fouling factor m2°CNV 0,000176 0,000176 0,000176 0,000176
Overall conductance (UA) kWfOC 809,2 901,4 814,2 905,2
Refrigerant pressure kPaa 1427 1310 1 ?50 1 197
Outlet refriqerant temp. °C 56,96 53,15 51,10 49,22

COMPRESSOR
Vane opening % 54,2 47,6 61,3 56,5
tst stage mass flow-rate kg/s 22,08 21,76 19,56 19,35
1st stg. inlet vol. flow-rate m'/s 0,92 0,90 0,96 0,95
tst stage isentropic head kJ/kg 5,65 4,60 6,19 5,64
1st stage isentr. efficiency % 43,5 29,1 53,0 43,4
tst stage input power kW 286,4 344,3 228,5 251,7
2nd stage mass flow-rate kg/s 29,97 28,87 25,98 25,44
2nd stg. inlet vol, flow-rate m'/s 0,95 0,99 0,94 0,96
2nd stage isentropic head kJ/kg 16,88 16.78 16,92 16,87
2nd stage isentr. efficiency % 75,7 76,5 75,5 75,9
2nd stage input power kW 668 633 582 566
Input power kW 955 977 811 817
Suction temperature °C 9,47 9,47 3,91 3,92
Discharge temperature °C 76,08 76,26 69,31 69,36
Coefficient of perf. (COP) 3.15 3,08 3,34 3,30

The isentropic heads required of these first stages thus dropped by 19

and 9 per cent respectively. Their vane openings accordingly decreased

further, thus further reducing the efficiencies of these stages (especially



274

that of the lead machine, which reduced from 43 to 29 per centlv. Input

power to these first stages thus rose by 20 and 10 per cent respectively.

These rises were considerably offset by the drops of 5 and 3 per cent in

input power to the second, unregulated stages, owing to the combined

effect of slightly lower refrigerant mass flow-rates and slightly higher

isentropic efficiencies therein.

Again, due to the aforementioned limitations ..)fcompressor modelling at

part-capacity, it was wise to merely conclua ...at for identical water

chilling loads and otherwise identical inputs, there was no likely

advantage in restoring either the water-side fouling factors or the

condenser water flow-rate of these machines to the design values! The

decreases in input power owing to the reductions in refrigerant mass flow-

rate and isentropic head were likely to be mostly or completely nullified by

the increase in input power due to decreasing isentropic efficiency as the

inlet guide vanes of the regulated first stages closed."

At first sight, this conclusion seemed paradoxical; did this then imply, for

example, that the evaporator and condenser tubes should be left

uncleaned, or that the condenser water flow-rate should na, e been left at

its reduced value? Upon reflection, there was no thermodynamic

advantage in remedying these conditions if each machine remained

controlled to maintain a set outlet chilled water temperature.t? (This "set

water temperature" control philosophy is customary for conventional water

chilling machines on South African mines.) Either cleaning heat

exchanger tubes or restoring design condenser water flow-rate would

16 Again, the key assumption here Is that all stages of the real three-stage centrifugal
compressors have their peak efficiencies at or near full (design) duty. This is because
CHillER's artificial compressor stage curves, used to model the real three-stage
compressors as virtual two-staqe ones, have their peak efficiencies at design machine
duty, and reduced efficiency elsewhere. See footnote 12 on page 271.
17 And thus a constant water chilling load if the Inputs of evaporator water flow-rate and
inlet water temperature are constant.
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reduce the lift required of the machines, and hence the isentropic head

required of the compressors. This would cause the vanes of the first,

regulated compressor stages to close considerably, because these

stages, being the only regulated ones,18 would have to perform all the

required reduction in isentropic head. Hence the operating points of

these regulated stages would quickly enter the regions where the relative

decreases in efficiency exceed those in required isentropic head - as

illustrated in Figure 6.4.

Multi-stage centrifugal compressors with only their first stages regulated

are hereafter termed "first-stage-regulated" compressors. With a machine

with such a compressor, therefore, a preferable; control philosophy is one

which avoids low vane openings. If required lift is reduced, therefore - by

cleaning heat exchanger tubes, for example - the only way of avoiding

lower vane openings is to simultaneously increase the load (the other

component of machine duty).

As is now shewn, therefore, there is advantage in cleaning the tubes and

taking other measures to reduce lift if the "set water temperature" control

philosophy is abandoned and load on the machines is kept at the

maximum, thus keeping the compressor vanes open to tile maximum.

There are three constraints on maximum loading of conventional

machines: that imposed by the rated output of the compressor driving

motor; that imposed by the surge lines of each compressor stage; and that

imposed by the minimum a'lowable evaporating temperature.t? Therefore,

the machine pair was simulated again, but this time each roachine was

18Of both the virtual two-staqe compressors and the real three-stage compressors.
19 To avoid freezing In tubes, this must be greater than ODC, but it may have to be still
higher to avoid surge In one or more compressor stages if the design evaporating
temperature of a machine is well above ODC.
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controlled to accept maximum load, subject to the above three constraints,

The predicted performances for this "maximum-toad" control philosophy

are shown in Table 6.6,

Table 6,6 Case Study C: Maximum~Load Performance of
80th Machines Connected in Counterflow Lead~
Lag Configumtion

"Maximum-load" performance predicted by
CHILLE:R (with virtual2-stage compressors)

I Lead Machine Lag Machine
UNIT Actual Design Actual Deslqn

fouling fouling fouling fouling
facto's factors factors factors

EVAPORATOR
W1:Iter now-rate lIs 118,1 118,1 115,4 115,4
Inlet water temperature °C 17,70 17,70 11,38 10,11
Outlet water temperature °C 11,38 10,1 i 4,86 3,71
Water chilling load kW(R) 3123 3753 3151 3091
Water-side fouling factor m2°CNV 0,000439 0,000088 0,000122 0,000088
Overall conductance (UA) kWfoC 371,7 707,6 606,6 645,5
Refrigerant pressure kPaa 371 395 332 323
Refrigerant temperature °C 5,75 7,72 2,26 1,43

ECONOMISER
Refrigerant pressure kPaa 592 621 526 512
Refrigeran' temperature °C 21,51 23,27 17,36 16,43

CONDENSER
Water flow-rate lis 149,8 149,8 156,0 156,0
Inlet water temperature °C 49,75 49,62 43,54 43,54
Outlet water temperature °C 56,26 57,37 49,75 49,62
Water healing load kW(R) 4085 4862 4056 3972,4
Water-side fouling factor m2°CNV 0,000219 0,000176 0,000267 0,000176
Overall conductance (UA) kW;oC 733,8 800,1 661,2 807,5
Refrigerant pressure kPaa 1499 1538 1314 1279
Outlet refrigerant temp. °C 5fJ,20 60,38 53,30 52,11

COMPRESSOR
Vane opening % 100 100 100 100
tst stage mass flow-rate kg/s 23,37 28,27 23,14 22,6'1
1st stg. inlet vel. flow-rate mOfs 1,IJ~1 1,24 1,20 1,20
tst stage isentropic head kJfkg 8,1S 7,95 8,01 8,01
1st stage isentr, efficiency % 76,3 77,8 77,6 77,6
tst stage input power kW 250 289 239 233
2nd stage mass flow-rate kgfs 32,23 38,95 31,00 30, i4
2nd stg. inlet vel. flow-rate mOfs 0,98 1,12 1,05 1,05
2nd stage isentropic head kJ/kg 16,83 16,37 16,61 16,61
2nd stage isentr. efficiency % 76,2 77,8 77,3 77,3
2nd stage input power kW 712 820 666 548
Input power KW 962 1109 905 882
Suction temperature 0c, 5,75 7,72 2,26 1,43
Discharge temp_erature 0(; 73.74 73,72 67,57 66,50
Coefficient ofQ_erf. (COP) 3,25 3,39 3,48 3,51
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The third and fifth columns of this table list these performances for the

estimated actual fouling factors. Comparing these with the third and fifth

columns of Table 6.4, the compressor vane openings increased to 100

per cent. These increases made negligible difference to the performance

of the lead machine. The lag machine, though, accepted 16 per cent

more load, but drew only 13 per cent more power,20 so its COP rose by 3

per cent. 'Jnder the "maximum-load" control r-hilosophy, therefore, the

machine pair, even with the actual fouling factors, was predicted to deliver

water one degree colder for no deterioration in overall COP.

The fouling factors were then reduced from actual to design values. In

contrast to the "set water temperature" control philosophy, the "maximum-

load" philosophy yielded further improvements in water chilling loads and

COPs, shown in the fourth and sixth columns of Table 6.6. Compared to

the maximum-load performances with actual fouling factors in the third

and fifth columns of this table, the lead machine accepted 20 per cent

more load and drew 15 per cent more power, so its COP rose by 4 per

cent. The lag machine accepted 2 per cent less load and drew 3 per cent

less power, so its COP rose by 1 per cent. Combined load rose by 9 per

cent and input power by 7 per cent, so overall COP rose by 2 per cent.

Finally, the condenser water flow-rate was restored to its design value.

Again compared to the maximum-load performances with actual fouling

factors in Table 6.6, the lead machine, now limited by rated compressor

driving motor output power of 1 120 kW, accepted 24 per cent more water

chilling load, but drew only 17 per cent more power. The lag machine,

now limited by its evaporating refrigerant temperature reaching the

allowable minimum of 1°C, accepted 1 per cent more load and drew 3 per

cent less power. Outlet chilled water temperature dropped from 3,71 °C to

20Mainly because the isentropic efficiency of the first virtual compresscr stage improved
from 60 to 78 per cent.
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3,31DC. The result was that combined water chilling load rose by 12 per

cent, while combined input power rose by only 7 per cent, so combined

COP rose from 3,36 to 3,52 - an improvement of 5 per cent. Under the

"maximum-load" control philosophy, cleaning the tubes and restoring

design condenser water flow-rate was predicted to yield 12 per cent more

water chilling load at a 5 per cent improvement in COP! In contrast, with

the "set water temperature" control philosophy, the sarn-, remedial actions

yielded no improvement in load and a somewhat worse predicted COP.

Again, the accuracy of these predictions is directly dependent on that of

the compressor modelling.21 (Also, for more accurate predictions, the

performance of the entire underground installation under the "maximum-

load" philosophy would need to be simulated.) The benefits of this

alternative, "maximum-load" control philosophy are nevertheless clear. As

recalled from Section 4. '1.2, Chapter 4, optimal performance from the

mine's viewpoint is likely to be the specified or maximum delivery of

chilled water, at the specified or lowest possible temperature, without

jeopardising machine effectiveness and availability. The "maximum-load"

control philosophy achieves this - here, by achieving the lowest possible

temperature of the actual flow-rate of chilled water - and moreover

achieves the optimum COP of which the machines are capable.

Whereas the fouled heat exchangers and low condenser water flow-rate

did not constitute faults under the "set water temperature" control

philosophy, they certainly did under the "maximum-load" control

philosophy, because they prevented the predicted gain of the order of 12

per cent in water chilling load.

21 Particularly the locations of the surge points on the compressor characteristic curves;
in reality, one or more compressor stages might reach these points before the mach~nes
reach the other constraints of compressor driving motor rating or minimum evaporating
temperature.
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In sum, the benefits of this alternative, "maximum-load" .ontrol philosophy

for conventional machines are as follows. First. the machine a/ways

accepts the maximum water chilling load possible for the prevailing

operating conditions. Other things being equal. this means. as in this

case study. that if heat exchanger tubes are cleaned, the benefit of lower

chilled water delivery temperature is immediately obtained. Alternatively.

if it is desirable to increase chilled water flow-rate. the machine will chill

this new flow to the maximum possible extent. Second, particularly for

conventional machines with rnultl-staqe, first-stage-regulated

compressors. the optimal machine COP is likely to be attained, because

the compressor inlet guide vanes are maximally open. hence maximising

the efficiency of the regulated first stage. Optimal performance in two

aspects - water chi;ling capacity and COP - results.

The conclusion was clear: with the existing "set water temperature" control

philosophy. no advantage in performance. even from an energy-saving

point of view. was likely in either cleaning heat-exchanger tubes22 or

restoring the low condenser water flow to design value. In fact. total input

power was predicted to increase! Thus the higher-than-design fouling

factors were actually an advantage under this operating regime - they

reduced input power! This was a consequence of the limitations of multi-

stage, first-stage-regulated centrifugal compressors at part-duties. The

appropriate strategy was to alter the contro! philosophy to that of

"maximum load" for both machines; optimal performance in respect of

both capacity and COP was then predicted. Only with this revised control

philosophy was there any benefit in cleaning the heat exchanger tubes.

22 This does not mean to imply that heat-exchanger surfaces should not be cleaned.
Excessive fouling should be removed for other reasons, for example b ,r,inimise
corrosion of tubes.
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6.2.4 Case Study E: Overcharge of Refrigerant

How can apparent machine performance be assessed when it cannot be

verified - that is. when actual performance cannot be independently and

precisely ascertained through the enhanced Thorp method or machine

modelling? It may nevertheless be possible, using simplified modelling, to

ascertain a range in which actual performance must lie. The upper and

lower limits of this range can then be assessed.

It is recalled from Chapter 5 that for Case Study E, one or both apparent

water flow-rates were unacceptably erroneous, but the overcharge of

refrigerant in this machine prevented use of the enhanced Thorp method

to ascertain actual performance and so verify apparent performance. Use

of the inexact Thorp method indicated, though, that the liquid fraction in

the refrigerant leaving the evaporator was high enougn io raise concern

about possible damage to the compressor. Unfortunately, the available

version of CHILLER could not be used to ascertain actual performance by

machine modelling; its model of a centrifugal compressor stage did not

account for the presence of liquid in the vapour being compressed.

Nevertheless, it was desirable to obtain some indication of the

performance without refrigerant overcharge, as well as tile normal

performance, in order to estimate the shortfall in performance due to the

refrigerant overcharge and other faults ?ossibly present, and hence to

determine what corrective action was warranted.

The evaporator and condenser water flow-rates in a conventional machine

are related through its overall ene gy balance. Therefore, as shown in

Appendix 20, if inlet and outlet water temperatures and apparent input

power are known with acceptable accuracy, the implied condenser water

flow-rate corresponding to the apparent evaporator water flow-rate can be

determined, and vice versa.

Hence, as deduced in Appendix 20:
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A) if the apparent condenser water flow-rate of 85,5 lIs had been

accurate, the implied, corresponding evaporator water flow-rate

would have been Jery low at 35 I/s: 58 per cent of its design value.

The corresponding COP would have been 1,61, this being the

apparent rejection-load COP, COF\JB]P' in Table 5.7;

8) on the other hand, if the apparent evaporator water flow-rate of

51,6 lis had been accurate, the implied, corresponding condenser

water flow-rate would have been 110,4 lis: 87 per cent of ::s design
value. The corresponding COP would have been 2,37, this :_,eing

the apparent evaporator-load COP, COF\EB]P' in Table 5.7. As noted

in Chapter 5, this second scenario seemed more probable, because

it implied a liquid fraction of only 13% - not 23% - in the refrigerant

vapour entering the compressor.

It therefore seemed reasonable to assume that the probable lower limit of

actual performance was this second scenario. In Chapter 5, it was

concluded from the COP range plot that the actual COP had to be

significantly below the full-duty design COr. " 3,43. Therefore, it was

assumed that the probable upper limit of actual performance was at the

design evaporator water flow-rate of 60,6 I/s, which similarly implied a

COP of 2,79 (81 per cent of the design value) and a condenser water

flow-rate of 123,1 lIs (97 per cent of the design value).

The CHILLER program was then used to predict the following

performances without refrigerant overcharge, with the actual evaporator

and condenser inlet water temperatures, and the inlet guide vanes on the

first compressor stage controlled to maintain the actual outlet chilled water

temperature of 5,27°C:

1) performance at the "lower probable" conditions: that is, with the

apparent evaporator water flow-rate of 51,6 lis; the implied,

corresponding condenser water flow-rate of 110,4 lis; and the
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corresponding water-side fouling factors, calculated as described in

Appendix 20 by the methods of Appendix 21;

2) performance at the "higher probable" conditions: that is, with the

design evaporator water flow-rate of 60,6 lis; the implied,

corresponding condense- water flow-rate of 123,1 lIs; and the

corresponding water-side fouling factors, calculated as for 1);

3) normal performance - that is, with the water-side fouling factors set

+0 design values - under the operating regime of 1);

4) :'(}I'Irlal performance Linder the operating regime of 2).

No compressor characteristic performance curves were available from the

manufacturer. Again, therefore, those artificial curves of CHILLER which

best matched the limited amount of design, full-duty performance data

furnished by the manufacturer were used. The predicted performances

without refrigerant overcharge at the "lower probable" and "higher

probable" water flows and fouling factors are listed in Table 6.7, as well as

the apparent and design performances for comparison.

As seen in Table 6.7, the first prediction of CHILLER, for tile "lower

probable" conditions, yielded an input power of 693 kW, which was 20 per

cent less than the apparent value of 871 kW. The second prediction, for

the "higher probable" conditions, yielded an input power of 785 kW -

11 per cent less than the apparent value of 871 kW. These predictions

therefore indicated the probable range of power wastage due to the

overcharge of refrigerant, assuming that apparent input power was

accurate.
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Table 6.7 Case StLldy E: Predicted Performances at
"ProbabIH" Conditions and No Refrigerant
Overcharge

Predicted performance
(no refrig. overcharge)

QUANTITY UNIT Apparent "Lower "Higher Design fulf-
performance probable" probable" duty values
(with ref rig. flows and flows and for
overcharge) foul. factors foul. factors comparison

EVAPORATOR
Water flow-rate lIs 51,6 51,6 60,6 60,6
Inlet water temperature °c 14,85 14,85 14,85 18,89
Outlet water temperature °c 5,27 5,27 5,27 5,00
Water chilling load kW(R) 2070 2070 243O 3524
Water-side fouling factor m'OCIW - 0,000368 0,000300 0,000176
Refrigerant pressure kPaa 316,1 338 338 342,4
Refrigerant temperature °c no rneas. paint 2,80 2,79 3,22

ECONOMISER
Refrigerant pressure kPaa no meas. point 616 640 707,4
Refrigerant temperature °c 26,50 24,25 24,36 28,07

CONDENSER
Water flow-rate lIs 85,5 110,4 123,1 126,2
Inlet water temperature °c 34,78 34,78 34,78 4'),56
Outlet water temperature °C 41,14 40,76 41,02 49,14
Water heating load kW(R) 2277 2762 3214 4533
Water-side fouling factor m2DCIW - 0,0010023 0,0010023 0,000352
Refrigerant pressure kPaa 1302 1 172 1221 1315,5
Outlet refrig. temperature DC 51,57 48,32 50,07 53,33

COMPRESSOR
Vane opening degr. 50 50 C3 100
1st stg. inlet vol, flow-rate m3/s - 0,80 0,95 1,58
tst stage isentropic head kJ/kg - 10,5'1 11,20 12,74
1st stage isentr. efficiency % - 54,1 59,2 72,5
2nd stg. inlet vel. flow-rate mvs - 0,59 0,67 1,01
2nd stage isentropic head kJ/kg - 12.19 12,15 11,47
2nd stage isentr. efficiency % - 61,1 65,1 72,5
Input power kW 871 693 785 1009
Suction temperature DC 2,82 2,80 2,79 2,22
Discharge temperature °c 56,20 73,69 72,35 60,61
Coefficient of perf. (COP) 2.37 2.99 3,10 3,43

The third and fourth predictions of CHILLER, of normal performance with

the "lower probable" and "higher probable" water flow-rates, and design

23 From Appendix 21, these corresponding fouling factors were 0,00128 and
0,00113 m2DCIW,but the available version of the CHILLER program allowed a maximum
of 0,0010 m2°CIW.
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fouling factors, are listed in Table 6.B. On comparison with Table 6.7, it is

seen that predicted normal performance under otherwise identical

conditions yielded a smaller saving in input power, in spite of the

evaporator and condenser water-side fouling factors being reduced

twofold and threefold respectively!

Table 6.B Case Study E: Predicted Normal Performances at
"Probable" Water Flow-Rates

Predicted normal
performance (no refrig.

overcharge)
QUANTITY UNIT Apparent "Lower "Higher Design full-

performance probable" probable" duly values
(Vvithrefrig. waterflow- waterflow- for
overcharqe) rates rates comparison

EVAPORATor~
Water flow-rate lIs 51,6 51,6 60,6 60,6
Inlet water temperature 'C 14,85 14,85 14,85 18,89
Outlet water temperature °C 5,27 5,27 5,27 5,00
Water chilling load kW(R) 2070 2070 2430 3524
Water-side fouling factor m'oCfW - 0,000176 0,000176 0,000176
Refrigerant pressure kPaa 316,1 350 347 342,4
Refrigerant temperature ·C no rneas. point 3,91 3,63 3,22

ECONOMISER
Refrigerant pressure kPaa no meas. point 5(,C; 574 707,4
Refrigerant temperature ·C 26,50 20,35 20,40 28,07

CONDENSER
Water flow-rate lis 85,5 110,4 123,1 126,2
Inlet water temperature ·C 34,78 34,78 34,78 40,56
Outlet water temperature ·C 41,14 40,96 41,08 49,14
Water heating load kW(R) 2277 2813 3246 4533
Water-side fouling factor rn'·CfW - 0,000352 0,000352 0,000352
Refrigerant pressure I<Paa 1302 1043 1063 1315,5
Outlet refrig. temperature ·C 51,57 43,41 44,19 53,33

COMPRESSOR
Vane opening degr. 50 28 38 100
1st stg. inlet vol. flow-rate rn.; - 0,76 0,90 1,58
1st stage isentropic head kJ/kg - 8,36 8,78 12,74
1st stage isentr. efficiency % - 32,9 37,4 72,S
2nd stg. inlet vol. flow-rate rn3/s . 0,64 0,73 1,01
zno stage isentropic head kJ/kg - 12,17 '12,08 11,47
2nd stage lsentr, efficiency % . bJ,6 67,6 72,5
Input power kW 871 744 816 1009
Suction temperature ·C 2,82 3,91 3,63 2,22
Discharge temperature ·C 56,20 77,61 73,90 60,61
Coefficient of perf. (COP) 2,37 2,78 2,98 3,43
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The cause was the same as for Case Study C - the vanes of the regulated

first stage closed further to accommodate the reduction in required lift.

Consequently, even though the inlet volumetric flow-rate of this stage

dropped relatively little. the isentropic efficiency reduced drastically to

between 33 and 37 per cent (for the "lower probable" end "higher

probable" water flows respectively). For the "lower probable" water flows,

this reduction in isentropic efficiency is illustrated in the lower plot of

Figure 6.5. As in Case Study C, therefore, reducing the fouling factors to

normal (design) values was predicted to yield Q power penalty rather than

a power saving.

Two other points emerged from Figure 6.5. First, in contrast to the first

stnge, the inlet volumetric flow-rate of the second, unregulated

compressor stage increased slightly.24 The isentropic efficiency of this

stage increased correspondingly, but the resulting power decrease was

not sufficient to offset the power increase in the first stage. Second, at the

lower vane opening, the isentropic head developed by the first stage

reduced, so the unregulated second stage developed most of the total

isentropic head required.

As Shone (1983) has shown, if the vane op""ling of the first stage of a

centrifugal compressor is reduced to the point where the head required of

an unregulated second or subsequent stage exceeds its capability, that

unregulated stage will surge. This was the case here: the upper plot of

Figure 6.5 shows that the operating point of the second stage was at

almost maximum head, and hence almost at its surge point. Fortunately,

the operating point of this stage for corresponding normal performance,

with design fouling factors, was s!ightly further away from its surge paint,

24The specific volume of the vapour entering this stage Increased, becauseof both the
lower pressure (due to the lower first stage head) and the higher ternperatire (due to the
lower first stage efficiency) of the vapour leaving the first stage.
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but the reverse would have occurred if the reduction in head developed by

the first stage had exceeded the total required reduction in isentropic

head.
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In reality, under these conditions, the controller of the machine will open

its hot gas bypass valve (shown in Figure 3.18) sufficiently to keep the

operating point of the second stage safely away from its surge polnt.:

Here, therefore, this would have occurred for all predicted performances

in Tables 6.3 and 6.4. As explained in Chapter 3, hot gas bypass

increases input powe ..without any increase in refrigerating load, and so if

the effect of this hot gas bypass had been modelled,25 predicted COPs

would have been lower than in Tables 6.3 and 6.4. Thus, ironically,

"imply restoring the refrigerant charge to normal would probably have

necessitated bypassing hot gas, thereby partially or wholly nullifying the

anticipated power saving I

As for the other case studies, the accuracy of the quantitative predictions

here was directly dependent upon the degree of correspondence between

the artificial compressor stage curves of CHILLER and those of the real

machine. Again, the manufacturer had quoted no part-duty performance

data, so the degree of correspondence between the artificial and actual

curves of the first compressor stage at part-capacities was not known. As

for Case Study C, therefore, it was wise to draw no conclusions directly

dependent on the accuracy of the quantitative predictions of compressor

performance. It was prudent to merely conclude that to protect the

compressor, the refrigerant charge should be restored to normal; the

resulting power saving, though, was uncertain because of the probability

of the machine having to bypass hot gas to keep the compressor stable.

As for Case Study C, it was thus seen that if this machine were required to

maintain a specified outlet chilled water temperature - that is, to operate

under a "set water temperature" control philosophy - the compressor vane

25 The available version of CHILLER had no facility to model the effect of hot gas
bypass.
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openlnq would be considerably below 100 per cent. The operating point

of its first, regulated stage would thus be in the region where the relative

decrease in isentropic efficiency exceeded that in required isentropic

head. As for Case Study C, therefore, it was preferable to adopt a

"maximum-load" control philosophy for this machine - which had also been

manufactured before '1980, and was therefore likely to have been

designed for optimum efficiency at full load (Austin, 1991).

Accordingly, CHILLER was used to predict normal performance under this

alternative control philosophy, for the same inputs as before. Here, for

the "higher probable" water flows (that through the evaporator being the

design value of 60,6 lis), the compressor vane opening could increase to

70 per cent before the evaporating temperature decreased to the

minimum allowable value of 1°C. The resulting benefits of this "maximum-

load" control philosophy were significant. Outlet chilled water temperature

decreased to 2,83°C, water chilling load increased to 3 049 kW(R) , and

COP increased to 3,42. Compared to the predicted normal performance

with "higher probable'' water flows in Table 6.8, improvements in water

chilling load and COP were 25 and 15 per cent respectively! Moreover, at

this increased vane opening, the greater proportion of total head

developed by the first stage moved the operating point of the second

stage safely away from its surge point. For the "lower probable" water

flows, CHILLER's predictions were similar.

Compressor vane opening was still considerably below 100 per cent,

though, so a further idea was considered to improve machine utilisation.

This machine was one of four in its water chilling plant, with the water

circuits connected in parallel as in Figure 3.19. Normal performance was

next predicted, therefore, with the evaporator water flow-rate increased

from 60,6 I/s to 80 lis. The total design chilled water flow-rate of 240 lIs

could then be delivered by three machines, freeing one machine for

maintenance during normal working hours. For the other inputs remaining
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as before,26 compressor vane opening could now increase to 97 per cent,

being limited there by the refrigerant evaporating temperature again

reachinp 1°C.27 Predicted outlet chilled water temperature, water chilling

load and COP were 3.47°C, 3812 kW(R) and 3.49 respectively.

Compared to predicted normal, maximum-load performance at the "h;gher

probable" (design) evaporator water flow-rate of 60,6 lis (see previous

paragraph), the further improvements in water chilling load and COP were

25 and 2 per cent respectively.

Here, the maximum-load control philosophy thus offered improved

availability (by reducing the likelihood of surge), as well as greatly

improved effectiveness and significantly improved quality of performance.

The "lower probable" and "higher probable" limits of the performance of

this machine were therefore assessed as 'ollows, The excess refrigerant

had to be removed at the earliest opportunity, both to avoid possible

damage to the compressor and to eliminate the consequent. quite

unnecessary input power penalty of the order of at least 10 per cent. As

for the previous case study, clear ling heat exchanger tubes was predicted

to yield no thermodynamic benefit unless the "maximum-load" control

philosophy was adopted. Here, very significant improvements in water

chilling capacity and COP were predicted. In particular, the possibility

existed of letting three machines perform the task of four, freeing one

machine for maintenance during normal working hours.

26 Except that the condenser water flow-rate was increased from 110,4 lis to the design
value of 126,2115.
27 At vJ1lch point the compressor driving motor had reached 98 per cent of its rated
output power.
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6.3 Review

In the case studies of this chapter, it has been seen how performance of

conventional machines is assessed. It is vital to bear in mind that

accuracies of quantitative predictions of normal or optimal performance,

and quantitative comparisons with actual performance, critically depend

on accuracy of compressor characteristic performance curves.

The first two case studies involved machines operating at full compressor

capacity. The first, Case Study A, concerned a machine operating at

close to design duty. This machine had been designed for efficient

operation at specified part-duties as well as full duty, and employed a

single-stage centrifugal compressor. Here, an expanded, fundamental

machine model showed that slight flooding of the condenser with liquid

refrigerant did not amount to a fault. Also, keeping heat exchanger tubes

as clean as possible, so minimising water-side fouling factors, was

predicted to minimise input power a.id hence optimise performance. The

second such case study, G, concerned a machine with a two-stage, first-

stage-regulated centrifugal compressor. The evaporator and condenser

water flow-rates turned out to be 23 and 71 per cent above their design

values. This amounted to a badly off-design operating regime, which

afforded no benefit and was wholly responsible for tile machine being

unable to attain its specified outlet chilled water temperature.

The other case studies, C and E, involved machines with three- or two-

stage, first-stage-regulated centrifugal compressors operating at part-

capacity (i.e. with the inlet guide vanes on the first stages partially open).

Moreover, these machines were manufactured before 1980, so their

compressors were thus likely to have been designed for optimal efficiency

at full capacities. First, comparisons of actual with predicted normal

performance have shown that if a machine with such a compressor

operates at part-duty with partially open inlet guide vanes under the

customary "set water temperature" control philosophy, no improvement in
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quality of performance is likely if heat exchanger tubes are cleaned or

other measures are taken to reduce lift. This is due to the rapid

deterioration in efficiency of the regulated first stage, which has to perform

all the regulation by closing its vanes further and rapidly. (Hence this

i) ienornenon is most likely to occur with multi-stage, first-stage-regulated

centrifugal compressors.) Second, comparisons of actual and predicted

normal performance with predicted performance under an alternative

"maximum-load" control philosophy have shown that operating such

machines at maximum load (either lowest outlet chilled water temperature,

or higher chilled water flow-rate) offers optimal performance in both

effectiveness (load) and quality (COP). Cleaning heat exchanger tubes or

undertaking other measures to reduce lift yields immediate benefits in

such effectiveness and quality of performance. The "mexlmum-toea"

control philosophy is only of benefit when, under a "set water temperature"

control philosophy, the vanes of the regulated first compressor stage are

not fully open, as happened with Case Studies C and E. This is because

these vanes must have opportunity to open further.

Finally, where it is not possible to precisely verify apparent performance

of conventlonal rrochlnes by either the enhanced Thorp method or the

available computer-based machine models, it has been shown that

simplified machine modelling based on the overall energy balance may

yield a probable range of actual performance. Machine modelling can

then predict normal or optimal performance at the upper and lower limits

of this range, enabling assessment of these limits.

In the case studies of this chapter, faults have been detected by manual

reasoning on the basis of discrepancies between ~ , .al and predicted

normal or optimal performance. The next cnar'er 'evlews established

methods of fault diagnosis, shows where the work of the thesis is valuable

here, and examines tile extent to which fault diagnosis has been

automated.
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7. DIAGNOSING FAULTS INWATE~HILLING MACHINES

The case studies in the previous two chapters have illustrated how
---

performance assessed as unsatisfactory may be due to an off-design

operating regime, machine faults, or both. Actual machine performance is

ascertained as accurately as possible by the methods of Chapter 5. Off-

design inputs are detected here. Actual performance is then assessed by

comparing it with normal or optimal performance, predicted by the

methods of Chapter 6, under identical or alternative operating regimes.

Abnormalities in process parameters or state variables are detected here,

and those constituting faults diagnosed if performance is unsatisfactory.

This final step of fault diagnosis, which constitutes the ultimate benefit of

performance assessment and should ideally be automated, is the subject

of this chapter. Methods of fault diagnosis, and the automation thereof, in

vapour-compression water chilling machines are reviewed, and it is shown

where the work of the thesis is of value here.

7.1 Definitions and Classes of Fault Detection and Diagnosis

In tile South African mining industry, two computer-based, off-line

procedures for assessing performance and diagnosing faults in

conventional water chilling machines have been reported. The earlier one

is by Hall and Unst I (1976) and the later and more comprehensive one

is by Hemp et al. (1986). Other applicable methods will be examined as

well, but the basic definitions and classes of fault detection and diagnosis

will first be outlined.

Following lsermann (1982), fault detection is defined as identification of

the presence of a fault, its type and the time of its occurrence. Fault

diagnosis, the succeeding step, is defined as identification of the location,

size and cause of a fault. Fault diagnosis therefore includes fault

detection as a prior step. Isermann identifies four classes of fault

diagnosis, utilising the following variables:
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1) measurable quantities (inputs and outputs);

2) non-measurable state variables:

3) non-measurable process parameters;

4) non-measurable characteristic quantities (termed meeeures of

quality of performance in this thesis).

Methods of fault diagnosis in wat=r chilling machines, where the static

performance is of chiefinterest, belong mainly to classes t), 3) and 4).

Both established and some recently-proposed methods are now reviewed,

and the quantities of actual performance utilised, the manner of obtaining

the corresponding quantities of normal (fault-free) performance, and the

fault symptoms and other knowledge of the process used will be

examined.

Accuracy of measured quantities is, of course, an absolute prerequisite

for valid fault diagnosis. Where calibration of instruments is not assured,

the methods offered in Chapter 5 for independently ascertaining actual

performance are of material aid in identifying any unacceptably erroneous

such quantities.' In this chapter, it is assumed that all measurements, and

quantities derived or estimated therefrom, are sufficiently accurate for

performance assessment and fault diagnosis. Furthermore, the term

"fault" has the meaning assigned to it in Chapter 4: an abnormal,

undesirable value of a state variable or process parameter, contributing to

unsatisfactory performance.

1The procedures of Hall and Unsted (1976) and Hemp et al. (1986) first check the
measurements for obvious absurdities, and then use Thorp's original method (Thorp,
1974) to check for errors in water- circuit measurements. As showi in Chapter 4, this
original method is deficient and can lead to erroneous conclusions.
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7.2 Fault Diagnosh:; Directly from Measurements

Many common faults in refrigerating machines reveal themselves through

well-known syrnptOl is. Gluckman (1986) gives a list, summarised in

Table ,'.1, of some common faults and their primary symptoms.

Table 7.1 Prir:nary Symptoms of CQJ]!!I!pn Faults in
Refrigerating Machines (Gluckman, 1986)

Fault Primary Symptoms_.
Condenser air blanketing (non- high condensing pressure, apparent liquid subcooling
condensable gas in condenser)
Liquid flooding in condenser high condensing pressure, apparent liquid subcooling
Condenser water-side fouling high condensing pressure, no liquid subcooling, high

water pressure drop
Low condenser water flow2 hiyh condensing pressure, no liqJlj subcoollnq, low

water pressure drop
Oil in refrigerant in evaporator low evaporating temperatures

Insuffioient refrigerant oharge i low evaporating pressure

Common faults such as in Table 7.1 can be inferentially diagnosed

directly from measured quantities or elementary derivations therefrom,

such as saturated refrigerant temperature corresponding to a measured

pressure. Gluckman (1986) notes that the main drawback is that little can

be learned about "compressor problems" (faults in compressors), apart

from inferences on the cause of high superheat."

A cautionary observation must immediately be made here. The words

"high" and "low" in Table 7.1 irnplv qualltatlve comparisons with normal

values. Comparisons are commonly and intuitively made with design

values, but normal values are not synonymous with design values unless

the operating regime (the inputs and control philosophy) is at design

2 This is an off-design input. not a rnachine fault.
3 For ammonia as refrigerant, b=cause 011 tends to foul the heat-transferring surfaces.
011dissolves In haloc .rbon refrigerants, so the symptom is different for them.
4 For example, abnormally high superheat at the outiet of a multi-stage centrifugal
compressor is symptomatic of leakape of vapour from higher to lower stages through
worn labyrinth shaft seals.
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specification. Furthermore, if some inputs or the control philosophy do

deviate from design specification, such deviations - and not machine

faults - may be the whole or a partial cause of output quantities deviating

from design values, and of unsatlsfactory performance.

7.2.1 Deviations from Design Values

The deviations in Table 7.2 below, reported by the programs of Hall and

Unsted (1976) and Hemp et al. (1986) to aid the user in inferential fault

diagnosis, provide an illustration of this. Deviations 1 and 2 in this table

are the most useful ones, being of input quantities from their design

values. Such reported deviations at least draw the user's attention to off-

design inputs, which may be the prin ary or at least a contributory cause

of unsatisfactory performance.

Table 7.2 Deviations Reported by Programs of Ha" and
Unsted (1976) and Hemp et al. (1986)

DEVIATION IN MEASURED QUANTITY Hall and Hemp et
Unsted al.
(1976) (1986)

EVAPORATO>: AND CONDENSER
1. Water flow-rate < £0% of design value i
2. Inlet water temperature> 3°C above or ."'I.)W design value i
3. Refrigerant pressure> 5% above or bel. / design value i
4. Water pressure drop too low or too high i
5. Difference between temperature ot condensing/evaporating i

refrigerant, and saturation temperature at refrigerant pressure,

f-
too high _

CONDENSE/,
Outlet refrigerant temperature> saturation temperature at i
condensing pressure, or more than 1°C below this

COMPRESSORI!::xcessive superheat at compressor inlet ..J
la. Outlet superheat> 2°C above or below design value ..J

Deviations 3 through 8 in Table 7.2 are of output quantities. As just

mentioned, they may not be due to faults unless the operating regime

conforms to design specification. This is because these deviations are

from design values, not from the normal values yielded by the machine
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performing normally (without faults) under the identical operating regime.

The more the actual operating regime deviates from its design

specification, the less informative and more misleading Deviations 3

through 8 are as indicators of possible faults.

For example, all state variables and process parameters may be at their

design values, meaning that the machine is performing normally with no

faults. The operating regime may furthermore be at design specification

except for two inputs: a condenser water flow-rate of less than 80 per cent

of design value (Deviation 1 in Table 7.2) and an evaporator inlet water

temperature more than 3°C above design value (Deviation 2). If the

control philosophy attempts to maintain a specified outlet chilled water

temperature, Deviation 2 causes the water chilling load to rise above

design value. The load in the condenser rises correspondingly, and this

effect combined with that of Deviation 1 may well cause rofrigerant

pressure in the condenser to rise more than 5 per cent above its design

value (Deviation 3) and compressor outlet superheat to exceed its design

value by more than 2°C (Deviation 8). Deviations 3 and 8 are then not

due to faults, but due to an off-design operating regime - two off-design

inputs!

As recalled from Table 2.1, diurnal and seasonal duties imposed on many

mine water chilling plants, particularly those on surface, are variable. The

operating regimes of at least some water chilling machines within such

plants will hence vary substantially from ti.:sign specification for

considerable portions of their daily or yearly operating periods. For such

machines, fault diagnosis on the basis of comparing measured quantities

with their design values is misleading and invalid; comparisons must be

made with corresponding normal values.

7.2.2 Deviations from Normal Values

Grimmelius et al. (1995) have made a comprehensive and researched

attempt at fault diagnosis from qualitative comparisons of measured with
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corresponding normal quantities. The water chilling machine involved

was custom-built, with two reciprocating compressors. Twenty diagnostic

variables, consisting of measured inputs and outputs and elementary

derivations therefrorn.s were monitored for measurable deviations from

normal values. These normal values were obtained from a linear

regression model, developed from 8 000 sets of measured data under

fault-free conditions. This model predicts the normal values of 19

measurable outputs? as functions of inlet water temperatures at the

evaporator and condenser." No less than 37 possible "failure modes"

(manifestations of faults) for static performance were identified. The

effects of each such mode on t're 20 diagnostic variables were analysed

and these analyses checked by interviews with experts. A qualitative

failure mode symptom matrix was hence constructed, an extract of which

is in Table 7.3.

This symptom matrix was validated by deliberately maladjusting machine

controls to simulate failure modes." A computerised "fuzzy-pattern"

recognition routine determines the probability of a failure mode from

similarities between the symptom pattern arising from the measurements

and those of the 37 pre-defined failure modes. Grimmelius et al. note that

this recognition routine tends to prematurely conclude that faults with few

symptoms are present, but that it is being developed further to improve

diagnostic capacity.

5 Compressor pressure ratio; superheat at compressor outlet: subcooling of refrigerant at
condenser outlet; difference between refrigerant and heat-removing water temperatures
at condenser outlet; temperature ranges of heat-removing water and water being chilled.
6 Oil temperatures and pressure; refrigerant pressures and temperatures; amount of
ecting cylinders in compressors; and electrical current of compressor driving motors.
7The flows of water being chilled and of heat-removing (condenser) water always
remained constant, and so were not included as Inputs in the regression n,~'del.
8Where the actual symptoms did not match those in the initial matrix, closer analyses
were rnr te to determine the reasons, and the matrix was then changed appropriately.
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Table 7.3 Extract from Failure Mode Symptom Matrix for
Water Chilling I\:,..lchine (Grimmelius et aI., 1985)

Compressor Evaoorator Condenser
Failure Inlet T E/ec- : Super- I . . "" .... Outlet I Chilled:. .. Sub- : ...............
Mode pres- I trice! I Ileat I (other Pres- I water I (oOler cooling I (other

sure : power:
Imeasure- sure : temp.

Imeasure- t Imeasure-
I ments) I ments) a I ments)

I I I I c/lange I outlet I

1a < I < I > ! > I < I I
1b >

, ,
I I > I > I < I I

2
, , ,

I > I I I I < I
3

, , , ,
I ~ I > I I < I I4 >

, ,
I > I < I > I > I I

I.._§' <
, ,

I < I > I < I > I I _j
<: decreased value due to rautt >: increased value due to fault

a: compressor, suction sici'3,Increase In flow resistance
1b: Compressor, discharge s.de, increase in flow resistance
2: condenser, wate. side Increase In flow resistance
3: Refrigerant liquid nne from condenser, Increase in flow reslstance

Thermostatic expansion valve, control unit: power element loose from p.pe
5: t -vaporator, chilled water side, increase in flow resistance

Even if the correct, corresponding normal quantities are available, though,

fault detection and dio'gnosis from qualitative symptoms in measurable

quantities has its limitations. First, unanticipated faults may produce

unfamiliar symptoms which are difficult to interpret. Second, different

faults can sometimes I .roduce the same obvious, primary symptoms. For

example, as seen in Table 7.1, both non-condensable gas in the

condenser and liquid flooding therein produce the 5 me primary symptom

of high condensing pressure and apparent liquid subcooling. Even with

the comprehenslve symptom matrix of Table 7.3, some failure modes?

proved indistinguishable because of identical or empty symptom patterns.

Additional analysis on the basis of more information is then necessary to

distinguish between such faults.'? Finally, when multiple faults exist, they

are liable to interfere with each other's symptoms unless their symptoms

9Which Grimmelius et at. (1995) unfortunately do not specify.
10 For example, In Case Study A in Chapter 5 (see footnotes on page 242), the symptom
of high condensing pressure and apparent liquid subcooling occurred. However, actual
condenser flooding was confirmed because outlet refriger, nt temperature V>"lS lower than
outlet water temperature.
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involve no common quantities. An example of this is given later, in the

discussion on Table 7.4 on page 314.

These limitations may be partially overcome if the quantitative information

in measured quantities is used to impart quantitative content to fault

symptoms. Here, Yu and Lee (1991} propose an approach for chemical

processes in general. Their approach uses a simple qualitative model,

the signed directed graph (SOG) in tree form for each fault deemed

possible, in order to systematise fault diagnosis from measurements. The

quantitative information in measurements is utilised in the form of ratios of

steady-state deviations (from norrnalu) of adjacent measured variables in

each such tree. Membership functions of fuzzy-set theory are assigned to

these deviation ratios (termed gains by Yu and Lee) to account for the

degree of certainty of the quantitative information. These membership

functions are then integrated into the branches of the trees for each

possible fault; one such tree from Yu and Lee's own example of a

continuous stirred-tank reactor is reproduced ir. Figure 7.1.

Actual faults are diagnosed by computing the actual deviation ratios of the

on-line measurements, and then identifying that fault tree whose

membership functions are most consistent with these actual deviation

ratios. As Yu and Lee show, this technique can distinguish between faults

producing the same qualitative symptoms wherever one or more such

membership functions in the fault trees differ significantly. Moreover, the

technique can, in principle, diagnose anticipated multiple faults if the

corresponding SOG-type trees with multiple faulty variables are available.

However, the SOGs and membership functions for each possible fault -

and each possible cornblnatlon of multiple faults - have to be derived from

11 Actually deviation indices, defined as (measured z - nominal z)/(threshold for z].
Unfortunately, Yu and Lee (1991) do not define the meanings of "nominal" and
"threshold". It is thus presumed that "nominal" means "normal".



300

either a quantitative, mathematlcal process model by slmulatln- such

faults, or from the real process by deliberately inducing such faults. A

mathematical process model suitable for such simulations must

incorporate the relevant state variables and process parameters which, if

abnormal, possibly constitute faults. Wherever such a model is available,

therefore, it seems simpler to use it directly to estimate actual state

variables and process parameters, and hence directly ascertain which

ones are abnormal and so possibly constitute faults. Such estimation,

using fundamental, detailed models of water chilling machines, has been

done as part of the performance assessments in Chapter 6, and is

reviewed in Sections 7.3.2 and 7.3,3 below. Also, in common with all

techniques of fault diagnosis directly from measurements, Yu and Lee's

technique makes no use of quantities readily derived from measurements.

Such quantities, such as water chilling load and COP for water chilling

machines, are most helpful in detecting and diagnosing faults, as

discussed in Section 7.3.1 below.

Membership Functions

1t--))l 1t /\ it r=. 1t1\
.. alL~~ o~ 0lL__L_
-co )) 0 0,7 1 1,3 ·1.6 .IJ.7 .IJ.1a -o.oa

Llz, LlZ2/LlZ, Llz3/LlZ2 Llzi!!.Z3

\ / I I
Fau~y Z, Z2 --Z3 ~Z4
Variable

SDG Fault Tre e

z: measured quantity Llz.' deviation of measured quantity
from normal value

Llz ILlz .' deviation ratios (gains)
n m

Figure 7.1 Example of Signed Directed Graph Fault Tree and
Membership Functions (Yu and Lee, 1991)
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Yet another approach is fault diagnosis from statistical analysis of

measured quantities. Pape et al. (1991) present a methodology, tested by

simulation only, of detecting faults from statistical analyses of measured

power demands of each component - including a conventional water

chilling machine with a single-stage compressor - of a building HVAC

system. A strategy for optimal control of th's system was formulated,

based on quadratic formulas - in terms of controlled variables, loads,

ambient conditions, and coefficient vectors and matrices - for input power

to the system and to each system component. (The formula for predicting

input power to the water chilling machine is a quadratic function of its load

and the difference between condenser and evaporator outlet water

temperatures.) Linear regression was used to derive these coefficient

vectors and matrices from data yielded by simulations12 over a wide range

of near-optimal, fault-free operating conditions.

The methodology monitors the actual power demands of the complete

HVAC system and its components over time, and uses the regression

mocel to predict the corresponding optimal values. Non-optimal

performance of the system, and thus the presence of one or more faults,

is detected by a statistically significant deviation between actual system

power and the predicted optimal value.P Faults causing relatively large

departures from optimal power demand are detected more quickly. Next,

the actual and predicted optimal power demands of each system

component are examined for similar statistically significant deviations.

Using such individual power deviatlons!" as qualitative eyrnptoms.P the

fault(s) can then be diagnosed by manual reasoning.

12 The complete HVAC system was simulated by a fundarnenlally-based computer
program
13 Which 'lvill also be the normal value if all state variables and process parameters are
at design values (see definitions of normal and optimal performance, page 123,
Chapter 4). There is nothing indicating the contrary In Pape et al. (1991).

141f more than one component exhibits such deviations, cause-and-effect analysis has to
be performed, because a fault in one component may of course affect the performance
of other components.
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In the example given by Pape et al., a fault in the chilled water

temperature sensor of the HVAC system was deliberately induced in a

simulation. This caused the water chilling machine to deliver water at

below optimal temperature. Its COP was thus reduced, so its power

demand increased above the optimal value. Because of the lower chilled

water temperature, however, the system controller reduced the flow

through the chilled water circulating pump in order to maintain the

specified air temperature. The power demand of this pump thus

decreased below its optimal value. Using cause-and-effect analysis on

the basis of these two qualitative symptoms, the faulty temperature sensor

was manually diagnosed.

The focus of this chapter of the thesis is diagnosing faults within water

chilling machines, so two observations must be made here. First, the

symptoms produced by this methodology enable positive. unambiguous

fault diagnosis only if they are unique for every possible single and

multip!e fault. This is not the case for water chilling machines, because

their compressors are the only components absorbing major amounts of

power. There are many faults in water chilling machines which could

cause higher-than-normal compressor input power: for example, an

overcharge of refrigerant, a high water-side fouling factor in the

evaporator or condenser, or excessive oil in the evaporating refrigerant.

Therefore, statistically significant deviations of other measured quantities

from their normal values must be examined as well for additional

symptoms to aid in positively diagnosing faults. Nothing seems to prevent

the methodology of Pape et al. being readily extended to do this.

Second, the symptoms yielded by this methodology, even if so extended,

are qualitative. Apart from the extra reliability of these symptoms because

15 The alqorlthm of Pape et al. (1991) qualitatively indicates statistically significant
negative and positive deviations by flags of -1 and +1 respectively. A flag of zero
Indicates individual power deviations which are not statistically significant.
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of their statistical foundation, this methodology thus suffers from the

limitations mentioned on page 298 for all techniques of fault diagnosis

from qualitative symptoms in measured quantities. Therefore, the

quantitative information content of the statistical analyses should also be

used in diagnosing faults, and this merits investigation.

The most useful benefit from examination of measurements alone is the

detection of off-design inputs, which may be the whole or a partial cause

of unsatisfactory performance.!" In order to confirm or deny fault

symptoms in measurements, though, it is most desirable to perform

analyses based on derived measures of performance and, where

possible, estimated non-measurable state variables and process

parameters. Such analyses are also the procedures most likely to reveal

faults not detectable by measurements alone, or unanttoloated faults.

7.3 Fault Diagnosis by Process Modelling

Higher classes of fault diagnosis make use of derived or estimated

quantities and other information, not just the measurements themselves.

Modelling of the process on one or more levels is inevitably required.

Isermann (1982) elegantly outlines the key concepts here in his proposed

general methodology of fault diagnosis by process modelling. This is

illustrated in Figure 7.2 and employs three models:

(i) a model of the observed (actual) process;

(ii) a model of the normal process;

(iii) a model of the faulty process.

16 An example Is Case Study G in Chapters 5 and 6, \Aihereevaporator and condenser
water flow-rates could not be measured; thus had to be derived trorn on.er
measurements; and exceeded design values by 23 and 71 per cern .;.spectlvely. The
excessive former flow-rate prevented the machine from attaining its specified chilled
water delivery temperature,
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FAULT
DETECT/ON
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FAULT
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FAULT
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FAULT
DIAGNOSIS

FAULT FAULT CAUSE
LOCATION SIZE OF FAULT

Figure 7.2 Generalised Methodology of Fault Diagnosis by
Process Modelling (Isermann, 198:fl

Isermann rightly observes that the goal is not only to detect but to

diagnose process faults, so the process models should express, as

closely as possible, the physical laws which govern the process

be'iavlour.
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The first model, of the observed (actual) process, is used to estimate non-

rneasurr 'Jle state variables and process parameters from the measured

input· .. 'Jtputs. Characteristic quantities and other measures of

perf 01 ,. '" such as COP and water chilling load for water chilling

machines, are also derived from these inputs and outputs.

The second model is of the normal process, and "normal" must first be

defined. Isermann (1982) suggests, as an example, that the normal

model is that for "normal" values of the process parameters. In this thesis,

to accord with the definition of normal performance in Chapter 4, the

normal process is defined as that in which all state variables and process

parameters are at their design values. For the same operating regime as

for the observed (actual) process, the model of the normal process yields

the normal values of the outputs, characteristic quantities, state variables

and process »arameters. Fault detection then commences with

comparing the measured outputs, derived characteristic quantities, and

estimated state variables and process parameters of the observed

(Actual) process against these corresponding norrml alues. This yields

the comparison quantities in Figure 7.2 - for examp!o, deviations from

such normal values, or error signals or residur , i.

The third model in Figure 7.2, that of the faulty process, is a knowledge

base of the effects of known types of faults on these comparison

quantities. These effects are termed fault signatures. These, together

wlth the aforementioned comparison quantities, are the basis for the last

step in fault detection: the fault decision in Figure 7.2, which yields the

fault type and the time of its occurrence. Fault diagnosis then follows,

which determines the location, size and cause of each fault, again with

the aid of the models of the observed (actual) and normal processes.

7.3.1 Fault Diagnosis from Characteristic Quantities

This class of fault diagnosis uses, in addition to the measurements

themselves, characteristic quantities such as COP derived therefrom.
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Gluckman (1986) recommends that if derived evaporator or condenser

loads signal unsatisfactory performance, analysis through evaporator,

condenser or compressor energy balances be undertaken to identify

faults that are not apparent from measurements alone."? He gives an

example of one such fault: worn rotor tip seals in an oil-injected screw

compressor, which decrease its volumetric efficiency and hence the

refrigerant mass flow-rate that it draws. Evaporator load thus decreases,

but power demand does not, because worn tip seals also increase internal

lnakaqe, decreasing the isentropic efficiency of the compressor. As

Gluckman points out, this fault would be expected to reveal itself through

high discharge temperature. However, thrs temperature may not

significantly increase beyond its normal value, because the injected oil in

such screw compressors is cooled to prevent excessively high discharge

temperature. The controller of the oil cooling system, therefore, is liable

to maintain the specified discharge temperature by increasing the cooling

rate, so masking this fault.

For conventional machines, the program of Hall and Unsted (1976)

calculates evaporator and condenser refrigerant mass flows from

evaporator and condenser energy balances. It merely reports if these are

more than 5 per cent above or below design values. It also calculates

overall isentropic efficiency of the single- or rnulti-staqe centrifugal

Gluckman states that "the only way to identify such a fault is recognising

the shortfall in duty with a thermal balance". A compressor energy

balance is meant here. However, this thesis offers a more convenient

way of detecting faults such as these: tb« corrected refrigerant-circuit

COP, determined by the meinode of Chapter 5, will be lower than its

normal value. This is elaborated upon later.

17 Gluckman draws attention to the requlreu accuracy of temperature measurement for
accurate computations in such energy balances, but makes no mention of the equally
important need for accurately measured water flow-rates in this regard.
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compressor, and reports if this is more than 5 per cent below the design

value. Again, the comparisons are with design values, so they are less

informative and valid tl.e further the operating regime deviates from

design specification.

Correctly, of course, actual quantities of performance should be compared

with their corresponding norma! values. As Chapter 4 points out,

corresponding normal performance generally has to be predicted on the

basis of regression modelling, fundamental mathematical modelling, or

combinations thereof. If all quantities of normal performance are to be

predicted, detailed models are required: for example, regression models

like that of Grimmelius et al. (1995), reviewed above." or fundamental

ones such as those used in this thesis for conventional machines. On the

other hand, if it is judged too laborious and impracticable to develop such

detailed models, simpler ones predicting just key normal quantities such

as input power or COP may be developed.

One approach using such a simpler model is now reviewed. As will be

seen, it can detect the presence of faults, but its key disadvantage is that

other important quantities of normal performance not predicted, and thus

not available, cannot be compared with actual values and thus yield

symptoms or signatures to aid in diagnosing faults. As will also be seen,

tile corrected refrigerant-circuit COP of this thesis is thus a most useful

supplementation to such simpler models in diagnosing faults at

refrigerant-circuit level.

Normal COP for a given load can be predicted using the relatively simple

thermodynamic model of Gordon and Ng (1994, 1995), attuned to a

particular machine by regression as described in Chapter 4. This

18 This model only pred:-:ts measurable quantities, and VvOuldhave to be extended to
predict derived quantities like loads and COP.
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approach is inherently sound because this 5implified model is

fundamentally based, and promisingly practicable because it requires

minimum normal operating data for attuning. The temperature-

independent and -dependent versions of this model. described in

Chapter 4, predict COP from load and (for the temperature-dependent

model) outlet chilled water and inlet condenser water temperatures. The

temperature-independent model, as recalled from (4-9a), predicts a linear

relation between the reciprocals of COP and water chilling load Qe:

(7-1)

Both constants C characterise the internal irreversibilities of a machine,

but Co, as explained in Appendix 6, also characterises the external

irreversibilities of heat transfer through the evaporator and condenser.

Statistically significant discrepancies between actual and predicted

normal COP signal the presence of faults through their effect on the

internal or external irreverslbillt.es of the process. However, diagnosing

the faults must be done by manual reasoning, with the following

exception.

Gordon, Ng and Chua (1996) show that faults affecting only the external

irreversibilities of heat transfer through the evaporator and condenser can

be iJentified as such. They used the temperature-independent model to

detect water-side fouling in the evaporator and condenser of a

conventional water chilling machine. Briefly, this model was attuned to

the full- and part-load performance of this machine both before and after

its heat-exchanger tubes were cleaned. The constant C1 in (7-1)

obtained before and after this cleaning changed negligibly; this, as the

authors point out, suggested that the internal irreverslbllities of the

machine were negligibly affected thereby. However, the constant Co

decreased by 36 per cent. Changes in just the external irreversibilities of
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heat transfer - due to high heat exchanger fouling in this case - thus

manifest themselves as a vertical shift in the straight line of (7-1).

However, this does not identify the precise location of such fouling; that is,

whether it is in the evaporator, the condenser, or both.

Two further remarks must be made here. First, the machine studied

employed a single-stage centrifugal compressor, manufactured in '1971

(Gordon, Ng and Chua, 1995: 257). For a machine with a multi-stage,

first-stage-regulated compressor manufactured before 19~O, however,

removing heat-exchanger fouling may not leave internal irreversibilities

unaffected at part loads. As explained in Chapter 6, for such machines

,Jerating with partially open inlet guide vanes under a "set water

temperature" control philosophy, cleaning heat-exchanger tubes causes

the efficiency of the regulated first stage to deteriorate rapidly (and thus

the degree of irreversibility of its compression process to rise rapidly) as

its vanes close further. Hence, at part loads, the relationship of the

reciprocals of load and COP may well deviate from a straight line, and the

curves of actual and normal reciprocals of COP may approach or even

cross each other.t? This possibility will have to be borne in mind in

applying this technique to machines with multl-staqe, first-stage-regulated

centrifugal compressors.

Second, the temperature-independent model is only valid where the outlet

chilled water and inlet condenser water temperatures are relatively

constant with load. For cases where this is not so, as for water chilling

machines in surface installations on mines, Gordon and Ng's temperature-

dependent model must be used instead. The use of this latter model to

detect such changes in external irreverslbilltles, caused by water-side

fouling or other faults, has not yet been reported.

19 This ¥viIIoccur if, for the same load at part-duty, negligible power savlnq or even a
power penalty arises from cleaning heat-exchanger tubes, as explained In Chapter 6.



310

This thermodynamic model of Gordon and Ng (1994, 1995), then, has the

potential to identify faults affecting just external irreversibilities, but

otherwise does not diagnose faults - that is, identify their locations, sizes

and causes. Nevertheless, because of its simplicity and practicability, it

appears to have considerable promise in detecting faults, especially in

custom-built machines which are more complicated than conventional

machines to fundamentally model in detail.20 However, as noted in

Chapter 4, it must be modified in order to apply to custom-built machines.

For diagnosing faults detected by such relatively simple models, the

corrected refrigerant-circuit COP, obtained as in Chapter 5, may aid

considerably. Because it is the thermodynamic efficiency of the

refrigeration cycle, it is useful in diagnosing faults at refrlqerant-clrcult

level. For this purpose, though, this COP should be precisely determined,

so all the measured quantities required to compute it should be

obtainable. Moreover, the corresponding normal values of these

quantities (or at least approximate indications thereof, as discussed

below) must also be available, for comparing with the actual values. It is

the information yielded by these comparisons which aids in fault

diagnosis.

The aforementioned example on page 306 of worn rotor tip seals of a

screw compressor - this fault being masked because the controller of the

oil cooling system increases the oil cooling rate to maintain the specified

discharge temperature - is returned to. With such a fmllt, the corrected

refrigerant-circuit. COP will be less than the normal COP predicted by, for
example, the temperature-independent or -dependent model of Gordon

20Of course, custom-built machines can be fundamentally modelled using already-
davetoped, flexible software, such as that of Cleland and Cleland (1989) briefly reviewed
In Chapter 4. This option 'Mil become more practicable as such software Inevitably
develops further.
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and Ng (1994, 1995), discussed above. If at least approximate

indications of the normal values of the quantities upon which the

corrected refrigerant-circuit COP depends are available, the actual value

of this COP will then reveal the greater-than-normal oil cooling load

through:

o either the greater-than-normal correction ratio R[VCBJ in (5-10b) or

(5-10c) if the oil is cooled in an oil-to-water or oil-to-refrigerant heat

exchanger (as, for instance, in the machine of Figure 3.24);

e or the greater-than-normal liquid injection ratio if the oil is cooled by

liquid injection (see, for instance, the liquid injection ratio in (3-24)

for the machine of Figure 3.22).

The set of possible known faults is then restricted to those known to

cause a signature of greater-than-normal oil cooling load; one such fault

is worn rotor tip seals (an abnormal, undesirable change in a process

parameter, namely a dimension of the rotors).

Such use of the corrected refrlperant-cl-cuit COP and the quantities upon

which it depends - in conjunction WI~;,,\C slmpllfied model predicting

corresponding normal COP - to aid in f ault diagnosis may find particular

application with custom-built water chilling machines. From the viewpoint

of a mine with such machines, this option is likely to be more practicable

than aeveloping detailed fundamental or regression models predicting all

normal quantities of performance and estimating all relevant process

parameters and state variables to enable direct fault diagnosis. Not only

are custom-built -iachl- - ~more ornplicated than conventional ones to so

model but cus' rn-buht rx,(.t;nE'S are mc.stly unique and thus require

unique effort in devcloplnq such models.

As noted above, if corrected refrigerant-circuit COP is to be so used to aid

fault diagnosis, it should be precisely determined. Therefore, if

measurements of main and auxiliary refrlqerant mass flows are required to
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precisely compute the corrected refrigerant-circuit COP of custom-built

machines - such as for the machines of Figures 3.22 and 3.23 - it will be

worthwhile to install the necessary refrigerant flow n1eters.21 As also

noted above, at least approximate indications of tile normal values of all

quantities upon which corrected refrigerant-circuit COP depends must be

available. Such indications can be obtained by referring to values of such

quantities recorded under fault-free operating conditions spanning the

entire operating range of the machine. Such values can be conveniently

recorded at the same time as those measurements necessary for attuning

the simplified model predicting normal COP to the machine, as described

in Chapter 4 for the thermodynamic model of Gordon and Ng (1994,

1995).

An issue remaining to be fully explored here is identification of the minimal

set of measurements required to obtain all quantities needed to compute

the corrected refrlqera =clrcult COP. If the refrigerant circuit is not in

good order, and two-phase refrigerant flows instead of single-phase flows

thus occur - or the refrigerant is contaminated - an otherwise sufficient set

of measurements becomes insufficient. An example is Case Study E in

Chapter 5, where an overcharge of r.3frigerant in the evaporator caused

liquid to be entrained in the vapour entering the compressor. An extra

quantity - the non-measurable liquid fraction in this vapour - was thus

needed to calculate corrected refrtq=rant-clrcult COP.

Where it is thus trr nractlcable to precisely determine the refrigerant-circuit

COP, the COP range plot may be of use. In Case Study E, the COP

range plot of Fig'lre 5.21 could confirm the symptom of refrigerant

overcharge. From this figure, if the liquid fraction in the refri~erant leaving

the evaporator had been zero, the actual COP would have been 5,2. This

21Installing such flow meters also enables actual performance to be independently and
precisely ascertained by the refrigerant flow/quantity confirming method described in
Chapter 4. Thus apparent performance can be positively verified - an additional, most
practical benefit.
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was 50 per cent above the design full-duty COP of 3,43 and thus

impossible!

7.3.2 Fault Diagnosis from Estimation of Process Parameters

This class of fault diagnosis uses, in addition to the measurements and

characteristic quantities, theoretical models of machine components in

order to estimate non-measurable process parameters therefrom.

In the South African mining industry, the important, non-measurable

water-side fouling factors of the evaporator and condenser of

conventional machines are estimated as described in Appendix 21. This

method derives the fouling factor from the estimated fouling resistance,

which is the remaining portion of the total resistance to heat transfer after

subtracting the thermal resistance of the heat-exchanger tube material

and the modelled then. al resistances of the boundary layers of water and

refrigerant on either side of the tubes.

The accuracy of the fouling factor so estimated is at least moderately

sensitive to the accuracy of the measured water flow-rate through the

evaporator or condenser in question, for the reasons given in

Appendix 21. Before estimating fouling factors, therefore, it is essential to

verify apparent water flow-rates, and accurately ascertain their actual

values. Hence where the enhanced Thorp method of Chapter 5 is

sufficient to verify _.pparent performance and hence ascertain actual water

flow-rates - as in Case Studies A and B in Chapter 5 - actual water-side

fouling factors can be estimated per Appendix 21 without difficulty.

Whera apparent performance must be verified by machine modelling,

actual fouling factors are estimated along with the other unknown

quantities, as in Case Studies 8, C and A in Chapter 5 (Tables 5.11, 5.12

and 5.14 re :rcctively).

The computer programs of Hall and Unsted (1976) and Hemp et al. (1986)

estimate these water-side fouling factors by the same method. Hall and
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Unsted's program then attempts elementary fault diagnosis. If t:,e

estimated fouling factor exceeds 1% times the design value, a message to

investigate possible cleaning of the tubes is printed. If it exceeds twice

the design value, a message that the tubes require cleaning is printed.

The program of Hemp et al, (1986) attempts more realistic fault diagnosis,

recognising that fouling is not the only cause of inadequate heat

exchanger performance. It supplements modelling with a knowledge

base. The fouling factor estimated per Appendix 21 is termed the

Clapp e..t" water-side fouling factor. The program calculates maximum,

mos. likely, and minimum values of apparent fouling factor, based on the

lower and upper limits of the estimated accuracy of the measurements. If

the minimum apparent fouling factor so calculated exceeds the design

value, the apparent fouling factor is definitely too high, and is reported as

such. However, this really just indicates that the thermal performance of

the heat exchanger has deteriorated unacceptably, because the heat-

exchanger modelling of Appendix 21 has simplifying assumptions22 and

assumes fault-free operation. There are many faults apart from high

water-side fouling which could cause such inadequate performance. The

program therefore attempts diagnosis of the fault(s) responsible on the

basis of the known fault symptoms in Table 7.4. This is a case of fault

diagnosis by fairly deep, automated reasoning.

As seen, Table 7.4 assumes that fouled tubes will be confirmed by the

symptom of higher-than-normal water pressure drop through the heat

exchanger (3S also assumed in Table 7.1 above). Otherwise, one or more

of the other possible faults are more likely. Hemp et al. (1986)

acknowledge that this procedure is not guaranteed to yield an accurate

diagnosis. For example, it is certainly possible for both leai<ing division

plates and fouled tubes to occur simultaneously; the first would decrease

22 See Appendix 15, Sections A15.2.1 and A15.3.1 for the key simplifying assumptions.
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water pressure drop, while the second would increase it, so a diagnosis

could result which includes neither of these causes! This is a good

example of multiple faults interfering with each other's symptoms.

Table 7.4 Possible Faults Causing Inadequate Heat
Exchanger Performance in Conventional
Machines (Hemp et aI., 1986)

Water Pressure Drop in Evaporator or Condenser

- Too low NOftrFJI Too high
Difference Normal Leaking water- Oil In refrigerant Fouled tube
between box division (evaporaton-? surfaces
refrigerant plates23 Blocked tubes
temperature and Too high Leaking water- Low refrigerant Fouled tube
saturation box division level (evaporator) surfaces
temperature at plates Non-condensable Blocked tubes
refrigerant Low refrigerant gas in refrigerant Low refrigerant
pressure level (evaporator) (condenser) level (evaporator)

Non-condensable Non-condensable
gas in refrigerant gas in refrigerant
(condenser) I(condenseri

The models of tho shell-and-tube heat exchangers of conventional

machines could be expanded to include parameters enabling positive

diagnosis of these other faults, but such diagnosis would require

commensurately more measurements as well. For example, measuring

water pressure drop across every pass of tubes would be required to

diagnose leaking division plates or blocked tubes, Measuring

concentrations of oil or non-condensable gases in refrigerant liquid and

vapour respectively, and quantitatively modelling their effects, is very

difficult.25 A far more complex evaporator model would be needed to

model low refrigerant liquid level.d6 However, well-known qualitative

23 Division plates are illustrated in Figures 3.13 and 3.14, Chapter 3.
2'4Tllis is not necessarily true. With high concentrations of dissolved oil, the boiling
polnts of halocarbon refrigerants rise (see page 87, Chapter 3), so evaporating
refrigerant temperature v'vill be significantly above the saturation temperature at the
prevailing refrigerant pressure.
25See pages 86 and 88, chapter 3, for qualitative descriptions of these effects.
26 Webb, Choi and Apparao (1989) present a model of a shell-and-tube evaporator
taking this into account,
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symptoms, fisted in Table 7.1 as well as Table 7.4, indicate oil or non-

condensable gas in refrigerant, and low evaporator level. On a large

machine, therefore, the most cost-effective measure would probably be to

monitor water pressure drop across each pass of tubes and diagnose

other faults in Table 7.4 through their well-known symptoms.

As described earlier above, heat-exchanger fouling can also be detected

through the relatively simple, thermodynamic model of Gordon and Ng

(1994, 1995). However, because high fouling factors significantly affect

the performance of large water chilling machines, it is obviously desirable

to pinpoint the heat exchangers with such fouling factors, and to estimate

these factors wherever possible. For conventional machines, the method

of Appendix 21 is thus obviously preferable.

Finally, it is recalled from Chapter 6 that for conventional machines with

multi-stage, first-stage-regulated centrifugal compressors, and designed

for maximum COP at full, design duty but operating at part-duty under a

"set water temperature" control philosophy, cleaning heat-exchanger

tubes may not improve, or may even worsen, the COP.27 This illustrates

that customary remedial actions or maintenance undertaken to resto:e or

maintain normal values of process parameters, and hence satisfactory

performance, may not always do so, and should be justified by a soundly

based prediction of improved performance to be gained thereby. The

work of this thesis encourages such an holistic approach through proper

performance assessment, with normal or even optimal performance

predicted by fundamental modelling. Th's in contrast to regression

modelling, reveals the precise roles of process parameters in

effectiveness and quality of performance. As noted previously, however,

fundamental modelling can become impracticably complex.

27Thls does not mean to imply that heat-exchanger surfaces should not be cleaned.
Excessive fouling should be removed for other reasons, for example to minimise
corrosion of tubes.
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7.3.3 Fault Diagnosis from Estimation of State Variables

This class of fault diagnosis uses, in addition to the measurements and

characteristic quantities, theoretical models of machine components In

order to estimate non-measurable state variables as well as process

parameters therefrom.

An example, mentioned in the discussion on Table 7.4 above, is the use

of a more complex model of a shell-and-tube evaporator to estimate liquid

refrigerant level therein, and thus diagnose low refrigerant level. A

second example is that of Case Study A, Chapter 5, where a partially

flooded condenser was diagnosed through estimating the amount of tubes

submerged in liquid refrigerant. As noted in Chapter 5, though, this latter

example illustrates that expanding a fundamentally-based machine model

to account for all possible abnormalities may increase its complexity to the

point of impracticality and unwieldiness. This approach is thus riot

necessarily the most effective way of detecting abnormal state variables

constituting faults. Amounts of liquid refrigerant in heat exchangers and

other components, for example, are easily ascertainable through

measurement of liquid levels, and even retrofitting machines with such

level sensors is a far more cost-effective option.

7.3.4 Fault Diagnosis through Supplementing Models with Knowledge
Bases

Detailed, fundamental machine models estimating values of all relevant

process parameters and state variables, therefore, are unlikely to be

available for two reasons. First, such models can easily approach

impracticable levels of complexity, and second quantitatively modelling

tne effects of some such parameters (for example, excessive

concentrations of oil or non-condensable gases in the refrigerant) is

difficult. In the example of Hemp et al. (1986) already quoted (Table 7.4),

the limited models of the heat exchangers yield apparent water-side

fouling factors. If these are reported as definitely too high, further
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modelling is not carried out: this information is supplemented with a

knowledge base of symptoms of all possible faults.

As has been seen. all classes of fault detection and diagnosis inevitably

use knowledge bases of machine characteristics. and fault symptoms and

signatures. to some extent. Suer i<nowledge bases assume greater

importance for faults whose effects are difficult to model quantitatively.

such as the aforementioned excessive concentrations of oil or non-

condensable gases in the refrigerant. This is because the qualitative

symptoms of such faults are generally well known (see. for example,

Table 7.1).

Fathi, Ramirez and Korblcz (1992) advocate an integrated, top-down,

systematic approach to fault dlaqnosls by supplementing fundamental,

detalir-d process models with a knowledge base. In this approach,

compiled qualitative knowledge is at high level. and analytical process

estlmatlo-i knowledge (in the fundamental, detailed models) is at low

level. The high-level, compiled. qualitative knowledge consists of

relatively general malfunction hypotheses. These are used first to narrow

( wn the search space (the range of possible faults). Then, within tl,is

narrowed search space, the lower-level, fundamental models estimating

the parameters or states possibly constituting faults are triggered to

resolve and refire more speclrlc malfunction hypotheses. This integrated

approach increases the completeness and reliability of the diagnostic

procedure.

Gluckman and Hart (1992) have implemented a comprehensive approach

similar to this,28 and very similar to the manual one used in this thesis.

Their model-based expert system (recommended to be used off-line) is

termed a "Refrigeration Fault Diagnostic System". The knowledge base

28 Except that they make no mention of actual state variables and process parameters
I:leing estimated,
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of this expert system is programmed with rules that are able to diagnose

particular machine faults based on a relevant combination of measured

input data. It also contains a detailed model of the refrlqerattnq machine

(in terms of design data such a.s compressor characteristics, neat-

exchanger surface areas, etc.) that can be used to carry out the

necessary calculations that will identify the optimum or design

performance of the machine under any particular combtnatlon of "load

conditions" (operating conditions). This detailed model thus performs the

same function as the machine modelling of Chapter 6, namely prediction

of corresponding normal or possibly optimal performance under identical

or alternative operating regimes.29

After the initial data has been entered into the computer, Gluckman and

Hart's system carries out a set of calculations to compare the observed

conditions with those expected by the machine model contained within the

expert system. If a fault is suspected it is possible at this stage to indicate

the general area in which the fault is occurring (e.g. that there is a

"condenser problem"). It is also possible to estimate the difference

between the observed COP and the optimal COP and hence to predict an

annual cost of the fault that has been diagnosed. This is very useful, as it

gives a priority ranking to any faults that have been identified.

Gluckman and Hart's expert system then issues a follow-up log sheet with

more detailed questions relating to the suspected fault. Once the user

has supplied this requested information, the diagnostic rules (which

essentially recogr.ise fault symptoms and signatures) are applied to

identify the exact cause of the particular "problem". For example, if a

preliminary analysis reveals excessive condensing temperature leading to)

29 It Is noted here that the program of Hemp et al. (1986) also allows tile user to
manually predict performance of conventional machines for any specified inputs and
water-side fouling factors. However, such performance is predicted by the technique of
Hemp (1981), briefly reviewed in Sec tion 4.3.3, Chapter 4. As noted there, the most
significant limitation of this technlqur is that a tm-staoe oentrifugal compressor is
modelled '15 an equivalent single-stage compressor.
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a drop in COP, the more detailed analysis may show that the outlet

refrigerant is excessively subcooled, but the level in the liquid receiver is

normal. These collective symptoms can be explained by the presence of

non-condensable gas in the condenser. The expert system reports this to

the user, together with the inferences that led to the diagnosis, and then

proposes remedial action, which in this case is the purging of non-

condensable gas from the condenser. This system enables relatively

unqualified machine operators to do fault diagnosis regularly with minimal

effort. It can also predict how a machine will operate under unusual off-

design conditions. It also affords the facility of trend analysis, which can

be used to predict faults before they become too serious, and even to

recommend which compressors should be in use under prevailing load

conditions.

This high- and low-level automated procedure of fault diagnosis accords

with established, good practice when manually diagnosing faults, and

corresponds with what has been done manually in Chapters 5 and 6. For

example, in Case Study E, the preliminary analysis revealed unusually

low superheat in the compressor discharge temperature. This was a

symptom of an overcharge of refrigerant; the COP range plot of the

inexact Thorp method confirmed this. The input power and COP with no

overcharge were then predicted for apparent and design evaporator water

flow-rates; these at least indicated the probable range of power wastage

due to the overcharge, and the annual cost thereof. Optimum COP with

the alternative maximum-load control philosophy was also predicted.

Finally, the remedial acticn was obvious - the excess refrigerant had to be

removed from the evaporator.

7.3.5 Unanticipated Faults

A remaining issue concerns detection and diagnosis of unanticipated

faults. Neither operator training nor expert systems help with these. Such

faults can be design faults, their presence becoming apparent at the
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commissioning stage, or unanticipated operational ones. Here, as

mentioned earlier, an expanded, fundamental'v-based model, estimating

aI/ state variables and process parameters, is one option, but this is likely

to be impracticable for most situations. Any fault, though, manifests itself

through symptoms or signatures constituting deviations from normal

behaviour. The work of Ng (1990) reverts to this basic fact in offering a

promising way of detecting and pinpointing unanticipated faults, including

multiple ones. Ng's approach computes conflict sets, defined to be sets of

machine components where assuming that all components in such sets

are normal (i.e. fault-free) is inconsistent with observed behaviour and the

rules characterising normal behaviour. At :ts reported state of

development, this approach assumes tr.,t each constraint defining normal

operation can be localised to one and only one component of the

machine; thus, each violated constraint points conclusively to a

corresponding faulty component.

An example where this approach was useful in principle concerned an

unanticipated fault in the machine of Figure 3.24. There was a gradual,

unexplained decrease in the water temperature drop through Evaporator 1

of this machine, even though the water flow-rate remained at design

value. This evaporator was a closed-plate heat exchanger as 'in

Figure 3.30. lntriqulnqly, the refrigerant at one of its two refrigerant

outl vs was markedly superheated; this was certainly inconsistent with

normal behaviour. The fault was thus pinpointed as within this

evaporator, and was found to be settled solids blocking the water

passages at one end. The water was channelling through the unblocked

passages, so only these passages were transferring heat.

7.4 Assessment

The work of this thesis is of value in fault detection and diagnosis through

its encouraging a holistic approach thereto, albeit manual at present. In

principle, this approach is to:
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o use the enhanced Thorp method or machine modelling to

independently ascertain actual performance and so detect

erroneously measured quantities. Any off-design quantities in the

operating regime are detected here as well;

o next, compare actual with norma, cr optimal performance, predicted

by detailed, fundarrental machine models. Hence assess actual

performance for sutlsfactoriness:

o If actual performance is unsatisfactory, estimate non-measurable

process parameters and state variables to find any abnormal ones

constituting faults (whilst taking into account that an off-design

operating regime may also contribute to unsatisfactory performance).

This approach follows the general methodology of Isermann (1982),

except that it first checks for erroneous measurements and an off-design

operating regime. The advantage of so doing is alerting operating staff, at

the start, to such measurements and such a regime, and hence to the

possible contributions of such a regime to unsatisfactory performance. All

quantities in the operating regime are measurable and verifiable, and

relatively easily restored to design values if off-design.

In the realms of practicability, though, there are two obstacles to this

approach. First, detailed, fundamental machine models either may not be

available, especially for custom-built machines; or are unlikely to be

cornprehenslve enough to estimate all relevant process parameters and

state variables. Second, some measurements required to estimate some

such parameters and states may not be obtainable. Therefore, if

performance is unsatisfactory, the best that can be done in the absence of

complete, fundamental models, and all measurements required to

estimate all relevant parameters and states therefrom, is as follows, As

many characteristic quantities - and estimates of states .!!lHi parameters -

as possible must be derived from the available measurements and
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models. All symptoms and si~n~tllrr>s appearing therefrom must be

examined in the light of the available knowledge bases of fault symptoms

and signatures. Undesirable values of states and parameters which

cannot be practicably estimated quantitatively - such as levels of

contaminants in the refrigerant - must also be diagnosed through these

available knowledge bases.

Such bases, which must take account of the characteristics of both the

particular machine and its partlcular vapour-compression refrigerating

cycle, must therefore be sufficiently comprehensive to enable diagn~3is of

as many single and multiple faults as possible. Here, the corrected

refrigerant-circuit COP of the thesis can assist materially in diagnOSing

faults at the refrigerant-circuit level. If this COP is lower than the normal

COP yielded by a simplified machine model, then, as shown in this

chapter, the quantities upon which the corrected refrigerant-circuit COP

depends can be examined for symptoms and signatures of possible faults

- provided that at least approximate indications of the corresponding

normal values of these quantities are available. Where the corrected

ret srant-clrcuit COP cannot be precisely determined, the next best

optic. , .ne COP range plot of the thesis, may be of assistance.

Unanticipated faults, as suggested by Ng (1990), can be detected from

inconsistency of observed component behaviour with normal behaviour.

Concerning automation of rault diagnosis, the approach of Gluckman and

Hart (1992) - using an expert system to suggest possible faults on the

basis of comparison of actual performance with predicted normal or

optimal performance - is considered to be the most promising way

forward. It is highly desirable to supplement the methods of Chapters 5

and 6 with such automated fault diagnosis. enhanced where appropriate

by the other methods described in this chapter. Performance assessment

is not an end in itself. The objective of burdened mine staff, who are

mostly not refrigeration experts, is the correct and speedy identification of

the faults present, so that these may be remedied.
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8. CONCLUSIONS

The objectives of this study, stated in Chapter 1, were improved

techniques of quickly, accurately and convincingly (a) ascertaining actual

performance of water chilling machines, and (b) predicting normal or

optimal performance under identical or even alternative operating

regimes, thus having valid yardsticks to compare actual performance with.

Qualified mine personnel would thus be timeously provided with the two

sets of information necessary to properly assess actual performance,

diagnose faults and take remedial action.

Chapter 4 accordingly identified three desirable improvements to current

practice. The first two, directly addressing the above objectives, were:

1) enhanced, more conclusive methods of independently ascertaining

actual performance, so verifying apparent performance and

detecting unacceptable errors in the principal measurements; and

2) a practicable method of accurately predicting corresponding normal

or optimal performance under identical or alternative operating

regimes.

The contributions of the thesis have effectively achieved both of these

desirable improvements for conventional water chilling machines, and

partially achieved the first for c. ~tom"built machines. These contributions

are now reviewed.

8.1 Review of Contributions

8.1.1 Verifying Apparent Peliormance by Enhanced and Inexact Thorp
Methods

The first contribution in this work is that Thorp's original method (Thorp,

1974) of verifying the apparent performance of machines determined from

water-circuit measurements has been enhanced and placed on a firm

theoretical and implementational basis. The improvements to the ':'lilg:r;~li



325

method and its reported implementations (Hall and Unsted, 1976; Hemp,

1981; Hemp et al., 1986), and the resulting findin£ d, are as follows.

A. On the basis of tile limits of accuracy of ISO R916 (ISO, 1968) for

the apparent constituents of the heat balance, realistic

unacceptability confirmation limits of ~15% and +13% have been laid

down for the heat imbalance in routine performance surveys.

B. For routine performance surveys where calibration of slte-fitted

measuring instruments is not assured, an "acceptable" heat

imbalance does not guarantee acceptably accurate measurements

and hence accuracy of apparent performance. A small heat

imbalance may be concealing similar and large, unacceptable

relative errors in the apparent constituents or the heat balance.

C. Therefore, whatever the heat imbalance, the enhanced Thorp

method should always be used to verify apparent performance. This

method can be usee! wherever the corrected refrlqerant-circult COP

can be precisely determined and at least one apparent constituent of

the heat balance is independently known to be acceptably accurate.

D. The acceptability plot of the enhanced Thorp method clearly

indicates whether one or more apparent constituents of the heat

balance must be unacceptably erroneous, together with the reasons.

E. !il sa .~case study involving the enhanced Thorp method - provided

that refrigerant temperature and pressure measurements were

accurate to within ±O,2°C and ±2 per cent of full scale respectively -

the uncertainty in the corrected refrigerant-circuit COP did not affect

the indications of the acceptability plot. Obviously, though, this

uncertainty has to be evaluated in each case to check whether these

indications are affected or not. As will be appreciated from

Appendix 12 and footnotes 8, 10 and 11 in Chapter 5, this

uncertainty is a function of the sensitivity of retrlqerant-clrcult COP to
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each refrigerant temperature and pressure upon which it depends,

and the measurement uncertainty in each such quantity.

F. For machines with evaporators or condensers connected in series in

their water circuits, the enhanced Thorp method provides an

addlt'onal check on the accuracy of either the apparent input powers

or measured water temperatures, whichever is more uncertain. An

example is Case Study C, Chapter 5.

G. However, the enhanced Thorp method cannot precisely ascertain

actual performance, and hence verify apparent performance, if either

the corrected refrigerant-circuit COP cannot be precisely

determined, or no apparent constituent of the heat balance is

independently known to be acceptably accurate.

H. Where the first event in G. above occurs - that is, the corrected

refrigerant-circuit COP cannot be precisely determined due to

insufficient obtainable measurements - an alternative form of the

enhanced Thorp method, the inexact Thorp method, can be applied.

The acceptability band plot of this method clearly indicates the

relative likelihood of the apparent constituents of the heat balance

being acceptably accurate, together with the reasons. Where the

heat imbalance is significant, this method may be able :0 identify

unacceptable measurement errors if a COP range plot can be

constructed. Where the heat imbalance is small, however, it cannot

prove that unacceptable errors are absent from apparent

performance, because it is not able to precisely ascertain actual

performance. Examples are Case Studies D, E and F in Chapter 5.

Apparent performance can be verified by a sufficiently

comprehensive computer-based machine model, if available.

The enhanced and inexact Thorp methods apply to ali classes of water

chilling machines, both conventional and custom-built. They thus

constltute partial fulfilment of desirable improvement 1) above.
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8.1.2 Verifying Apparent Performance by Machine Modelling

The second contribution is that where the enhanced Thorp method, due to

either event in G. above, cannot precisely ascertain actual performance

and so verify apparent performance, the fundamental models of

conventional machines in the CHillER program (Bailey-McEwan and

Penman, 1987) - and an extension to one such model - have been used

for this purpose. Examples are Case Studies G, C and A in Section 5.4 of

Chapter 5. The specific requirements and implications are as follows.

I. A fundamental, computer-based model, sufficiently comprehensive

to account for possible abnormalities in internal process parameters

or state variables, must be available.

J. If sufficient inputs and outputs, such as water and refrigerant

temperatures, are accurately known, such a model can be solved for

the unknown or uncertain inputs and outputs needing to be

ascertained or verified. Valuable initial estimates of such inputs can

be provided through the enhanced Thorp method (if the refrigerant-

circuit COP can be precisely determined) or the inexact Thorp

method (if this COP cannot be so determined, but a COP range plot

can be constructed).

K. The values of relevant process parameters, such as water-side

fouling factors, and state variables are also yielded thereby.

L. Where the available model does not account for significant

abnormalities present in process parameters or state variables, and

so cannot precisely ascertain actual performance and hence verify

apparent performance, it may be possible, using simplified

model!ing, to ascertain a range where actual performance must lie.

An example is Case Study E in Section 6.2.4, Chapter 6.

In this thesis, fundamental machine modelling has been used to verify the

performance of only conventional machines. The available version of the
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CHILLER program did not model custom-built machines, which are mostly

unique and thus require unique models. Desirable improvement 1) above

- enhanced, more conclusive methods of independently ascertaining

actual performance, so verifyin0 "''''oarent performance - has thus been

effectively achieved for conventional machines, but only partially for

custom-built machines. An obvious area for further work is utilisation and

extension of available models of custom-built machines to verify their

apparent performance where the enhanced Thorp method, for either

reason in G. above, does not suffice.

8.1.3 AsseSSing Actual Performance through Machine Modelling

The third contribution is that the same fundamental machine models in the

CHILLER program, and the aforementioned extension thereto, have been

used to predict normal and optimal performance under ldenucal and

alternative operating regimes, for the purpose of assessing actual

performance. The use of machine modelling for this purpose is not

original; however, this is the first such use within the South African mining

industry of fundamental, detailed models of conventional machines,

modelling each stage of a multi-stage compressor separately and thus

accounting for the interacting effects between the stages. Such modelling

enables off-design performance to be predicted accurately, highlights the

reasons for poor or inadequate off-design performance, and enables

options for optimal performance to be realistically explored. Imeresting

outcomes of SLIChmodelling are as follows.

M. An abnormality within a machine may not always amount to a fault,

and may be quite tolerable or even beneficial. An example is liquid

refrigerant flooding the first few bottom rows of tubes in the

condenser ir Case Study A, Section 6.2.1, Chapter 6.

N. An abnormality may be quite tolerable under one operating regiml3

and be a fault under an alternative one. For example, higher-than-

normal water-side fouling factors; in Case Study C, Section 6.2.3,
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Chapter 6, were advantageous under the prevailing "set water

temperature" control philosophy, but were faults under tne

alternative "maximum-load" control philosophy!

O. Pre-1980 conventional machines are likely to be designed for

maximum efficiency at full duty. If they have a multl-staqe centrifugal

compressor with capacity-regulating inlet guide vanes on the first

stage only, and are operating at moderate to low part-duties, quality

of performance (COP) under a "set water temperature" control

philosophy is not likely to improve, and may worsen, if water-side

fouling factors are reduced by cleaning heat exchanger tubes. The

reason is that the vanes of the regulated first compressor stages will

close further and reduce the efficiency of these stages. If the control

philosophy is altered to one of maximising load, both COP as well as

load are likely to be maximised, Cleaning heat exchanger tubes or

taking other measures to reduce lift then has a direct and immediate

benefit: it allows load to be further increased and so improves

effectiveness and quality of performance further. An example is

Case Study C, Section 13.2.3, Chapter 6.

P. Where actual performance cannot be precisely determined, but only

a range within which actual performance lies, it is still possible to

assess the upper and lower limits of this possible range for

satisfactoriness, and so to evaluate whether abnormalities constitute

faults, as VleP as the merits of the alternative "maximum-load" control

philosophy. An example is Case Study E, Section 6.2.4, Chapter 6.

The most serious present handicap in fundamental machine modelling is

the lack of accurate compressor characteristic performance curves, which

are only available from manufacturers, but are proprietary information.

Especially at part-duties, the lack of these curves can make quantitative

predictions of performance, and comparlsona between these, very
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dubious. It is fair to expect that such Information will only be released if

manufacturers perceive sufficient advantage therein.

Again, in this thesis, performance of just conventional machines has been

predicted by such machine modelling, so desirable improvement 2) above

has only been achieved for such machines. Predicting normal and

optimal pertormance of custom-built machines by utilising and extending

available, flexible computer-based models is again an obvious area for

further work. Alternatively, as discussed in Chapter 7, simplified

modelling predicting just key quantities cf performance like normal COP

may be more practicable than detailed fundamental modelling. However,

as noted in Chapter 4, such simplified modelling has limitations,

particularly in predicting normal and optimal performance under

alternative operating conditions and regimes.

8.1.4 E lult Diagnosis

A fault is an undesirable value of a process parameter or state variable

within a machine. The third desirable improvement to current practice

identified in Chapter 4 was automated diagnosis of faults causing

unacceptable shortfalls in performance. The thesis does not contribute

here, but critically analyses pertinent literature in fault diagnosis and the

automation thereof.

A rigorous approach to fault diagnosis is parameter estimation (Isermann,

1982). Here, fundamental. detailed machine models are used to estimate

non-measurable process parameters and state variables, in order to find

any abnormal ones constituting faults (whilst taking into account that an

off-desig'l operating regime may also contribute to unsatisfactory

performance). In the realms of practicability, however, detailed,

fundamental machine models either may not be available, especially for

custom-built machines: or are unlikely to be comprehensive enough to

estimate all relevant process parameters and state variables. Also, some
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measurements required to estimate some such parameters and states

may not be obtainable.

In these events, the best that can be done is to derive as many

characteristic quantities - and estimates of states and parameters - as

possible from the available measurements and models. All fault

symptoms and signatures appearing therefrom must be compared with the

available knowledge bases of known symptoms and signatures.

Undesirable values of states and parameters which cannot be practicably

estimated quantitatively - such as levels of contaminants in the refrigerant

- must also be diagnosed through these available knowledge bases.

Here, the corrected refrigerant-circuit COP of the thesis can assist

materially in diagnosing faults at the refrigerant-circuit level. If this COP is

lower than the normal COP, then the quantltles upon which the corrected

refrlqerant-circult COP depends can be examined for symptoms and

siqnatures of possible faults. Where the corrected refrigerant-circuit COP

cannot be precisely determined, the next best option, the COP range plot

yielded by the inexact Thorp method, may be of assistance. Case

Study E provides an example of this, discussed in Chapter 7.

To aid burdened mine staff who are not refrigeration experts, fault

diagnosis should be automated, and fundamental modelling

supplemented by a knowledge base seems the most promising way

forward hem.

8.~~ Limitations of Contributions and Envisaged Further Work

In principle, ascertaining and assessing performance of machines by the

enhanced or inexact Thorp methods and machine modelling should be

feasible for any continuous, steady refrigeration process. As noted in

Chapter 7, though, an issue remaining to be fully explored here is

identification of the minimal set of measurements required to obtain all

quantities needed to compute the corrected refrigerant-circuit COP. An
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abnormality in the refrigerant circuit can render an otherwise sufficient set

of measurements insufficient for this purpose.

The contributions of this thesis are not adequate for unsteady processes

which may also be discontinuous. An example is batch-type ice-making

by building ice up on cold surfaces and then releasing it by warming those

same surfaces Such processes are dynamic, involving cyclic, distributed

heating and cooling of masses of refrigerant; the medium being cooled;

the heat-rejection fluid; and the material of the components and piping of

the machine itself. For such processes, both actual and normal or optimal

performance must be expressed in terms of integrated quantities over the

period of a complete cycle, as illustrated by the overall energy balance

(2-1) of a fluid cooling installation in Section 2.3.2, Chapter 2. In addition,

both to measure and to model such time-dependent, cyclic heating and

cooling of complex machine configurations and refrigerant liquid and

vapour moving therein are uncommonly difficult.

As noted earlier, the machine models used to independently ascertain

actual performance, so verifying apparent performance, and to predict

normal or optimal performance must model the real process accurately

and be sufficiently comprehensive to account for suspected, known

abnormalities. In this regard, the available version of the CHILLER

program only models conventional packaged machines, and does not

model condensed liquid subcoolers, pressure drops in refrigerant

plpeltnes.' and auxiliary components such as flash gas control valves and

hot gas bypass valves. It also does not mode! the effects of known

abnormalities in a machine. Examples of these are refrigerant overcharge

or undercharge; liquid flooding in the condenser; and contamlnants such

as oil or non-condensable gas in the refrigerant. For more accurate

performance modelling and assessment, it is envisaged that a future,

1The extended model used for Case Study A models these two phenomena.
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upgraded version of CHILLER may allow for such effects and include

such auxiliary components.

Such a future version of CHILLER may also model custom-built machines,

if possible utilising and extending available software in this regard. For

such machines employing single or multiple screw compressors, the effect

of oil injection and liquid injection (for oil cooling) on the compression

process must be modelled accurately, particularly at part-duties, if

performance is to be properly assessed and faults reliably diagnosed.

Models of open- and closed-plate heat exchangers and their auxlllary

components will also have to be incorporated.

It would also be a natural further step to include the facility of automated

fault diagnosis alonq the lines suggested above. This will be an incentive

to burdened, non-expert mine staff to use such an upgraded version of

CHILLER. As suggested in Chapter 7, it may be possible to detect

unanticipated faults through inconsistency of observed component

behaviour with normal behaviour.

Finally, it is necessary to recall the raison d'eire of the whole work: to

ensure acceptable conditions for the underground workforce in deep

South African mines. It is hoped that the continued development and

automation of the contributions of this thesis will contribute materially to

maximum availability and optimal performance of the large water chilling

machines upon which the underground workforce on South African mines

is so dependent.
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APPENDIX 1

COP OF CONVENTIONAL WATER CHILLING MACHINE WITH SINGLE-
STAGE CENTRIFUGAL COMPRESSOR

A1.1 Oil-to-Water Compressor Oil Cooler

Referring to Figure 3,6, let m(r)Eo' m(r)EX and m(r)HG denote the refrigerant

mass flows through the evaporator outlet, expansion valve and hot gas

bypass valve respectively, Let hEo, hEX/' hHGI and hpo d, "vte the

refrigerant enthalpies at the evaporator outlet, expansion valve inlet, hot

gas bypass valve inlet and compressor outlet respectively,

From (3-11 b) for the generalised machine,

COP = -Lm(r)EBh(r)EB - LQ(W)EB(VCB) - LQ(S)EB

[
-Lm(r)VCBh(r)VCB +LQ(VI )EB(VCB) +LQ(W )CS{VCS»)

-LQIVI)VCB{MS) - LQ{S)VCB

(A 1-1)

For the single-stage machine of Figure 3,6,

(A1-2a)

However, as no change of enthalpy occurs while the refrigerant is t:-assing

through the expansion and hot gas bypass valves, hEXO = hEXI and

hHGo = hHG1, Also, it is obvious that m(r)Eo = m(r)EX +m(r)HG' Hence

(A1-2a) becomes

(A1-2b)

Similarly. it can be shown that

(A1-3)
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Substituting (Ai-2b) and (Ai-3) into (Ai-i), and noting that for the

machine of Figure 3.6, Q(W)EB{VCB) = Q(W)E{OC)' Q(W)CB\,'CB) = Q(W)C{OC) and

Q{W)VCB(MS) = Q{VI)OC(MS! '

(Ai-4)

A 1.2 Oil-to-Refrigerant Com pressor Oil Cooler

Fiqure 3.6a applies here. Let m(r)oc denote the refrigerant mass flow-rate

through the oil cooler, and hOCI and hoco the enthalpies at its refrigerant

inlet and outlet.

Relation (Ai-i) for the generalised machine still holds. If the oil cooler

circulates its refrigerant between itself and the condenser (alternative (a)

in Figure 3.6a), (Ai-2b) applies. It is also readily shown that

or, noting that m{r)oc(hoco - hocl) = Q(r)c{oc),

\A1-5b)

Substituting (Ai-2b) and (A1-5b) into (At-t), and noting that for

Figure 3.6a, 2:Q(VI)EI3{VCB} = L Q(VI)CI3{VC8) =L Q(VI)VCB{MS) = 0,

COP = m(r)Ex(hEO - hEXa - m(r)HG(hHGI - hEo) - L Q(S)E

(m(r)EX -I- m(r)HG)( hPo - h EO) -I- qr)c{OC) - L Q(S)VCB

(Ai-6a)

It can similarly be shown that if the oil cooler circulates its refrigerant as in

alternative (b) in Figure 3.6a, or in thermosyphon fashion between itself
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and the evaporator, with the oil cooling load then being

m(r)oc (hOCD -- hoc;) = Q(r)E{OC) ,

COP = m(r)Ex(hED - hEXI) - m(r)HG(hHGI - hEO) - Q(r)E{OC) - L:Q(S)E

(m(r)EX + m(r)HG )(hpo - hEO) + Q(r)E{OC) - L Q(S)VCB
(A1-6b)

The similarity of (Ai-6a) and (Ai-6b) to (A1-4) suggests the following

general relation for COP:

(Ai-7)

where the subscript (fI) denotes either refrigerant or water. If L Q(S)E and

L: Q(S)VCB are negligible compared to the sums of the other terms in the

numerator and denominator respectively, (AI-7) reduces to (3-13b).
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APPENDIX 2

RUNNING COSTS OF FLUID COOLING INSTALLATIONS ON SOUTH
AFRICAN GOLD MINES

In 1990 - the last year for which the Chamber of Mines of South Africa

published costs of stores ar d electrical energy consumption - the cost of

stores consumed by "ventilation, cooling and air-conditioning plants"

(these being fluid cooling installations) on gold mines which were

members of the Chamber was 19,4-million South African Rands (SAR) , a

mere 0,11 per cent of these mines' total working cost of SARi8 109-

million (Chamber of Mines of South Africa, 1991 a).

The cost of the electrical energy consumed by these installations during

that year is estimated at approximately SAR118-million.1 This is only 7,4

per cent of the total cost of SAR 1 S96-million of electrical energy

pUichased by these mines during 1990 (Chamber of Mines of South

Africa, 1991a), and only 0,65 per cent of the aforementioned total working

cost.

Of course, running costs of such installations will be a higher proportion of

total working costs for those mines, or sections of mines, more dependent

on refrigeration.

1 In 1990, approximately 750 MW(R) and 550 MW(R) of water chilling capacity was
Installed at these ',lines on surface and underground respectively; and 70 per cent of
these capacities were in use (Chamber of Mines of South Africa, 1991b). For these
surface and underground capacities in use, respective seasonal load factors of 0,67
and 1, and average installation COPs (see Section 2.3.3, Chapter 2) of 5,5 and 3,0, were
assumed in estimating the resulting average electric power requirements during 1990 of
64 and 128 MW respectively. Finally, the overage cost to mines in 1990 of
approximately SARO,07 for 1 kilowatt-hour of electrical energy (Chamber of Mines of
South Africa, 1991b) was used in estimating the cost of the electrical energy so
consumed.
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APPENDIX 3

CONFIRMING TESTS BY ENERGY BALANCE METHODS IN
STANDARDS FOR TESTING WATER CHILLING MACHINES

A3.1 Condenser Energy Balchi~t:: Method

This uses the heat-removing water load and the refrigerant-circuit

measurements. The energy balances for the condenser and evaporator

blocks of the generalised water chilling machine are, from (3-8b) and

(3-9),

L:Q(VI)CB + L:m(r)cSh(r)C8 + I:Q(VI)CB(VC8} + L:Q(S)C8 = 0

L:Q(VI)EB +L m(r)EBh(r)EB +L Q(VI)EB(VCB} +2:Q(S)EB = 0

If these blocks have oni; one refrigerant inlet and outlet;' these reduce to

LQ(VI)CB +m(r)cB(hcBI - hcBo) +LQ(W)CB{VCB} +LQ(S)CB = 0

L: Q(YI)EB +m(r)EB(hEBI - hEBo) +L Q(YI)EB(VCB) +LQ(S)EB = 0
(A3-1 b)

where m(r)CB is the single refrigerant mass flow-rate through the

condenser block; hCBI and hcBo are the refrigerant enthalpies at its inlet

and outlet; and m(r)EB' hEBI and hEBo have corresponding meanings.

A3.1.1 Refrigerant Mass Flow-Rate through Condenser Block

From the first relation in (A3-1 b), m(r)CB Gall be estimated as

2:Q(W)CBP +L:Q(VI)CB(VCB} +L Q(S)CB
m(r)CB = h - h

C80 CBi

(A3-2)

1 These blocks may have one main refrigerant inlet and outlet, but small, auxiliary
refrigerant inlets and outlets, serving, for example, oil-to-refrigerant oil coolers of
compressors. Account may be taken of such auxiliary refr.qerant flows in a manner
analogous to that In Section A 1.2, Appendix 1.
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This is (4-1a) in Chapter 4. I,Q(W)CBP is the apparent value of I,O(W)Cb

derived from the principal test, and I, O(S)CB is estimated by the

approximate methods described in the standards (e.g. ASH RAE,

1978: 7).

A3.1.2 Refrigerant Mass Flow-Rate through Evaporator Block

Next, m(r)EB must be determined. Recalling the definition of refrigerant-

circuit COP COF(r) in (3-11c),

(A3-3a)

In the generalised water chilling machine (Figure 3.5), all refrigerant

streams pass into or out of the vapour-compression block, and out of or

into either the evaporator or the condenser blocks. Hence

(A3-3b)

From (A3-3a) and (A3-3b),

(A3-3c)

and it follows that

- 'Lm(r)EBh(r)EB COF(r)
L,m(r)cBh(r)cB - 1+COF(r)

(A3-3d)

For machines with single refrigerant mass flows entering aI""1 .eavlnq their

evaporator and condenser blocks, this becomes, after manipuiatlon
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hem - hcBo COPrr)
m(r)ES = m(r)as • h _ h .' 1+COP -

ESo ESI (r)

For a conventional packaged machine, the evaporator and condenser

blocks EB and CB reduce to a single evaporator E and condenser C

respectively. For such a machine with a single-stage centrifugal

compressor, as in Figure 3.6, bypassing no hot gas, 2 with COF(r) given by

(3-14b), (A3-3e) reduces to

(A3-4a)

and for such a machine with a two-stage centrifugal compressor end

economiser, as in Figure 3.18, bypassing no hot gas, with COPrr} Cliven by

(3-22c), (A3-3e) reduces to

/(
1 hEcl - hECto)

m(r)E = m(r)c + h _ h
ECvo ECI

(A3-4b)

as also given by ISO/DIS 916-3 (ISO, 1994: 153), where hECl' hEClO and

hEcvo are the refrigerant enthalpies at the inlet, liquid outlet, and vapour

outlet, respectively, of the economiser.

A3.1.3 Confirming Value of Water Chilling Load

Finally, the confirming value of net water chilling load, L:Q(W)EBO , is

c. ...wrmined by rearranging the second relation o· (A3-1 b) to give (4-1 c).

2 If hot gas is being bypassed, there are two refrigerant flows, differing in properties,
leaving the condenser and entering the evaporator - violating the assumption of single
mass flows through these corn; ments.

3150/015916-3 actually gives this formula as m(r)E = m(r)c .(1 + hECI- hECIO). This is
hEcvo - hECI

an obvious misprint: m(r)E cannot be greater than m(r)C'
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A3.2 Compressor Energy Balance Method

This uses the input power and the re:rigerant-circuit measurements. The

energy balance for the vapour-compression block of the generalised

water chilling machine is, from (3-10),

LWvcs + L m(r)vcsh(r)vcs

- L Q(W)ES(VCS} - L Q(W)CS(VCS} + L Q(VI}VCS(MS)+ L Q(s}Vcs = 0
(A3-5a)

If the evaporator and condenser blocks have only one refrigerant inlet and

outlet, it follows from (A3-3b) that

(A3-5b)

(A3-5a) thus becomes

LWvcs +m(r}cB(hcso - hcsl) +m(r)Es(hESO - hEBI)

- L Q(VI)ES(VCB)- L Q(VI)CS(VCS)+ L Q(VI)VCB(MS)+ L Q(S)VCS = 0
(A3-5c)

A3.2.1 Refrigerant Mass Flow-Rate through Evaporator Block

From (A3-3e),

hEBO - hEBI 1+CO~r)
tn(r)CB = m(r)EB • h _ h • COP.

CSI CBo (r)

(A3-6)

Substituting (A3-6) into (A3-5c) and then solving the latter for m(r)EB yields

[

L WVCBP +L:Q(VI)VCS{MS} 1
_ COP. . - LQ(W)EB{VCS} - L:Q(VI)CB(VCB) + L:Q(S)VCB

m(r)EB - (r) h _ h
EBo EBI

(A3-7)

where :LWvcsp is the apparent value of :LWvcB derived from the

principal test. This is (4-4) in Chapter 4.
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As noted previously, for a conventional packaged machine, the

evaporator and condenser blocks reduce to a single evaporator E and

condenser C respectively. For such a machine with a single-stage

centrifugal compressor, as in Figure 3.13, bypassing no hot gas, CO~r) is

given by (3-14b):

(A3-8a)

Isince hEXI = hEI and hpo = hcl' (A3-?) thus reduces to

A3.2.2 Confirming Value of \J\ s ter Chilling Load

(A3-8b)

Once m(r)EB is determined, L:Q(VI)EBC is again determined per (4-1 c).

For a conventional packaged machine with a single-stage centrifugal

compressor, bypassing no hot gas, (A3-8b) may be substituted into (4~1c)

to yield

Q - j}EO - hEI • [L:WVCB +L Q(VI)VCB(Ms) 1
(VI)F.c - h h 'V 'V 'V

CI - Eo - LJ Q(VI)E(VCB) - LJ Q(VI)C(VCB) + LJ Q(S)VCB

-LQ(VI)E(VCB) -- Q(SIE

(A3-9a)

As noted in the description of the generalised water chilling machine

(Figure 3.5) in Chapter 3, the net heat flow Q(SIE entering the external

surfaces of the evaporator comprises the net heat flow Q(MsIE from the

machine surroundings, and the additional net heat flow (Q(S)E - Q(MS)!:)
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originating from within the machine boundary. (A3-9a) can accordingly be

rewritten as

Q . Q - hEo - hEi ·r:Z:WVCB + L:Q(W)VCB{MS} 1
{VI}Ee I- (Ms)E - --"''---'='-

hCi - hEo ~ - :z:Q(VI)E{VCB) - :z:Q(VI)C{VCB} +LQ(S)VCB (A3-9b)

- :z:Q(VI)E{VCB) - (Q(S)E - Q(MS)E)

The left-hand side of (A3-9b) comprises the rate of heal removal from

external media by the refrigerant, this rate being the "overall refrigerating

capacity" as defined by ISO R916 (ISO, 1968). ISO R916 defines this to

exclude all heat removal resulting from internal heat exchanges within the

"refrigerating circuit"; here, these are :z:Q(VI)E(VCB) and (Q(S)E - Q(MS)E)' If

these terms are neglected, (A3-9b) is equivalent to equation (9) on

page 16 of ISO R916. This equation determines overall refrigerating

capacity of a machine with a single stage of compression by the

compressor energy balance method. ISO R916 does not explicitly state,

though, that it is this method which is the basis of its equation (9).
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APPENDIX 4

IMPLICATIONS OF ACCURACIES IN PRINCIPAL MEASUREMENTS
REQUIRED BY STANDARDS FOR TESTING WATER CHILLING
MACHINES

If a function 0 of multiple variables Z1,Z2""zo is continuous, has

derivatives and varies slowly enough to be adequately represented by its

first derivatives in a Taylor-series expansion, then (see, for example,

Meyer, 1975 : 40) the uncertainty 80 of the function can be expressed in

terms of the uncertainties 8z1,8z2,,,.8zo in the individual variables,

provided that they are all independent, as follows:

n (a0 )2
80= 2::l-·8Zk

k=1 aZk
(A4-1)

A4.1 ,Uncertainty in Water Chilling Load

In an evaporator with a single water flow m(W)E and inlet and outlet water

temperatures t(VI)EI and t(I'I)Ea' the water chilling load Q(VI)E is given by

(A4-2)

where C(VI) is the specific heat of the water, assumed constant. By (A4-1),

the uncertainty 8Q{VI)E in Q(I'I)E is thus

(A4-3a)

where orn(VI)E' 8t(VI)Ea and 8t(I'I)Ei are the uncertainties in the measured

values of m(W)E' t(VI)EO and t(VI)Ei respectively. Dividing both sides of
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(A4-3a) by the corresponding sides of (A4-2), the reietive uncertainty

8Q(VI)E/Q(VI)E' after algebraic manipulation, hoi

(A4-3b)

This yields the relative uncertainty in calculated water chilling load Q(VI)E

for known or assumed relative uncertainty om(VI)E/m(W)E in measured

water flow-rate, and uncertainties 8t(W)EO and 8t(VI)EI in measured water

temperatures. Figure 4.3 is plotted on this basis, with 8m(W)E / m(VI)E set to

the values in Table 4.3 required by ISOIOIS 916 and BS 7520, and

ASHRAE 30-78 and ARI 550-92.

A4.2 Required Accuracy in Measured Water Temperatures for
Specified Uncertainty in Water Chilling Load

If the uncertainties 8t(VI)EO and 8t(VI)EI in the temperature measurements

are identical at 8t(VI) , then solving (A4-3b) for 8t(I'I) yields

(A4-4)

This yields the required accuracy ±8t(w) in the water temperature

measurements to achieve a specified relative uncertainty 8Q(W)E/Q(W)E in

calculated water chilling load, for a known or assumed relative uncertainty

8m(W)E / m(W)E in measured water flow-rate. Figure 4.6 is plottea on this

basis, with 8Q(VI)E/Q(I'I)E = :1:0,07, the limit specified by ISO R9i6 (ISO,

1968), and assumed uncertainties 8m(I,I)E/m(I',)E of :1:0,02,:1:0,05and

:1:0,06.
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APPENDIX 5

"C'IMPLlFIED THERMODYNAMIC MODEL OF GORDON AND NG (19941
1995) FOR VAPOUR-COMPR8SSION REFRIGERATING MACHINES

Gordon and Ng (1995) report the development of a universal

thermodynamic model for vapour-compression, absorption, thermoelectric

and thermoaccust'c refrigerating devices. They also describe its

application to vapour-compression refrigerating machines. The

application to such machines with reciprocating' 1d centrifugal

compressors is elaborated upon in Gordon and Ng (1994) and Gordon,

Ng and Chua (1995) respectively. The harmony between these three

papers is difficult to grasp at first sight. This appendb- therefore

summarises the basis and development of the model as reported in these

papers, and then remarks on its validity, limitations and advantages.

The basic vapour-compression refrigerating machine of Figure 3.4 is

considered. The First Law of Thermodynamics yields the energy balance

(3-4). The Second Law yields the following entropy balance:

(AS-i)

where QE and Qc are evaporator and condenser load," and 7(nc and 7(r)E

are the absolute evaporating and condensing temperatures of the

refrigerant. ql.p.side and qh.pside are the rates of "losses" (l.e, work

expended non-usefully) due to the internal thermodynamic irreversibilities

in the low-pressure (evaporator) side and high-pressure (condenser) side

of the machine's refrigerant circuit.2 These internal irreversibilities of

1 It wll be recalled that Qc' being an energy flow out of the machine, is negative.

2 Gordon and Ng (1994) correctly assign a positive sign to q".pSld. in (AS-i) but Gordon
and Ng (1995) and Gordon, Ng and cnu; (1995) assign a negative sign thereto. This is
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throttling through the expansion valve, non-isentropic compression, fluid

friction and heat leaks cause increases in refrigerant entropy.s

Combining (3-4), (3-5a) and (AS-i), the COP of the basic vapour-

compression machine is obtained as:

1 _ 1 7(r)c 1 [ 7(r)c 1COP - - +r,-+-Q . ql.p,"I~e·r,-+qh.p,side
(r)E E (r)E

(AS-2)

Gordon and Ng (1994) show that (AS-2) can be expressed in terms of

absolute condenser inlet fluid temperature 7(n)cl and evaporator outlet

fluid temperature 7(n)E< ead of 7(r)c and 7(r)E:

(A5-3a)

where Fc and FE are factors for the condenser and evaporator

respectively, depending on heat-exchanqer thermal conductance UA, and

flow-rate men) and specific heat c(n) of the heat-carrying fluids:

Incorrect; both ql'p,sldo and qh'p,slde must be positive, because both are rates of work "loss"
due to Irreversibilities, and hence cause increases of entropy in (A5-1).

3 ql.p,Slde and qh'p,slde are defined as if these entropy increases occur at the constant

evaporating and condensing temperatures T(r)E and T(r)c respectively. That is,

ql'P,sld./T(r)E == LAS['ntomal)l.p,sldo and qh'P,sldo/T(r)C '" LAS[lntem.l)h.p,slde· In parenthesis, it
must not be assumed that ql'p,Slrle and qh.p,SI~O are independent. The thermodynamic
Irreversibllitles in a vapour-compression refrigerating machine are not independent of
each other, as pointed out for example by Alefeld (1987). As shown by that author, the
work "loss" rate due to internal irreversibilities can be expressed as T.(r)c • "'" AS' •L" (Intom.l)

This is more physically meaningful, because all such work Is transformed into additional
heat, rejected at the constant condensing temperature T(r)c'
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Fc ;: m(n)cC(n)[ 1-exp( -UAcl m(n)cc(n») J

FE;::: nI(n)Ec(n)[exp(UAE/m(n)EC(n»)-1]
(A5-3b)

Solving (AS-3a) for iICOP,

{
1(n)CI/(7(n)EO - QE / FE) 1

_1_ = -1+ +(1/QE) . [qh.p.side +ql.p.~ide 7(n)c; . (1(n)EO - QE/ FE)]J

COP 1- (QE +ql.p.s,de)i[Fc(7(nIEo - QEi FE)]
(A5-4)

Gordon, Ng and Chua (1995) show that if the internal irreversibilities are

dominant, and if (A5-4) is thus expanded about the limit in which" Fc and

FE are effectively infinite",4 it approximates to

1 _ 7(n)cl 1 ( 7(n)Cf )
COP =-1+r,-+-Q . ql.p.side-:r:-+qh.p.side

(n)EO E (n)Eo

+0(1/QE) + 0( QE) + 0[E],[c)

(AS-5a)

where

0(1VQ ) 1 ql.p.slde ( 7(, Cf )
.. E;: -Q • T, F.' ql.p.sideT. - + qh.p.side

E (n)Eo c (nlC:.

0(q.:);: _Qg_. 7(n)c; .(..!_+..!_)
7(n)l':o 7(q)EO Fc FE

(A5-5b)5

4 Note from (AS-3b) that while FE -+ Cf) as UAE -+ UJ, Fe -+ m(fl)c(fl) as UAe -+ Cf) ,

Thus Fe cannot become "effectively infinite", The approximation of (AS-Sa) is valid,
though, because terms of higher order all have FE in their denominators, and thus tend

to zero as FE -, Cf) ,
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Gordon, Ng and Chua (1995) state that:

o 0(1/QE) is a negligible correction to (AS-Sa);

o e(QE) can play an important role in machines where the external

irreversibilities of heat transfer through the condenser and

evaporator cause vs»: .(ISS" rates comparable to those of the

internal lrreverslbllltles. However, this turns out not to be the case

for the commercial machines using reciprocating and centrifugal

compressors for which data have been reportedf

o 0(E}.(C}, which is independent of QE' is normally negligible, but can

grow to be non-negligible if noticeable heat-exchanger fouling

occurs.

Therefore, provided that the external irreversibilities of heat transfer

through the condenser and evaporator cause small work "loss" rates

compared to those due to the internal irreversibilities, (AS-Sa) can be

approximated further to

1 ~ T(fllci 1 ( T(fllci )

COP = -1+;:-- +-Q-' ql.p.sidei-+qh.p.slde
I(fllEo E (fllEo

(AS-6a)

or if it is desired to take possible heat-exchanger fouling into account,

1 ~ T(fllci 1 ( T(fl)C; ) o
COP = -1+r,---+-Q . ql.p.slde-r,-+qh.p.side + (E).(C}

(fllEo E (fllEo

(AS-6b)

5 Gordon and Ng (1995) express 0[E).[C] differently as qEFrE),[e]~W)Cf/~YI)EO .wiere FrEUe]
"is a factor depending only on the heat exchanger properties ...". This is not equivalent to

0[£:).[c) in (A5·6b) unless qc /Fc «q E[ ~YI)Cf/(~YI)!:oFc) + (~YI)C,j~W)EO )(i/Fc + i/FE)]·

6 Austin (1991). Beyene et al. (1994) and one other reference are cited in support of this.
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Depending on whether T;n)cl and T;n)EO are relatively constant 0,' not, there

are two forms of this approximate thermodynamic model.

A5.1 Heat-Carrying Fluid Temperatures Relatively Constant

If T;n)cI and T;n)EO are relatively constant. (A5-6a) or (A5-6b) is a

temperature-independent model, predicting a straight-line relationship

between 1/COP and 1/0E ;

_i_::Co+"s_
COP Qc:

where Co == -1 + T;mc, {+8[E].[c) if accounting ft . heat - exch. fouling} (A5-7)
T;n)EO

d C - T;n)c,an 1 = q'-p.slde r:-- + qh-p.Glde
(n)Eo

The slope C1 of this line depends on the "loss" rates q'-p.slde and qh-p.sid.'

that is, on the internal irreversibilities. If 9[E),[C) is included to account for

heat-exchanger fouling, the constant Co depends thereon and thus on the

heat-exchanger factors Fc and FE as well as q'-p.Sld. and qh.p.slde'

A5.2 Heat-Carrying Fluid Temperatures Varying

If 7in)cl and T;n)EO vary appreciably, Gordon and Ng (1994, '1995) derive a

temperature-dependent model, assuming that the internal irreversibilities

of throttling through the expansion valve, non-isentropic compression and

fluid friction are not excessive, and that heat leaks are dominated by a

linear heat transfer law.7 This temperature-dependent model is

7 As Phelan, Brandemuehl and Krarti (1997) point out, this is equivalent to assuming that
the "losses" due to internal irreversibilities can be expressed as linear functions of either

Tcr)E or Tcr)c'
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(AS-8)

where the constants Co, C1 and C2 characterise the internal

irreverslbilltles of a particular machine.

The appropriate model, (AS-?) or (AS-8), is attuned to a particular

machine by determining the constants C through regression analyse of

sets of accurately recorded values of r;VI)Ci' r;VI)EO' QE and COP over the

machine's entire operating range (Gordon and Ng, 1994, 1995). The

attuned model can then be used to predict COP.

A5.3 Validity, Limitations and Advantages of Model

(A5-?) and (AS-8) are two forms of Gordon and Ng's relatively simple,

fundamentally-based, empirically attuned thermodynamic model of a

simple vapour-compression water chilling machine. Put another way,

their model is a relatively simple regression one with a fundamental basis.

The output is COP and the inputs are QE (and hence, to obtain this,

r;tl)EO' m(n)E' and r;n)E') and, for the temperature-dependent model, r;n)EO

and r;n)c,.8 The model makes no use of process parameters or state

variables in the refrigerant circuit, and yields no refrigerant quantities as

outputs.

This model, being a combination of the First and Second Laws of

Thermodynamics and heat-exchanger theory at the outermost or global

level, is limited to incorporating the capabilities and limitations of a

m~cf-,;~ . it that level. All that appears at this outermost, global level are

- _ ..--------
8 In addition, for both the temperature-independent and -dependent models, it is 'tviseto
record the condenser fluid flow-rate m(fl)C as an input; although it does not explicitly

appear as such, it is a term in the condenser factor Fc' Hence, if It varies significantly,
one or more of the constants C in (A5-7) and (A5-B) may change significantly, hence
Invalidating the attuned model. (The same obviously applies for m(fl)E')
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~:1eeffects of the machine's capabilities and limitations (here rates q
, l-p.slde

and qh-pside of work "loss" in internal irreversibilities, and heat-exchanger

factors Fe and FE)' The underlying process parameters and state

variables causing these effects only appear at inner, more detailed levels

of fundamental modelling. Modelling at global level thus cannot predict

how these process parameters and state variables will change as the

operating regime changes. Hence this model, as for regression models,

may not be valid outside the range of the operating data for which it has

been attuned.?

Two other corollaries also follow from this absence of inner modelling.

First, if (A5-7) or (A5-8) is to be used to predict normal performance, the

operating data used to attune the model must be verified as representing

normal performance. That is, all process parameters and state variables

must be ascertained by other means and verified as being sufficiently

close to their design values. Second, in general, the model cannot be

directly used to predict optima! performance, because the operating

regime may alter and no longer specify the load,"? allowing thla or come

process parameters to vary to satisfy the specified criteria of optimality.

Finally, it is recalled that the model has been derived for the basic

refrigerating machine of Figure 3.4. The model requires modification,

although this does not appear difficult in principle, to make it applicable to

the generalised machine of Figure 3.5, and hence to the more complex,

large-capacity water chilling machines considered in this thesis.

Nevertheless, the advantage of the model is simplicity and ability to

predict the performance quantities of immediate practical and economic

9 For example, if hot gas bypass commences in a conventional machine, one or both
work "loss" rates q and q \!viII change in step fashion. At least some constants

l-p.slde h-p.slde

in the model \!viII therefore change similarly.
10 In (A5-7) and (A5-B), the load appears as an input, so it must be known beforehand.
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relevance - COP and hence power and energy demand. Once the model

has been modified to apply to the generalised machine of Figure 3.5 and

the required operating data base has been built up, it should thus be

especially useful and convenient for predicting normal COP and power

demand of custom-built water chilling machines employing multiple

evaporators, condensers and screw compressors. Predicting these

normal quantities of performance by detailed fundamental rr Jdelling is

less preferable, because such custom-built machines are more

complicated than conventional ones to so model. In principle, there

seems to be no reason why the model cannot be extended to such

machines.
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APPENDIX 6

RELATIVE HEAT IMBALANCE IN TERMS OF COP AND RELATIVE
.!=RRORS IN APPARENT CONSTITUENTS OF HEAT BALANCE

From (5-!1) and (5-2), the -elatlve heat imbalance is

(A6-i)

Using the definitions of the relative errors in (5-3), this can be expressed

as

(A6-2)

By appropriate substltutlon from (5-'] c) into (5-6), it is easlly shown that

L Q(W)EB _ -cop
""Q - = 1+COP
L.." (V/)JB

and (A6-3)

Substituting these into (A6-2),

(A6-4)

which is (5-7).
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APPENDIX 7

REFRIGERANT-CIRCUIT COP OF CONVENTIONAL MACHINES

Formulae for refriqerant-circult COP are given here for the key types of

conventional water chilling machines in use on mines. To save space,

derivations of these formulae, which are done in like manner to

Appendix 1, are omitted.

A7.1 Machines with a Single-Stage Centrifugal Compressor

The refrigerant circuit of these machines is as in Figure 3.B.

A7.1.1 Machine Operating Normally

Normally, the machine does not bypass hot gas. The well-known formula

for refrigerant-circuit COP in this case is (3-15b):

(A7-1a)

where hco is enthalpy of vapour at evaporator outlet, hEX; is enthalpy of

liquid entermr the expansion valve,' and hpo is enthalpy of vapour at

compressor dlscharqe.

A7.1.2 Machine Bypassing Hot Gas

If hot gas is being bypassed directly from condenser to evaporator, as in

Figure 3.6 when the hot gas bypass valve is open, the refrigerant-circuit

COP is (3-15a):

1This liquid, of course, comes from the condenser, but it may be subcooled if it passes
through a subcooler follo'hing the condenser. Sometimes a subcooler Is even built into
the condenser. If a subcoc'er is present, Its effect must be accounted for in calculating
the enthalpy of this liquid.
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(A7-1b)

Here, m(f)HG / m(f)"X denotes the ratio of mass flow of bypassing hot gas to

mass flow through the expansion valve. hHGi denotes the enthalpy of the

vapour entering the hot gas bypass valve; because this vapour comes

from the condenser, its enthalpy is normally assumed to be the;:.of

saturated vapour at the condensing temperature.

COP. _ hEO - hEXI
(f) -

( )
n7(r)HG ( ) m(f)LI ( )h -h +~-----. h -h +-----. h -hUI

Po Eo m Po HGI m Po
(f)EX (f)EX

(A7-1c)

In some older machines, hot gas is bypassed to the compressor suction,

not to the evaporator. The machine is then fitted with an accompanying

liquid injection valve. This injects a small amount of liquid from tl1e

condenser into the bypassing hot gas, to de-superheat it and thus prevent

excessively high compressor discharge temperature. In such cases, the

refrigerant-circuit COP is given by

where m(r)U is the mass flow through the liquid injection valve, and hw is

the enthalpy of ti's liquid entering this valve (normally assumed equal to

that of saturated liquid at the condensing temperature).

A7.2 Machines with a Two-Stage Centrifugal Compressor and
Economiser

The refrigerant circuit of such machines is as in Figure 3.18.

A7.2.1 Machine Operating Normally

If no hot gas is being bypassed, then as in (3-23c):
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(A7-2a)
where

hEClo and hE'C\.o are the enthalpies of the liquid and vapour, respectively,

leaving the economiser; and hEX1i is the enthalpy of the liquid entering the

first expansion valve2 (expansion valve 1 in Figure 3.18).

A7.2.2 Machine Bypassing Hot Ga~

When the hot gas bypass valve in Figure 3.18 is open, CO~r) is as in

(3-23b):

(h h ) m(r)HG 'h )
Eo - ECCo - ~--- • ~ HGi - hEo

CO
,)" " (m"''''j'I (h -h ). 1+ f!!__(!-lJ:lC3_ + A(11 - h )

Po Eo m Po ECvo
(r)EX2

(A7-2b)

where A is as in (A7-2a) above. Here, tn(r)HG/m(r)EX2 is the ratio of mass

flow of bypassing hot gas to that through the second expansion valve (the

final one that feeds the evaporator). Some machines are equipped with

two hot gas bypass valves, the second one bypassing hot gas from the

condenser to the economiser. Formula (A7-2b) can readily be modified

accordingly. For SLIChmachines, particular care must be taken to note

which hot gas bypass valves (one or possibly both) are open.

A7.3 Machines with a Three-Stage Centrifugal Compressor and
Two Economisers

The refrigerant circuit of such machines is illustrated in Figure A7.1 below.

2 Again, this liquid may come dlrectl, 'rom the condenser, or from a subcooler folioVving
or built Into the condenser,
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Hot Gas
Bypass
Valve

CONDENSER

Three-5tage
Centrifugal
Compressor

Expansion
Valve 1

ECONOMISER 1

Flas 1Vapour
Control Valve

Expansion --
Valve 2

-c::)-- water flows

ECONOM1SER 2

Expansion
Valve 3

EVAPORATOR

Figure A7.1 Conventional Machine with Three-SI ~
Centrifugal Compressor and Two Economisers

A7.3.1 Machine Operating ~:"'Irmally

If no hot gas is being bypassed,

COP. = . .hEO - hEC2fO _
(r) (hpo - hEO) + A(hpo - hEC1VO) + ~(hpo - hEC2VO)

A - (hEX1I - hEc1lo)(hEc2vo - hEC2(O)
1 - (hEC1VO - hEx11)( hCC2VO - hEC110)

Az = hEcvo - hEC~.t.'2..
hEC2VO _. hEC~to

where

and

(A7-3a)

where hEc1to and hEC1vo are the enthalpies of liquid and vapour,

respectively, leaving the first (higher-pressure) econornlser, and hlE02lo
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and hEC'2Yo are the corresponding enthalpies for the second (Iower-

pressure) economiser. The enthalpy hEx1i is that of the liquid entering the

first expansion valve from either the condenser or a subcooler following or

built into the condenser.

A7.3.2 Machine Bypassing Hot Gas

Again, this formula is for hot gas bypassing directly from condenser to

evaporator.

where A, and ~ are as in (A7-3a) above. m(f)HG/m(r)EX3 is the ratio of

mass flow of bypassing hot gas to that through the third expansion valve

(the final one feeding the evaporator). Again, some machines may be

equipped with additional hot gas bypass valves, bypassing hot gas to the

first or second economisers. In such cases, (A7-3b) can be modified

accordingly, and the remarks for (A7-2b) above also apply.
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APPENDIX 8

CORRECTING REFRIGERANT-CIRCUIT COP TO REFLECT ACTUAL
COP

From (3-11 c), (3-9) and (3-10), the refrigerant-circuit COP COF1r) of the

generalised water chilling machine is

con = - 2:m(r)EBh(r)EB
r(r) - "'"

- L." m(r)VCBh(r)VCB

= L:Q(VI)EB + 2:Q(VI)EB(VCB) +2:Q(S)EB

2:W VCB - 2:Q(VI)EB(VCB} - L Q(VI)CB(VCB} +2:Q(VI)VC13(MS}+LQ(S)VCB

(A8-1)

As seen from comparing this with (3-11 a), COP!r} is not identical to actual

COP. It is corrected to reflect actual COP as follows.

In determining COF1r) , it is sometimes convenient not to include certain

auxiliary refrigerant flows circulating between the vapour-compression

block and the evaporator or condenser blocks. Such flows, for example,

may be those passing through oil-to-refrigerant heat exchangers cooling

compressor oil. Let the heat loads passing into the evaporator and

condenser blocks due to such auxiliary refrigerant flows be L: Q(r.aux)EB(VCB}

and J.:Q(r.aux)CB(VCB} respectively, defined as:

L Q(r.aU;()EB{VCB} ;: (2:m(r.aUX)EBh(r.aUX)EB )(VCB)

2:Q(r.aUX)CB{VCB) ;: (2:m(r.auX)CBh(r.aUX)CB ){VCB}

(A8-2)

Lm(r)EBh(rl:::B and L m(r)vcah(r)VCB in (3-9) and (3-10) are accordingly

defined as follows:
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"m h -c;- h) +("m h )L..J (r)ES (r)ES L..J (r)ES (r)Ea nen-aux L..J (r.aux)ES (r.aux)ES (VCS)

=("m h) +"QL..J (r)ES (r)EB non-aux L..J (r.aux)EB{VCS)

(A8-3a)

L m{r)VCBh(r)VCs == (L: m(r)VcSh(r)VCB ton-aux

-(Zm h ) -(L:m h )(r.3ux)EB (r.aux)EB (VCS) (r.aux)CS (r.aux)CB {VCB} (A8-3b)

= (2:m(r)VCBh(r)Vcs ton-aux

-L Q(r.aUX)EB{VCB} - L: Q(r.aux)CS{VCS}

Hence, if it is convenient to consider tile refrigerant-circuit COP CO~r) as

the ratio of flows of heat and work absorbed by the main (non-auxiliary)

flows of refrigerant - given by (L:m(r)ESh(r)EBton_au)(L:m(r)VcBh{r)VcBton_aux -

then from (A8-1),

COA = -(L: m(r)EBh(r)ES )non •• ux

(r) (" m h )
- L..J (r)VCB (r)VCS non-nux

_ L:Q(VI)EB + L:Q(VI)EB{VCS} + L:Q(S)ES + L:Q(r.aUX)ES{VCB}

- [L:W VCB - ~ Q(VI)ES{VCB} - L: ~(\'/)CS(VCS} +L: Q(W)VCB(MS}]

+L: Q(S)VCB L: Q(r.aUX)ES(VCS} L: Q(r.auX)CS{\iCS}

(A8-4)

Let the following ratios of energy flows be defined:

_ L: Q(W)ES{VCS) +L: Q(S)ES + L: Q(r.aUX)ES{VCS)

RtEs! = "
L..JQ(W)EB

[~2:Q'W)E""" ~ 2:Q,w''''''''"' +2:Q,w'''',"., +2:Q,.,,,,, 1
R = - L: Q(r.aUX)EB{VCS) - L Q(r.aux)CS{VCS}

[VCS! - ~W
L..J vee

The rightmost side of (A8-4) accordingly becomes
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cop. _ (1+R[EB])LQ(w)EB _ 1+R[EB]
(r) - ( ) - •COP

1+ R[VCB] LW VCB 1+ R[VCB]
(A8-6)

If L Q(S)EB and L Q(S)VCB are negligible compared to the sums of the other

terms in the respective numerators of (A8-5), then

R - L Q(VI)EB(VCB) + L Q(r.aUX)EB{VCB)

[EB] = ""
L.,Q(VI)EB

[

- L Q(W)EB{VCB) - L Q(W)CB{VCB) + L Q(IV)VCS(MS)]

R !:::. - L Q(r.aUX)EB{VCB) - L Q(r.aUX)CB{VCB)

[VCB] - "" W
L., vos

(A8-7)

A8.1 All Water or Auxiliary Refrigerant Flows Circulating between
!=vaporator and Vapour-Compression Blocks

If all water flows passing through the vapour-compression block, or all

such auxiliary refrigerant flows, circulate between the vapour-compression

and evaporator blocks,

(AS-8a)

and so it follows from the definition of COP (see (3-11 a» that

-RR :::: [VCB]
[EB] - COP (A8-8b)

Substituting (A8-8b) into (A8-6) and solving for COP,

(A8-8c)

with R[VCB] given by (A8-8a). In reality, R[VCBJ has to be estimated from the

ratio -( L Q(VI)EB(VCB) + L Q(r.aux)EB{VCB) ) /LWVCBP , where L WVCBP is the
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apparent value of total mechanical input power, calculated from the

princlpal measurements. For centrifugal compressors,

(2: Q(VI)EB(VCB) +2: Q(r.aUX)EB{VCB}) may be estimated approximately, as it is

small (but generally not negligible) compared to "W . For screwLJ VCB

compressors whose oil is cooled in oil-to-water or oll-to-refrige, ....,'1theat

exchanger d, the oil cooling load is a significant fraction of "w ,so it isLJ VCB

important to measure (2:Q(VI)EB{VCB) +L: Q(r.,uX)E8(VCB}) in order to

accurately estimate R[vCB]'

AS.2 All Water or Auxiliary Refrigerant Flows Circulating between
Vapour-Compression Block and Condenser Block or outside
Machine Boundary

Where all water flows pass. .Jugh the vapour-compression block

circulate between this block and either the condenser block or sources

outside the machine boundary - or where all auxiliary refrigerant flows not

included in the determination of CO~r) pass between the vapour-

compression and condenser blocks, it is seen from (A8-7) that

R ~ 2: Q(VI)VCB{MS} - 2:Q(VI)CB(VCB) - 2: Q(r.aUX)CB(VCB}

[VCB] - "w.
LJ VCB

R[EB] =: a
(A8-9a)

Hence, from (A8-6),

(A8-9b)

with R[vCB] being given by (A8-9a). In reality, RIVCB] has to be estimated

from the ratio (2:Q(VI)VCB(MS) - 2: Q(I'/)CB(VCB} - 2:Q(r.aux)CB(VCB) )/2:WvcBP ,

where 2:Wvcsp is the epperen! V?' 'I" of total mechanical input power,
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calculated from the principal measurements. The concluding remarks of

Section A?1 above also apply here.

A8.3 No Water Flows through Vapour-Compression Block; all
Refrigerant Flows Included in Determination of Refrigerant-
Circuit COP

If no water flows pa, through the vapour-compression block, and if all

refrigerant flows passing between blocks are included in the determination

of the refrigerant-circuit COP, R[veB) == 0 and R[EBJ == 0 in (A8-?) and hence

COP == COP(r) (A8-10)
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APPENDIX 9

RELATIONSHIPS BETW~EN RELATIVE ERRORS IN APPARENT
CONSTITUENTS OF HEAT BALANCE

A9.1 <Error in Apparent Evaporator-Load COP

The first apparent COP, COJ:[EB1P' of (5-9c) is that calculated from

apparent evaporator block load and input power. Let 8COF\ESIP be the

difference between this apparent COP and the actual COP. 8C0/1EB]P is

thus the error in COF\ES]P:

(A9-1 a)

From (5-9c) and (5-6) respectively,

COP. 2::QESP
8 [ES]p = '\' IN.

L. VCBp
(A9-1 b)

From the definitions rf the relative errors in (5-3), it can be shown that

'\' W = .z::Wvcsp
Ll vcs ~1+ nvcsp

(A9-2)

Substituting the first two relations of (A9-2) into (A9-1 b) and n.anipulatlnq,

~COP. _ LQESP _ ];,_~EBP ('I+ nvcsp) = ~z:QeBP(n ESp - nVCBP)
u [EB]'- () '\' ( )P I:WVCB; I:Wvcsp 1+ n ESp, z:Wvcsp 1+ n ESp

n -·n_ COP. • ESp VCSp
- [ES]p 1+n

ESp
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Recalling the definition of 8COF[EB}P in (A9-1 a), it follows that

(AG-30)

Solving (A9-3b) for nEBp yields the first relation in (5-11).

A9.2 Error in Apparent Reiection-Load COP

The second apparent COP, COF[JB}P' of (5-9c) is that calculated from

apparent joint rejection load and input power. The error 8COF[JB}P in this

apparent COP is, from (5-9c) and (5-6) respectively:

8COP. = COP. _ COP = -(~ QJBP +~ WVCBP) _ :LQ(W)EB
[JB}p - [JB}p "" W. "" W

LJ VCBp LJ VCB
(A9-4)

From (3-7c) and (5-1a), ~Q(V/)EB::: -(~WVCB + ~Q(W)"1'l + ~Q(Ms».

Substituting into (A9-4) and using the second and third relations of (A9-2),

it follows after manipulation that

COF["~lP- COP +:L Q(MS) • (1+nVCBP) ::: ~JBP - nVCBp
1+ COF[JBJP L QJBP 1+ nJBP

(A9-5)

Solving (A9-5) for nJBp yields, after manipulation,

(1 -I- COF[JB}p)(1- ~ Q(MS) /~ GlJBP)(1 + nvcap) - (1+ COP)

nJBP = (1+COP)+(1+COF[JB}p)(~Q(MS) /~QJ8P)(1+nvcBP)
(A9-6)

For large-capacity machines, the ratio ~ Q,.ISJ''i" QJBP« 1 and so, if this

ratio is negligible, nJBp reduces to the second relation in (5-11).
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APPENDIX 10

EXPERIMENTAL TECHNIQUE IN SURVEYS OF PERFORMANCE OF
WATER CHILLING MACHINES

A10.1 Temperature-Measuring Instruments

In all cases, portable mercury-in-glass thermometers with graduations of

0,1°C commencing above their specified immersion length of 100 mm

were employed, having the following ranges:

-1 DOC to +2DoC

+15°C to +45°C

+40°C to +70°C

+6DoC to +90°C

These thermometers were calibrated by the South African Bureau of

Standards after purchase, and certified to have uncertainties not

exceeding ±O,04°C after applying the corrections determined during

calibration.

A1C.2 Other Instruments

With one exception, all other .istruments were the normal ones fitted to

the machines on site, and thus yielding the accuracies given in the

rightmost column of Table 4.8 at best. The exception was Case Study B

of Chapter 5. Here, it was possible to fit refrigerant pressure gauges of

semi-master quality, purchased immediately beforehand and certified by

their manufacturer as having uncertainty not exceeding ±1 kPa.

A 10.3 Measurement Tec.hnigue

The abovementioned thermometers were inserted into the available

temperature-measuring wells in the piping or components of the machine.

To eucure good thermal contact between well and thermometer, vertical
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or inclined wells were first filled with water or light oil; horizontal wells

were first filled with aluminium-based heat-conductive paste.

All measurements were recorded manually at 5-minute intervals, using

enough observers (with synchronised watches) to record all required

measurements simultaneously. The initial sets of measurements were

carefully scrutinised for sufficient steadiness, that is, for the absence of

variations rapid and substantial enough to introduce significant dynamic

effects into machine performance. Apart from key input varlables such as

water flow-rates, ouantities particularly scrutinised for such steadiness

were positions of compressor capacity-regulating devices" and observable

state variables, such as liquid levels in all refrigerant vessels and oil

levels and foaming in compressor oil reservoirs.

Recording these sets of simultaneous measurements was continued until

at least four consecutive sets with no variations capable of causing

significant dynamic effects, and thus representative of static machine

performance, were obtained. More than four such sets were obtained

wherever possible, but this was not possible with machines in some

installations - for example, the surface installation of Case Study A,

Chapter 5 - where conditions varied considerably from hour to hour.

Once the measurements from these consecutive sets had been plotted

and checked for obvious absurdttles," they were averaged and the mean

values used to calculate the apparent constituents of the heat balance

and the apparent measures of performance. An example of how this was

done, and how the mean values of tile confirming measurements were

used to verify apparent performance by the enhanced Thorp method, is

set out in detail in Appendix 11.

1 For example, openings of variable Inlet guide vanes on centrifugal compressors.
2 For example, the evaporator outlet water temperature being lower than the evaporating
refrigerant temperature I
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APPENDIX 11

CASE STUDY A: MEASUREMENTS AND CALCULATIONS FOR
ENHANCED THORP METHOD

Figure A 11.1 reproduces Figure 5.8, showing in addition the available

measuring points for water flows and temperatures, and refrigerant

pressures and temperatures. The connections of the oil-to-water

compressor oil cooler are also shown. As there was a separate subcooler

following the condenser, this machine's condenser block comprised both

of these components, as shown. The oil cooler obtained its water from

the water lines within the condenser block's thermodynamic boundary -

that is, closer to the condenser than the points at which water flow and

temperatures were measured.

Single-stage
Compressor

--
(Ii) (~~o)

---~ J -- water flows

--<l- refrigerant flows

EVAPORATOR ~-'-~~~11--

(t~:>(;;;~\
-~. ,!"!.o/

Figure A11.1 Case Study A: Measuring Points 011 Machine

The averaged principal and confirming measurements taken during the

performance survey of this machine are given in Table A11.1 below.
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Table A11.1 Case Study A: Averaged Measurements Taken
During Survey of Machine

QUANTITY UNIT VALUE
EVAPORATOR

Water flow-rate rr'(V/)Ep lIs 150,0

Inlet water temperature f(W)Ei,P ·C 15,25

Outlet water temperature t(W)Eo.P ·C 5,12

Refrigerant pressure PEP kPaa 335,4

Outlet refrigerant temperature tEoP ·C 4,29
Refrigerant level normal

CONDENSER
Water flow-rate m(W)Cp lIs 384,4

Inlet water temperature ·C 21,71
Outlet water temperature t(V/)COP °C 27,21

Refrigerant pressure Pcp kPaa 761,2

Outlet refrigerant temperature tcop ·C 26,80

SUBCOOLER
Inlet water temperature t(IV:SCIP ·C 22,45

Outlet water temperature t(IV)SCO.P ·C 22,85

Outlet refrigerant temperature tscap ·C 23,56

COMPRESSOR
Vane opening degrees 38,9
Discharge temperature tpop ·C 40,85

i Motor current A 98
Motor electrical Input power kW 988

A11.1 Apparent Constituents of Heat Balance

Let m(I'I){;fJ be the apparent evaporator water flow, c(w) the specific heat of

water, and t ..11I1.p and t(W)e:op the measured water temperatures at

evaporator inlet and outlet. The apparent evaporator block water load

was calculated without difficulty:

1 Value indicated on control panel; Iher€ \1\'-": no thermometer well enabling manual
measurement. This value was obviously erroneous: It could not be lower than the inlet
water temperature of the subcooler,



371

QEBP = m(\'I)EpC(W/t(V/)EI,P -t(W)EO,P)

= 150,0 ·4,19 .(15,25 - 5,12) = 6362 kW(R)
(A11-1)

Let m(\'I)Cp' t(V/)CIP and t(V/)COP be the corresponding quantities for the

apparent condenser water load. From Figure A 11.1, it is seen that there

was no measuring point for t(v/)C/; however, this was identical to t(VI)SC/' for

which a measuring point was available. Hence apparent condenser block

water load QCBp was given by

QCBP ::: m(VI)Cpc(W)(t(V/)SC/,P - t(W)CO,p)

= 384,4·4,19· (22,45 - 27,21) = -7 665 kW(R)
(A11-2)

From (5-1 a), as 2:Q(VI)VCB(MS) = 0, apparent rejection load QJBP = QCBp'

Fin["lIy, from manufacturers' data, the full-load efficiency IIp.motor 0: the

compressor drive motor was 96 per cent,2 and the full-load efficiency

llP,gearbox of the speed-increasing gearbox was 97,5 per cent. Denoting

apparent electrical power input to the compressor motor by Wp,motor,p' the

apparent input power WVCBP was

WVCBP= WP,motor p '1)P,motor '11p gearbox

e., 988·0,96·0,975 = 925 kW
(A11-3)

A11.2 Relative Heat Imbalance

From (5-8),

_ 6 362+925 1- 4Q?01
E - + - + ,~_/O

-·7665
(A11-4)

2 The motor was operating close to full load , because its rated output power was 1 100
kW. Hence Its efficiency could be assumed to be Its rated full-load efficiency Vvith
negliglblA error.
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A11.3 Apparent Evaporator-Load and Rejection-Load COPs

From (5-9c),

6362
CO/1EBIP = -- = 6,878

925
-(-7665 + 925)

CO/1JBIP = - 925 = 7,286 (A11-5)

A11.4 Refrigerant-Circuit COP

From (3-14b), the refrigerant-circuit COP for a machine with a single-

stage centrifugal compressor i£'

(A11·6)

where flEo is enthalpy of vapour at evaporator outlet, hEX; is entnalpy of

liquid entering the expansion valve (identical here to hsca' enthalpy of

refrigerant liquid leaving the subcooler), and hpo is enthalpy of vapour at

compressor discharge.

The calibrated thermometers described in Appendix 10 were used for all

temperature measurements; the systematic uncertainty in these

temperature measurements was thus assumed to be ±O,2°C. The site-

fitted pressure gauges were not calibrated; they were therefore assumed

to have systematic uncertainties of ±2 per cent of their full-scale values -

that is, ±20 kPa for PEp and ±30 kPa for Pcp'

A difficulty arose here. Whereas the measured refrigerant temperatures

tEo,p' tsco,p and tpop were available, the refrigerant pressures at these

points were not. Only the measured evaporating and condensing

pressures PEP and Pcp were available. Tile required refrigerant pressures

PEa' Psco and Ppo differed from PE and Pc by the pressure differences

f..PE4Eo' f..Pt;:.+sco and f..Ppo->c respectively:
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PEo == PE + f:.PE->EO

Ppo == Pc + f:.Ppo->c
(A11-7)

Nothing was known of f:.PE->ED' f:.Pc->sco and f:.Ppo->c' All that was known

is that they were greater than zero and less than or equal to the design

(full-duty) pressure drops between the ends of the pipelines concerned.

These design pressure drops were 9 kPa between evaporator and

compressor and 21 kPa between compres ')r and condenser. Now the

measuring points of tEo.P and tpo.p were relatively close (compared to the

total lengths of piping) to the outlets of the evaporator and compressor

respectively, and all bends3 in the piping were after these measuring

points. Hence most of whatever pressure drop there was would have

occurred after these measuring points. Hence f:.PE->EO and f:.Ppo->c - the

pressure drops between the physical outlets and the temperature

measuring points - would have been small compared to the above

uncertainties in PEP and Pcp' Regarding f:.Pc_>sco' the maximum value of

this would have been 12 kPa, corresponding to the static liquid refrlgerant

head over the approximately 1-metre difference in elevation between the

condenser liquid outlet and the expansion valve inlet;4 as will be seen in

Table A11.3, such an elevational difference had a negligible effect on the

calculated enthalpy. All these pressure drops, f:.PE->EO' f:.Pc->sco and

f:.Ppo->c' were thus ignored.

Next, before calculating the three enthalpies in (A11-6), it had to be

established whether the refrigerant at these three key points was

saturated, subcooled (for liquid) or superheated (for vapour). This was

done as in Table A 11.2 below.

3One 90' long-radius bend in the piping between evaporator and ccrnpressor, and four
90' short-radius bends in the piping between compressor and condenser!
4 The actual pressure rise would have been somewhat less, as some pressure drop had
to occur in the pipe between the condenser and subcooler, and in the subcooler itself.
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TableA11.2 Case Study A: Establishing Refrigerant State at
Key Points in Refrigerant Circuit

Measuring point Abs. Corresponding Temp. Conclusions on difference
pressure sat. temp. from reading between temperatures
(kPa) tables (DC;) (DC)

Evaporator outlet 335,4 ± 20 2,57 ± 1,8 4,29 ± 0,2 The refrigerant vapour 'NaS
slightly superheated. It 'NaS
thus a function of both pressure
and temperature.

Expansion valve 761,2:i: 30 30,84 ± 1,5 23,56 ± 0,2 The liquid 'NaS considerably
inlet subcooled, Again, it 'NaS a

function of beth pressure and
temperature.

Compressor outlet 761,2 30,84 ± 1,5 40,135± 0,2 The vapour 'NaS superheated by
approximately 10 degrees.

The enthalpies hEo' hsco and hpo were then functions of the measured

temperatures and pressures as follows:

hEO= hEo(Pe,teo)

hsco = hsco(Pc,tsco)

hpo = hpo(Pc,tpo)

(A11-8)

Using the values of Pep' Pcp, teop' tscop and tpo,p from Table A 11.1, and

using tables of properties of Refrigerant 12 (fiR, 1981), these enthalpies,

except hsco' were found by interpolation to be as in Table A 11.3 below.

The exception was the enthalpy of the subcooled liquid hsco; this was

estimated by (see Gosney, 1982 : 217)

(A11-9)

where h.r:(tsco), v,(tsco) and Psat(tsco) were obtained from the

aoovementloned tables.
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TabteA11.3 Case Study A: Enthatpies of Refrigerant at Key
Points in Refrigerant Circuit

Location Pressure, Temperature, Aux. Quantities Enthalpy, kJ/kg
kPaa °C

Evaporator outlet 335,4 4,29 353,707
Compressor outlet 76. ~ 40,85 371,294
Expansion valve 761,2 tsco.P = 23,56 h(()(tscop) =

From (A11-9),
inlet hsco = 222,356.

222,253 kJ/kg It can be seen
V(fi(tsCO.p) = that a difference

of 12 kPa in
0,000760 m3/kg r: (tSCo.p)
Psat (tsco.p) -= made negligible
626,191 kPaa difference to this

value, I

Hence, froln (A11-6),

COP. = 353,707 - 222,356 = 7468
(r) 371,294 - 353,707 '

(A11-10)

A 11.5 Correcting Refrigerant-Circuit COP to Reflect Actual COP

The compressor was equipped with an oil-to-water oil cooler, obtaining its

water from the condenser water lines. Hence the estimate of actual COP

was obtained from (5-10c):

COP == CO~r)(1 +R[VCB»)

where R - - L Q(VI)CB(VCB)
- [VCB) - " w.

~ VCBp

(A11-11a)

Here, -LQ(Vi)CB{VCB} was just the apparent load Q(VI)OCP in the single oil

cooler, and LWVCBP was just Wvcep' From data supplied by the

manufacturer, Q{W)OCP was approximately -35 kW(R). Hence

COP z. COP. (1+ Q(W)OCPJ = 7 468 .(1 + -35) = 7185
- (n VII. ' 925'

VCBp

(A11-11b)
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A'11.6 Plotting Load Error Lir S Oil the Acceptability Plot

From (5-1'1), the relationships between the relative errors nEBp' nJBp and

nVCBp in apparent evaporator load, rejection load and input power were

then given by

6,878(1+ nVCBP)n - -1
EBp - 7,185

(1+7,286)(1+nvcBP)

nJBp = 1+7,185 -1 (A11-12)

The corresponding load error lines on the acceptablllty plot were then

plotted without difficulty,
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APPENDIX 12

CASE STUDY A: UNCEPTAINTY IN CORRECTED REFRIGERANT-
CIRCUIT COP

As noted in Appendix 4, the uncertainty 80 in a tunction 0 of multiple

variables zl,z2, ... zn can be expressed in terms of the uncertainties

OZl,OZ2, ... 8zn in these variables, provided that they are all independent:

( )

2
n ae

80= L -·oz~
k=l aZk

(A12-1)

For Case Study A, the estimate of actual COP was given by (A11-11b):

COP = COF(r}(1 + QtW)ucp)
WVCBP

(A12-2)

where COF(r} is the refrigerant-circuit COP; WVCBP is the apparent input

power; and Q(W)OCP is the cooling load in the oil-to-water oil cooler.

A12.1 Uncertainty in Refrigerant-Circuit COP

The measurements of refrigerant pressures and temperatures were made

at the points shown in Figure A11.1. The refrigerant-circuit COP was

given by, from (A 11-6) and (A ii-d)

(A12-3)

where each enthalpy is expressed as a funct'on of tho independent

measurements. It was thus necessary to evaluate the derivative of COF(r)

with respect to each one of these Indepr-ndent measurements.
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As all the measurements in (A12-3) were lndepende.

CO~r)' (from A 12-1), was as follows:

ie uncertainty in

(A12-4)

The partial derivatives were readily evaluated using finite-difference

approximations from adjacent tabulated values ir. tables of refrigerant

properties (IIR, 1981). (A12-4) was then evaluated as shown in

Table A12.1 below.

Table A12.1 Case Study A: EValuation of Uncertaintv in
Befrigerant-Circuit COP

Measurement
Z

Panla!
derivative

aCOP(r)/8z

Square root Of
sum of
squared
products

Uncertainty I Square of
oZ In product

measurcmentJ acoF(r)
(SPil Sect. A11.4, ---- • 8z
Appendix 11) sz

======9teo 0,31478 ± 0,2°e 0,003963

Pe -0,01002 ± 20 kPa 0,040187

tp -0,30793 ± o.s-c 0,003793

P; . O,0070~8 ± 30 kP.a I 0,044329
tsco -0,05431 ± 0,2°e J 0,000118

1===--~ ---=----=-,.Oial:[ 'o=,O=9=2=3S=1==l==0=,3'=0=39=S==='=g=

The refrlqerant-clrcult crr;) was thus (7,468 ± 0,304), or 7,468 ± 4,07%.

Most of the uncertainty, as seen in Table A12.1, was due to the

uncertainties in the apparent refrigerant evaporating and condensing

pressures, due to the pressure gauges not being calibrated.'

1 If the evaporator and condenser pressure gauges had been calibrated for accuracies of
±i% of their full scale values· that Is, ±i0 kPi::!and ±15kPa respectively - the
uncertainty in refrigerant-circuit COP would have shrunk to ±2,~~per cent.
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A 12.2 Uncertainty in Apparent Input Power

The electrical energy I}.E consumed by a compressor motor and

measured by an electrical energy meter dur'nq a time interval I}., = '2 - '1
is given by

"t':'!

I}.E = f' JWm -dr (A12-5a).,
where f' is the meter multiplying factor (the ,Jroduct of the ratios 0; the
isolating voltage and current transformers whose secondary windings are

connected to the meter) and Wm is the electrical power measured by the

meter from the voltages and currents generated in these secondary

windings. If Wm is constant over ('2 -'1)' then

(A12-5b)

Let the uncertainties in f' and Wm be 8f' and oWm respectively. The

relative uncertainties n; and l7w.m in these two quantities are then

n,. == of'/f' (A12-6)

It is assumed that there is negligible uncertainty in L\" As f' and Wm are

independent, the overall relative uncertainty n,\c in the apparent energy

input to the compressor motor is, from A 12-1:

n::"c= ~n;, + n~.m (A12-7)

A12.2.1 Uncertainty in Electrical _power Measured by Meter

nw.m is considered first. Consider the phasor diagram a) Figure A12.1 for

a throe-phase balanced load. The three phases are named A, Band C.

e is the phase angle; 'Am and 'em are the currents in the secondary
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circuits of the separate current transformers in phases A and C; V
ABm

and

VcBm are the voltages in the secondary circuit of the three-phase voltage

transformer; ~v.ABm and ~v.cBm are the phase-shift errors in the three-

phase voltage transformer; and ~,.Am and ¢,.cm are the phase-shift errors

in the separate current transformers in phases A and C.2 All phase-shift

angles ~ have zero mean, and maximum limits on their variance.

Figure A 12.1 Phasor Diagram for Three-Phase Balanced
Electrical Load

In the measurement of three-phase power by the two-wattmeter method

(l.e, a two-element watt-hour meter),

WAm = VABm'Am cos[300+(0 - ~v.ABm + ~,.Am)]

and

ltt.~·m= VcBm'cm cOS[30o-(0 - (~v.cBm +~/Cm)]

(A12-8a)

21n reality, secondary quantities are opposite in phase to primary quantities; for the sake
of clarity, this is ignored here.
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Hence total power Wm is

Wm = I/VAm +Wcm

= I/ABmlAm coS[300+(e - ~v.ABm +~/Am)]

+VcBmlcm cos[ 300-(e - ~v.cBm + ~/.cm)]

(A12-8b)

As the voltage transformer is a three-phase, magnetically-coupled type, it

is assumed that VABm = VcBm = Vm and ~v.ABm = ~v.cBm = ~v.m' Hence

(A12-8c)

Now taking the partial derivatives of Wm with respect to each one of these

quantities, which are independent,

:m = lAmCOS[300+~a -~v.m +~/.Am)] +Icm coS[300-(e - ~v.m +~J.em)]
m

~~v!!!..= Vm cos[3()o+(e - ~v.m + ~/.Am)]
Am

~~m =VmcoS[3()0_(O-~V.m+~/.em)]
em
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Evaluating these partial derivatives at the mean values of the quantities

concerned (lAm = ~m = ,m, ~v,m = ~/Am = ~lCm = 0),

aWm = -V I sin[30"+S]
a~/,Am m m

From (A3-i), the uncertainty 8Wm in ~n is

,..------::--------------'
(Im.J3 COSSr8V~

+[Vm cos(30o+e)t8/~m +[Vm COs(30o-e)t8/~m

+(Vmlm.J3 Sinor8Km

+[\t;n/m sin(30o+e)r8~~Am + [Vmlm sin(300-e)r8(P~cm

(A'I 2-9)

From (A 12-6), the relative error nwm in Wm is given by, after algebraic

manipulation,
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(A12~10a)

It is easily shown that

cos(300+El) ( t: )-----::::% 'l/3-tanEl
easEl

sin( 30° +0) :: %(1+.J3 tanEl)
easEl

_co_s....;_(3_o_°-_8--,-) :::: %(.J3 + tan El)
cess

sin(30° -o) ::::1/,(1-.J3 tanEl)
cosO

substituting these into (A12~10a) and assuming that ~IAm ::::~,.cm ::::~,.m'

The quantities 8Vm/Vm and 8lm/lm in (A12~10b) need to be expressed in

terms of tile ratio errors of their voltage and current transformers. For a

voltage transformer, for example, let the rated transformation ratio be Rvt•

The relative ratio error nR.vt is then (8SI, 1994), where V is the voltage on

the primary side of the transformer,

R V ·-V VnR.vt:::: vt v-::: F?vt V -1, whence

V vnV == -- + __!'1yJ...
m Rvt Rvt

The true value of Vm is, of course, V/Rvt. Hence 8Vm ::::VnR.vt/Rw and so
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and similarly for the relative ratio error nR,. of a current transformer.

Substltutlnq in (A12-10b),

(A _-10c)

With nR.vt = ±O,01 a-id 8~v.m = 0,012 radians for a Class 1 voltage

transformer (BSI, 1994), and nR.1t = ±O,015 and 8~/.m == 0,027 radians for

a Class 1 current transformer (8SI, 1973), the variation of nW.m with power

factor (cosS) is tabulated in Table A12.2 below.

Table A12.2 Variation of Uncertainty in Electric POI""..::I

Measured by Energy Meter

I
._-----

Power factor Uncertainty nw.m in measured elec.
power

1,0 0,01793
0,8 0,02472
0,6 0,03516
0,5 0,04319
0,4 0,05498
0,3 0,07433

" 25 0,08967
0,2 I 0,11257

A12.2.2 Overall Uncertainty in Measured Electrical Energy 1,Iput to
Compressor Motor

(A12-7) was then used to calculate the overall uncertainty n:;E in the

apparent energy input to the compressor motor. It was assumed that the

uncertainty in measurement due to the mater itself was ±2% for a Class 2

watt-hour meter (8SI, 1979)3). This uncertainty was assigned to n,. in

3 For power factors greater than or equal to 0.5.
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(A12-7). Values of n,\E' yielded by ;A12-7) for various power factors, are

listed in Table A12.3 below.

Table A 12.3 Overall Uncertainty in Electrical Energy !nput to
Compressor Motor

Power factor nW,m n; n:'E (by (A12-7))

1,0 0,01793 0,02 0,02686
0,8 0,02472 0,02 0,03180
0,6 0,03516 0,02 0,04045
0,5 0,04319 0,02 0,04760
0,2 0,08967 0,085 0,12355

A12.2.4 Relative Uncertainty in Apparent Input Power

The apparent electrical power input to the compressor motor is given by

!N;nput to motor = I1Ep / Ll"Cp

where LlEp is the electrical energy recorded by the meter over a

measured time interval Llt p : The apparent power input to the compressor

itself - that is, the apparent input power WVCBP - is given by (A 11-3),

reproduced below:

WVCBP = Wp.motor.p '11 P,motor 'llp.gearbox

The uncertainties in Llt p' llP,motor and llPgearbox were assumed to be

negligible in comparison to that in Wpmotorp' From Table A12.3 above, the

overall uncertainty in apparent input power WVCBP was thus taken as ±4%,

provided that motor power factor was not less than 0 5.

A12.3 Uncertainty in Corrected Refrigerant-Circuit COP

Now the corrected refrigerant-circuit COP is given by (A12-2), and by

(A 12-1), since the quantities are again all independent,
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I5COP = ( )2 ( )2ecce ecor ecor 2
acoA I5co~r) + aQ I5Q(\v)oe +(-w. I5WVCB) (A12-11a)

(r) (w)oe a vcs

From (A 12-2), the partial derivatives are given by

acop = 1+ Q(w)oe
acoF(r) WVCB

ecce CO~r)---=--
aQ(W)OC WVCB

ecor cO~rP(\V)oc (A12-11b)
aWVCB = - wies

From Appendix t t, the values of cOP(r)' Q(W)OCP and WVCBP were 7,468;

-35 kW(R); and 925 kW. 8COF(r) was ±O,303959 from Table A 12.1;

8Wvca was taken as ±37 kW, ±4 per cent of Wvcsp' by Table A 12.3 above;

and 8Q(w)oc was taken as ±5 kW(R). Substituting these quantities,

(A12-11) was evaluated as in Table A12.4 below. As seen, the

contributions of the uncertainties in Q(W)OGp end IILIVCBP were negligible.

Table A12.4 Case Study A: Evaluation of Uncertainty in
Corrected Refrigerant-Circuit COP

Quantity z Partial Uncertainty Square of Square root of
derivative 8z in quantity product sum of
aCOP/8z acop .8z squared

Bz products

CO~r) 0,962164 ±O,303959 0,085532

Q(W)OC
·0,00807 ±5 0,00163

WVCB
0,000305 ±37,OO142 0,000128

Total: 0,087289 0,295447

The estimate of actual COP was thus (7,186 ± 0,295), or 7,186 ± 4,11%.

As seen, most of the uncertainty was in the refrigerant-circuit COP, and

hence due to the uncertainties in the apparent refrigerant evaporating and

condensing pressures, as recalled from Table A12.1 above.
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APPENDIX 13

LIMITS OF ACCEPTABILITY OF APPARENT EVAPORATOR AND
CONDENSER LOADS ON ACCEPTABILITY BAND PLOT

From (5-11),

COF[EB]P (1+ nVCBP)
nEp =-- COP 1

(1+COF[JB}P )(1+nVCBP)
nJBP = 1+COP 1 (A13-1)

Rearranging this pair of formulae to yield COP,

COF[EB}p(1 + nVCBP)COP = --=--..:;.....!..----'-'-
1+nEBP

(1+COP')(1+n )COP = [JB]p VCBp -1 (A13-2)
1+nJBp

Substituting the acceptability limits of -7% and +7% for nEBp in the first

formula of (A13-2) yields the pair of formulae (5-13a). Doing likewise for

nJBp in the second formula of (A13-2) yields the corresponding pair of

formulae (5-13b).
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APPENDIX 14

CASE STUDY p: CONSTRUCTING ACCEPTABILITY BAND PLOTS

A14.1 Plot of Evaporator Load Acceptability Band

The plot of the evaporator load acceptability band in Figure 5.17 was

constructed as follows. From Table 5.5, the apparent evaporator-load

COP, COF[EB]P'was 3,27. Accordingly, from (5-13a), the lines of the lower

limit (-7%) and upper limit (+7%) of this band were given, respectively, by

3,27(1+ nVCBP)

COP= 093,
3,27(1+ 17VC8P)COP=-----

1,07
(A14-1)

These lines could then be plotted without dlfflculty.

A14.2 Plot of Rejection Load Acceptability Band

The rejection load acceptability band was then plotted on Figure 5:18 as

follows. From Table 5.5, the apparent rejection-load COP, COF[JB]P'was

3,63 Accordingly, from (5-13b), the lines of the lower limit (-7%) and

upper limit (+7%) of this band were given, respectively, by

(1+3,63)(1+ 17VCBP)
COP = -1

0,93

(1;- ;~,63»)(1+ nVCBP)

COP = 1,07 1 (A14-2)

These lines could then be plotted without difficulty.
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APPENDIX 15

THE CHILLER COMPUTER PROGRAM: MODELS OF WATER
CHILLING MACHINE COMPONENTS

The functional forms of the equations for refrigerant properties are first

presented. The models of the components of conventional water chilling

machines employed in Version 1.01 of the CHILLER computer program

are then described.

A1S.1 Properties of Halo(.arbon Refrigerants

The equations for thermodynamic properties of Refrigerants 11, 12 and 22

are as given in Du Pont Freon Products Technical Bulletin X-88F (E.!. Du

Pont de Nemours & Co., 1969), but converted to metric units. They are

stated conceptually as functions of properties below.

Density of saturated liquid. (A15-1a)

Saturated vapour pressure. (A15-1b)

Equation of state of vapour. P == P(T,v) (A15-1c)

Tne specific volume of saturated vapour, Vi9 , is obtained by solving

\A15-1c) for vat the given T and P = p.at• p.ot is obtained from (A15-1b).

and via: is thL1Sa function of T only, l.e. v(g = Vlg\ (T).

Enthalpy of vapour. h a h(T,v) (A15-1 rj)

The enthalpy of saturated vapour, h\g' is given by h(O :: h(T, vo ) and

since v(g) is a function of T only, so is h(g\' i.e. h(g)= h(g)(T) .
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Entropy of vapour. s == s(T,v) (A15-1 e)

Similarly, entropy s\9\ of saturated vapour is a function of T only, i.e.

S,gl ::. s(g)(T) .

Latent heat of vaporisation.

Enthalpy of saturated liquid. (A15-1 g)

where dPsat / dT is given by the differentiated form of (A15-1 b);

VI'. = YPrf) ; and v(g is obtained as above.

A15.2 The Shell-and-Tube Evaporator

A15.2.1 Assumptions

1. There is no refrigerant pressure drop through the evaporator.

2. The evaporating refrigerant covers all evaporator tubes and wets
them thoroughly.

3. Refrigerant evaporating temperature and refrigerant-side heat
transfer coefficient are the same for all horizontal tube rows in the
evaporator.

4. RefrigE'ln:mt leaves the evaporator as saturated vapour.

5. Entering refrigerant is uniformly distributed along the length of the
evaporator.

6. No oil or other contaminants are present in the refrigerant.

Denoting refrigerant temperature in the evaporator by t(r)E' corresponding

saturation pressure by psat(1(r)E) and outlet refrigerant enthalpy by hEo'

assumptions 1, 2 and 4 can be expressed as
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t(r)EI = t(r)EO = t(r)E (A15-2)

A 15.2.2 Constraint~

Denoting the heat transferred through the evaporator from the water to the

refrigerant by QE' the constraints on the performance of the evaporator

are

(A15-3)

A1S.2.3 Energy and Heat Transfer Relationships

The evaporator water load is given without difficulty by

(A15-4)

The evaporator refrigerant load Q(r)E is the product of the refrigerant mass

flow-rate and enthalpy change through the evaporatcr:

(A15-5)

From (3-19), the heat transferred through the evaporator, QE' is

(A15-6a)

where, from (3-20) and (3-21) respectively

(A15-6b)

(A15-6c)
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Expressions for the water- and refrigerant-side coefficients l1(wJE and h(rJE

of heat transfer, and the mean heat-transferring area ArE' are now given.

For water flowing turbulently inside a tube, the coefficient h{wlof heat

transfer to or from water by forced convection is given by the well-known

relationship (see, for example, ASHRAE, 1992: 36.2)

where kw is the thermal conductivity of water, Dr is the internal diameter

of a tube, Re is the Reynolds number of the water flow in this tube, and

Pr is the Prandtl number for water. Whillier (1982) simplifies this

relationship into tile more useful form

(A15-7a)

where f(w), and t(W)O are the inlet and outlet water temperatures; d; is the

internal tube diameter in millimetres; and U{VI) is the water velocity through

the tube, given by

(A15-7b)

where Npa and JIlT are the amounts of passes and tubes respectively; ar

is the internal cross-sectional area of a tube, and PeW) is the density of

water.
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For shell-and-tube heat exchangers, AnVIl is the total inside wall area of

the tubes, while Anr] is the total outside wall area, which is obviously

greater than AT[VI)' The question then arises of how to calculate the mean

area AT 1 needed to calculate the thermal resistance of the tube material.

For plain tubes, where inside and outside walls are smooth cylindrical

surfaces, it is well known (see, for example, Whillier, 1982) that the

correct mean area is the logarithmic mean area. However, as tube wall

thicknesses are small (rarely exceeding 2 mm), and thermal resistance of

the tube material is thus likely to be the smallest of all four resistances in

(A15~6c), it is sufficiently accurate to use the arithmetic mean for AT:

(A15~8)

In flooded shell-and-tube evaporators, refrigerant boils outside the tubes

at low fluid velocities. In a comprehensive review of completed and

ongoing research into heat transfer from tubes to refrigerant in flooded

evaporators, Webb (1991) points out that this is by a combination of

nucleate boiling ~where bubbles of vapour form on the outside walls of

the tubes, break away, and reach the free surface of the liquid ~and two-

phase forced convection. Accurately modelling this combined process

requires iterative calculations for each horizontal tube row, because the

effect of forced convection increases for the upper rows. The heat

transferred by nucleate boiling also depends very strongiy on the

nucleating characteristics of the tube surfaces, Tubes with enhanced

surfaces have far better nucleating oharacterlstlcs than lntegral-fln tubes

(Webb, 1991).
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Earlier. less accurate models of heat transfer from tubes to refrigerant.

yielding an average heat transfer coefficient for all tile tubes. are based

upon correlations for a single. horizontal tube where heat transfer is by

nucleate bolllnq only. As ASHRAE (1993 : 4.5) states. these merely

approximate heat transfer rates in flooded evaporators with bundles of

tubes. Such a correlation is employed here: it is the 1951 one of

Rohsenow for nucleate boiling. as reported by ASHRAE (1993 : 4.3):

(A15-9a)

where Cst is a constant depending on the material of the heating surface

and the refrigerant. The bubble Nusselt and Reynolds numbers (NU)b

and (Re)b' and the Prandtl number (Pr), for the liquid refrigerant are

given by

(NU)b = h'Dbjke

(Pr), =[~ICp/kt

where the maximum diameter Db of a bubble as it leaves the surface is

given by

(A1S-9c)

and h' is the heat transfer coefficient; kl• ~le and Cpt are the thermal

conductivity. absolute viscosity and specific heat at constant pressure.

respectively. of the liquid refrigerant; QjA is the heat flux passing through

the heating surface of area A; h(()(g) is the latent heat of evaporation of

the refrigerant; c l is the surface tension of the liquid at the temperature of

evaporation. and Pe and p, are the densities of the liquid and vapour

respectively.



395

Rohsenow's correlation is used in several reported models of

conventlo.ial water chilling machines (customarily termed "centrifugal

chillers"); see, for example, Chi (1979) and Wong and Wang (1989).

Substituting (A 15-9b) into (A15-9a) and solving for the heat transfer

coefficient h' ,

(A15-9d)

with Db given by (A 1S-9c).

Examining (A15-9d), it is seen that the correlation for the heat transfer

coefficient h' is a function of the heat flux Q/A; the local gravitational

acceleration g; the material of the heating surface and the particular

refrigerant employed; and the properties of the refrigerant at the prevailing

evaporation temperature, combined into a dimensional "refrigerant factor"

.&_[ Db ) 2/3(~lC p) -0,7. Table A 15.'1 lists values of this "refrigerant
Db h«()(g)~lt k l

factor", calculated from tabulated properties (IIR, 1981), for Refrigerants

t t, 12 and 22 at different evaporating temperatures.

Table A1S.1 Dimensional "Refrigerant Factor" of
Rohsenows Correlation for Heat Transfer to
Boiling Refrigerant in Flooded Evaporators

[ )". .,Evaporating k, Db ~lCp
Refrigeran! Factor --'- h '. . (k)

Temperature, °C Db ((\(g' ~ll ,

(figures below must be multiplied by 10.9)

Refrigerant 11 Refrigerant 12 Refrigerant 22

0 1.152 6,652 6,804
4 1,271 7,124 7,166
10 1,475 7,898 7,660
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For Refrigerant t l, the "refrigerant factors" at 4°C and 10°C are 110%

and 128% of that at O°C. The variation is less for Refrigerant 12 (107%

and 119%) and Refrigerant ~2 (105% and 107%).

As refrigerant evaporating temperatures in most water chilling machines

are within the range of Table A15.1, this suggests that, for a particular

flooded shell-end-tube evaporai'or employing a particular refrigerant, the

refrigerant-side coefficient of heat transfer may be adequately expressed

as a function of a constant C and the heat flux through the tubes:

( , )0,7
h(r]E = C· QE/ Ar[r]

This is the approach adopted by Howes (1976), who, on the basis of a

survey of reported performance of flooded shetl-and-tube evaporators of

water chilling machines on South African gold mir.es, uses the following

correlation:

(A15-10)

where Ar[VI] is the total inside wall area of the tubes. C = 200 for

Refrigerani 11 and C = 290 for Refrigerants 12 and 22.

A15.3 The Shell-and-Tube Condenser

1. There is no refrigerant pressure drop through the condenser.

2. There is no refrlqerant liquid in the condenser apart from condensed
liquid (condensate) draining off the tubes.

3. Refrigerant condensing temperature and refrigerant-side heat
transfer coefficient are the same throughout the condenser.

4. Refrigerant leaves the condenser as saturated liquid.



397

5. Entering refrigerant is uniformly distributed along the length of the
condenser.

6. No oil or other contaminants are present in the refrigerant.

Denoting refrigerant condensing temperature by t(r)c, correspondmg

saturation pressure by psat(7(r)c) and outlet refrigerant enthalpy by hco'

assumptions 1, 3 and 4 can be expressed as

(A15-11)

A15.3.2 Constraints

Denoting the heat transferred through the condenser from the refrigerant

to the water by Qc' the constraints on the performance of the condenser

are

(A15-12)

A15.3.3 Energy and Heat Transfer Relationships

Similarly to the shell-and-tube evaporator,

(A15-13)

(A15-14)

The heat transferred through the condenser, Qc I is

Qc = UAc . LMTDc (A15-15a)

and similarly to (A15-6b) and (A15-6c)
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(A15-15b)

(A'15-15c)

h[~I]C and Arc are given by exactly analogous versions of (A15-7a) and

(A15-7b), and (A15-8) respectively. The coefficient hc'rJc of heat transfer

from condensing refrigerant is now given.

Refrigerant is first de-superheated and then condensed in the shell-and-

tube water-cooled condenser. Because the tube wall temperature is

normally lower than the condensing temperature everywhere in the

condenser, condensation takes place throughout the condenser. The

effect of changes in the entering gas superheat are typically insignificant

due to an inversely proportional relationship between temperature

differences and heat transfer coefficients. As a result, an average overall

heat transfer coefficient and the mean temperature difference (calculated

from the saturated condensing temperature corresponding to the

condensing pressure, and the entering and leaving water temperatures)

give reasonably accurate predictions of performance (ASHRAE, 1992).

/\ correlation is again sought which will have reasonable applicability to

the range of horlzontal shell-and-tube condensers used in large-capacity

water chilling machines. For laminar filmwise condensation on finned

tubes, the 1948 correlation of Beatty and Katz, as reported by.A.SHRAE

(1993 : 4.8) is used:
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(

3 2 ) 0.25 (h .) 0.25
h' = 0,689. ktrptrg . ...J!]_(9_

~Ltr DeqL>.l
(A15-16a)

where At = t(r)sat _ ~VI); t(r)sat is the saturation temperature at the refrigerant

pressure (assumed constant) in the condenser, and ~W) is the average

temperature of the water flowing through the tubes. kif, ~L£( and Pu are

thermal conductivity, absolute viscosity and density of the refrigerant

liquid at the temperature t, of the liquid film on the tubes, given by

t, = t(r)'" - O,75M. The equivalent diameter Oeq depends on the external

tube diameter; tile primary outside wall area of one tube (i.e. the area

without fins); the area of one side of one fin; the surface area of all fins on

one tube; and the fin efficiency.

The Beatty and Katz correlation is used in several models of centrifugal

chillers reported; see, for example, Chi (1979), Braun et al (1987), and

Wong and Wang (1989). However, as Webb (1984) points out in a

detailed survey of the state of knowledge of shell-side refrigerant

condensation in shell-and-tube condensers, the Beatty and Katz model

assumes that no condensate is retained between tile tube fins due to

capillary forces, and that the force of gravity drains the condensate from

the fins and the tube between the fins. Tests have shown that these

assumptions are incorrect; a significant fraction of the tube surface may

be flooded with condensate, and surface tension rather than gravity

controls condensate drainage from the tubes.

The Beatty and Katz model also does not account for row effects, i.e.

differences in performance of successive horizontal tube rows. These are

primarily due to vapour velocity within the tube bundle, and "inundation" of

lower tube rows bv . ondensate draining from upper tube rows (Webb,

1984). The ther: nd: resistance of the liquid film on inundated tubes

reduces the condensation coefficient; however, vapour velocity cCsturbs
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the condensate drainage pattern from tube to tube, and hence reduces

this inundation effect. The summary of ASHRAE (1993 : 36.3) concludes

that these and other compensating effects make actual row effect

uncertain.

Examining (A15-16a), the correlation for the heat transfer coefficient h' is

a function of (a) the prevailing refrigerant pressure, which determines the

saturation temperature t(r)sat and the latent heat h(f\(g\; (b) the temperature

difference M; (c) the properties of the refrigerant at the film temperature

t, ; (d) the local gravitational acceleration g; and (e) the construction and

arrangement of tubes within the condenser. This suggests that, for a

particular horizontal snell-end-tube condenser condensing a particular

refrigerant, the refrigeranl-side coefficient of heat transfer may be

expressed as

(
3 2 )0.25 ()025h' = C. kuPug .ho,25,. J_ ,
u (',OJ !J.t~N

(A15-16b)

For Refrigerants 11, 12 and 22, Table A 15.2 shows how the condensing

(

3 2 )0,25
coefficient factor kuPug and the latent heat factor h(~~~ vary over

~tt(

the range of refrigerant temperatures encountered in condensers in water

chilling rnachines on mines.

For Refuqerant t t, the variations in these factors are 1 and 2 per cent

respectively. This suggests that the refriqerant-slde coefficient of heat

transfer may be adequately expressed as a function of a constant C and

the temperature difference M:

h' C C
[r]C = ( )0,25 = r ( ) I ]0,25

M It(r)c - t(V/)CI +t(IV)CO /2
(A15-17)
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This is the approach adopted by Howes (1976), who gives values for Cas

C = 3 350 for Refrigerant 12, and C = 4 355 for Refrigerants 11 and 22.

This approach is not as valid for Refrigerants 12 and 22, though because

Lhe variations in the factors in Table A 15.2 for these refrigerants are of the

order of 16 and 8 per cent respectively.

Table A15.2 Condensing Coefficient Factors and Latent
Heat_Factors for Halocarbon Refrigerants
(ASH RAE, 1993: ·tID

Film Temperature Condensing "1 Saturation Latent Heat Factor
tfilm,OC Coefficient Factor Temperature h" :5

(32/ t5
t(')'OI' °C

\1/(9)

klfPag ~11f

Refrigerant 11
24 80,7 24 20,60
38 80,3 38 20,45
68 79,2 68 20,08

Refrigerant 12
24 69,8 I 24 19,30
38 64,0

I'
38 18,99

68 58,7
"

68 18,06
Refrigerant 22

24 80,3 24 20,71
38 75,5 38 20,28
68 69.2 68 18,89

A15.4 The Cel "_- 1.19alCompressor Stage

Version 1.01 of CHILLER utilises isentropic analysis in modelling

individual stages of a centrifugal compressor, for the reasons cited on

page 77, Chapter 3. Because manufacturers generally do not release

detailed characteristic performance curves of their compressors, such

modelling has the definite advantage that isentropic work and efficiency

can be directly ascertained from the thermodynamic properties of the

refrigerant employed.

A centrifugal compressor stage, assumed to be equipped with variable

inlet guide vanes, is modelled in the form of maps of curves of fraction-of-

deslqn isentropic head and fraction-of-design isentropic efficiency, both
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being functions of fraction-of design volumetric flow-rate and inlet guide

vane (or diffuser vane) opening. The map of artificial curves used in

CHILLER for a compressor stage with inlet guide vanes is shown in

Figure A 15.1. The curves therein are approximate, polynomial curve fits

to those reported by Grollius, Meyer, Rautenberg and Bailey-McEwan

(1987). The design point (100% of volumetric flow-rate, 100% of

isentropic head) is always defined to be on the curve for a guide vane

angle of 0° (i.e. when the guide vanes are fully open). As seen, for each

position of the vanes, different CUNes of isentropic head and efficiency

obtain. Each such curve has a surge point, and the locus of the surge

points produces the surge line shown.

The accuracy of modelling a centrifugal compressor stage in t'iis way

depends on the accuracy of the shape of each curve, and on the accuracy

of the changes in position of the CUNes as the vane opening changes.

The CUNes in Figure A 15.1 of per unit (i.e. "Fiction-of-design) isentropic

head D.hisl M!SdOS and per unit isentropic efficiency 11lJtlls.dos are

expressed as functions of vane opening \11 and per unit (fraction-of-

design) volumetric flow-rate VP1fVPldes as follows.

nl 111 ( v 'I_I_s_ ee __ L \/'_P_I_
j11is.das - 11is.des I Vp/.des

(A15-18b)

One of the more important aspects in whlch characteristic curves of

compressors may differ is the overall slope of the design curve, expressed

relatively in terms of "steepness" or "flatness". CHILLER Version '1.01
allows seven different slopes of the design curve, named as in Table

A15.3 below.



.." 1,2
I'iI
III:x:
,~
0-,g 0,8
c
ii 0,6
;!:!
c
::I 0,4

~ 0,2

403

CHILLER Version 1.01
Centrifugal Compressor Curves (Avel'age Slope)

/ Design Curve
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CHILLER Version 1.01
Centrifugal Compressor Curves (Average Slope)
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Figure A 15.1 CHILLER Version 1.01: Isentropic Head and
Efficiency Curve Maps for Centrifugal
Compressor Stage with Inlet Guide Vane~
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Tabla A15.3 CHILLER Version 1.01: Family of Design
Curves of Per Unit Isentropic Head versus Per
Unit Volumetric Flow-Rate

r h Per unit volumetric flow-rate at:Name of slope

__ surge point design polnt ch~ke point

very flat 60 100 '140
flat 65 100 135
fairly flat 70 100 130
average slope 75 100 125
fairly steep 80 100 120
steep 85 100 115
very steep 90 100 '110

CHILLER Version 1.01
Range of Centrifugal Compressor Design Curves

1,4

1,2

i~
, \

o -----+-------- t--~---t_____-------__i-~-~· r---__j_~-t-- --~

o 0,2 0,4 0,6 0,8 1,2

Per Unit Volumetric Flow-Rate

.2
go 0,8
.b
c
..@! 0,6
~c
~ 0,4
III
Il.

Figure A 15.2 CHILLER Version 1.01: Range of Design
Curves of Per Unit Isentropic Head versus Per
Unit Volumetric Flow-Rate

The "very fiat", "average slope" and "very steep" design curves are shown

in Figure A 15.2.

1.4
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Each stage of a multi-stage centrifugal compressor is modelled

separately, which allows the interactions between the stages and the

other components in the refrigerant circuit to be taken into account.

A15.5 The Ecol1omiser

An open-flash econorruser, depicted in Figure A15.3 below, serves to

separate the liquid and vapour in an incoming two-phase stream of

refrigerant from an expansion valve.

Refrigerant droplet
Rofrtgoront

Inlet

-I>-'=....-------..--_ """'______-II
I~Rofrtgeront liquId outlet

Figure A15.3 QQen-Flash Economiser

A15.5.1 Assumption~

Saturated conditions prevail in the economiser, and there is no pressure

drop therein.

A15.S.2 ~onstraints

Denoting the temperature of the saturated refrigerant in the economiser

by t(r)EC' and the enthalpies at the inlet, liquid outlet and vapour outlet by

hec/, hECID and hECVD respectively,
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t(r)ECI = t(r)ECto = t(r)ECVO = t(r)EC PECI = PECto = PECVO= Psat(~r)Ec) (A15-19a)

(A15-19b)

A15.5.3 Energy and Heat Transfer Relationships

Denoting the refrlqerant mESSflows at the inlet, liquid outlet and vapour

outlet by mEC/' mECto and i71Ecvo respectively, mass and energy balances

over the economiser yield without difficulty

(A15-20)

A15.6 The Expansion Valve

Here, the constraint is simply

(A15-21)
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APPENDIX 16

THE CHILLER COMPUTER PROGRAM TO PREDICT PERFORMANCE
OF MINE WATER CHILLING INSTALLATIONS

The CHILLER computer program was developed by the Chamber of

Mines of South Africa for the South African mining industry (Bailey-

McEwan and Penman, 1987). As nu~cd in Chapter 4, it has two key

features making it more generally applicable than other programs

developed during the same period.

1) It models the single- or multi-staqe centrifugal compressor of

conventional water chillin£ whines more fundamentally, using

artificial compressor characteristic curves for each stage. The

principal features of these artificial curves, as explained later, are

specifiable in order to matcl the actual curves of each compressor

stage as closely as possible;

2) It can predict the performance of complete water chilling

installations, consisting of multiple conventional water chilling

machines, cooling towers, and reservoirs interconnected 1nany user-

specified configuration.

The second feature is utilised only once in this thesis, and therefore

deserves brief elaboration. As explained In Section 2.4, Chapter 2, most

water chilling installations experience significant variations in duty due to

both daily and seasonal climatic changes, and the unpredictable nature of

mining. While such installations must be able to provide their peak

cooling capacity under full-duty design conditions, their performance

under all significantly off-design conditions, where energy-efficiency and

adaptability are desirable, is equally important. To assess the quality of

energy-efficiency and adaptability, and hence optimally design an

installation, it is therefore desirable to predict off-design performance. A

computer program is required to make this practicable, though, in view of
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the complex interactions between the water chilling, heat-rejection and

other plants in such installations, and between the components within

these plants.

Two other uses for such a program are immediately evident. The effects

of changes to existing or envisaged installations can be simulated and

assessed. Case studies of such use of CHILLER are reported by Bailey-

McEwan (1991). It is also of use in ascertalnlnq and assessing

performance of and detecting faults in conventional water chilling

machines, as demonstrated in Chapters 5 and 6.

CHILLER is an interactive program, running on any IBM-PC-compatible

microcomputer, and has been designed for user-friendliness. Bailey-

McEwan and Penman (1987) give a complete description of the features

and facilities of Version 1.01 of this program. Here, the manner in which

the installation is represented is outlined, and the program's two principal

facilities, termed "Catalogues" and "Installation", are described.

A16.1 Representation of Installation Being Simulated

A water chilling installation is represented as a chilled water circuit; a

condenser water circuit; and the water Jhilling plant, consisting of a group

of conventional water chilling machines CHILLER represents each

refrigerant circuit and water circuit separa ely, as described below.

A16.1:1 Refrigerant Circuits of Conventional Water Chilling Machines

Version 1.01 of CHILLER can simulate only conventional, packaged water

chilling machines with a single- or two-stage centrifugal compressor.

Up to ten conventional water chilling machines are permitted in the

installation simulated. A directory of machines permits access to anyone

in the installation. Each machine is represented as a closed refrigerant

circuit, consisting of an evaporator, a condenser, a single- or two-stage

centrifugal compressor, the corresponding amount of expansion valves,
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and an economiser in the case of a two-stage compressor. The refrigerant

employed - R11, R12, or R22 - must be specified.

A 16.1.2 Chilled Water Circuit

Components permitted in the chilled water circuit are evaporators (of

conventional machines), cooling towers. reservoirs, links, and entrances

to and exits from the installation. Th( ser builds a circuit interactively,

through a highlighting window which is moved to where a component must

be inserted or deleted. Components can be inserted or deleted at any

location, and carl be connected to any neighbouring component in series

or parallel fashion. Water flows through links and reservoirs can be

directed backwards if required, thus permitting feedback streams between

any two points.

A 16.1.3 Condenser Water Circuit

This is represented as for the chilled water circuit. The same range of

components is allowed except that condensers of conventional machines

are substituted for evaporators.

A1S.2 Built-In Catalogues of Installation Components

The "Catalogues" facility allows the user to create and modify the built-in

catalogues containing the specifications of up to 15 different models of

evaporators, condensers, cooling towers, and centrifugal compressor

stages. Each component in the installation is identified as a particular

model in the appropriate catalogue.

For each type of component, there is a range of available classes. For

example, centrifugal compressor stages may be regulated by variable

inlet guide vanes or variable diffuser vanes. The user may select the

class, whereupon a corresponding specification sheet is displayed.

Individual specificatlons in this sheet, initially set to default values, may

then be modified.
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For example, Table A16.1a shows the specification sheet for a centrifugal

compressor stage. The specification process is listed in Table A16.1 b.

Table A16.1 a CHILLER Version 1.01: Specification Sheet for
Centrifuqal Compressor Stage

Class: vane-regulated Name:
Description of Attributes Unit Min. Value Max.

Max. guide vane setting (fully open) degr. 0,00 20,00
Min. guide vane setting (fully closed) degr. -80,00 -40,00
Design refrigerant R12
Compressor curve family Chamber of Mines
Slope of full-capacity curve average slope
Design suction vol. flow-rate m3/s 0,10 20,00
Design isentropic heed k,JlI,g 1,00 25,00
Design isentropic efficiency % 10,00 90,00

TableA16.1b CHILLER Version 1.01: Specif~
Centrifugal Compressor Stage

Attribute Selection

Max. and min. guide vane settings The desired values are entered in the corresponding
"Value" fields.

Design Refrigerant R11, R12 or R22 is selected.
Compressor curve Family The "Chamber of Mines" option (the only option

available in Version 1.01) accesses CHILLER's
family of artificial curves.

Slope of full-capacity curve One of the seven slopes listed in Table A15.3,
Appendix 15 is selected.

Design suction vol. flow-rate; The desired values are entered In the corresponding
isentropic head; and isentropic "Value" fields.
efficiency

A16.3 Simulation of Installation Performance

In the "Installation" facility, the installation is first built as described above.

Next, the specifications of all evaporators, condensers, cooling towers

and centrifugal compressors are set by specifying each as a particular

model in the appropriate built-in catalogue.

Next, all inputs and internal process parameters which the user is

required to specify are entered. These comprise barometric pressure, air

mass flow-rate and inlet air wet-bulb temperature for each cooling tower;
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volume and temperature of water stored in each reservoir; water flow-

rates and inlet water temperatures for the chilled and condenser water

circuits; and, for each conventional water chilling machine, water-side

fouling factors for the evaporator and condenser, and inlet guide vane (or

diffuser vane) angle settings on each centrifugal compressor stage.

Water flow-rates are then checked for balance at each node of the chilled

and condenser water circuits.

A 16.3.1 Master Simulation Algorithm

The static performance of the installation is then simulated, using the

master algorithm depicted in Figure A 16.1. Initial estimates of the

unknown water temperatures in the chilled and condenser water circuits

are first obtained, by a simple guessing sub-algorithm if values from a

previous simulation are not available. Using these estimates as inputs,

the performance of each installation component is calculated. The values

of the unknown water temperatures so calculated are compared with their

estimated values. Unless calculated and estimated values of all unknown

water temperatures agree within 0,001 °C, the latter are refined by the

mUlti-dimensional Newton-Raphson method until this is the case.

A 16.3.2 Mogels and Simulation Algorithms for Installation Components

As mentioned above, permitted installation components in CHILLER

Version 1.01 are conventional water chilling machines, cooling towers,

water reservoirs, links, and water entrances to or exits from the

installation. All interconnecting water piping, including links, between

installation components is assumed to be frictionless and without heat

gain or loss. The models employed in CHILLER Version 1.01 for a

cooling tower r." .conventlonal water chilling machine with a single- or

two-stage cr tr, ugal compressor are now described. The models

employed for the components of these machines are fully described and

justified in Appendix 15, to which reference is made as appropriate.
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Calculate performance of each
installation component

Refine estimates of
unknown water
temperatures by
Newton-Raphson

method
Do

calculated
and estimated

'--_-:-:-_=_( values of all unknown water
temperatures agree
witl,:n tolerance of

O,001°C?

YES

Installation performance simulated;
stop

Figure A16. i CHILLER Version 1.01: Master Aigorithm to
Simulate Installation Perfcrmance

The performance of a cooling tower is simulated by the factor-of-merit

method described by Whillier (1977). The only specification required for

a cooling tower is thus its factor of merit. Inputs required are barometric

pressure, inlet wet-bulb temperature and flow-rate (on a dry mass basis)

of the air; and mass flow-rate and inlet temp srature of the water.

Components. These are an interconnected shell-and-tube evaporator,

single-stage centrifuqal compressor, shell-and-tube condenser and

expansion valve as in Figure A 16.2. The interconnecting piping between

these components is assumed to be frictionless, so changes in refrigerant

pressure and other properties along this piping are ignored. Mechanical
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inefficiencies in the compressor and the effect of its oil cooler are also

ignored. The machine is assumed to have no hot gas bypass valve.

-~--- _----------

CONDENSER

Expansion
Valve

Single-Stage
Compressor

I
I
I

i-~
i

--':)--- water flows

--<l-- refrigerant flows

EVAPORATOR

Figure A16.2 CHILLER Version 1.01: Model of Conventional
Water Chilling Machine with Single-Stage
Centrifugal Compressor

User-Supplied Specifications. These specifications (ente, ed into the

appropriate built-in catalogues) and their corresponding symbols are

listed in Table A16.2 below.

Inputs and Internal Process Parameters. These are llstcd in Table A16.3

below with their corresponding symbols.

Properties of Refrigerant. These are given by (A1S-1a) through (Ai 5-1g)

in Section A 15.1, Appendix 15.

Model of Evaporator. The refrigerant mass flow-rate and properties at the

inlet are given by the constraints

(A16-1a)
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Table A16.2 CHILLER Version 1.01: Specifications for
Conventional Machine with Single-Stage
Centrifugal Compressor

Machine Component Specification Symbol _
Evaporator IAmount of pa~,ses NpnE

Amount of tubes Nre
Internal tube diameter, mm dre
Tube wall thickness, m Yre
Total inside wail area of tubes, m2

AnIVlE
Total outside wall area of tubes, m2 AnrlE
Thermal conductivity of tube material, W/m.K kre

Condenser Amount of passes Npn.c
Amount of tubes Nrc
Internal tube diameter, mm drc
Tube wall thickness, rn Yrc
Total Inside wall area of tubes, m2

Anw)C
Total outside wall area of tubes, m2 Anr]c
Thermal conductivity of tube material, W/m,K krc

Compressor Max. guide vane setting (fully open), °
Min. guide vane setting (fully closed), °
Design refrigerant
Slope of full-capacity curve
DeSIgn suction volurnetr.c flow-rate, m3/s

tiP/,des
Design Isentropic head, kJ/kg 6.hls,P.dO•
DeSign Isentropic efficiency, %

111',P,dO'

Table A16,3 CHILLER Version 1.01: Inputs and Internal
Process Parameters for Conventional Machine
with Single-Stage CentrifLlgal Compressor

Machine Component Input or Intern~1 Process Parameter Symbol
FEvaporato~ Water flow-rate, kg/s

_-_~==-=.
m(I'I)!:

Inlet water temperature, °C
t{W)EI

Water-side fouling factor, m2°C/W 1/h;(w)e
Compressor hIlet guide vane opening, ° 'lip._ ~. _.,
Condenser Water flow-rate, kg/s

m(I'.')!;;

Inlet water temperature, 'c t(W)CI

Water-side fouling factor, m2'CIW 1jhi!W]C



415

The evaporator model described in Section A1S.2, Appendix 1: is used.

The assumptions. constraints and energy and heat-transfer relationships

are accordingly as follows.

:~ Assumptions: as in (A 15-2) and so in addition

=> Constraints: as in (A 15-3);

=> Energy and heat-transfer relationships: as in (A15-4) through

(A15-8), and (A15-10).

Model of Single-Stage Centrifugaf Compressor. The refrigerant mass

flow-rate and properties at the inlet are given by the constraints

m(r)P = merlE

hpi = heo Spi = sEa Vp1 = VEo

(A16-2a)

The model of a centrifugal compressor stage described in Section A15.4,

Aopendlx 15 is used. The isentropic head 6hi"p and isentropic efficiency

111sp are accordingly given in terms of the design values 6hlsp.dO. and

11ls.P.des and the per unit relationships (A 15-18a) and (A15-18b):

I I [ 6hls ( \iPI)]6h - 6h . -- \1 ~-
s.P - s'p.dos Ll.hls.des I p'lip/.des

(A16-2b)

[
I I' .)]11s Vp1

111~.p := 11Is.P.de.·-I--l \1'p'v.--
11 s.des PI.des

(A16-2c)

where \1/ P is inlet guide vane opening. Actual head D.hp, outlet enthalpy

hpo and power input Wp are then given by
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h h - Ah /j,hlsp
Po- PI -L\ P =-,-

'1 sP

Enthalpy h/spo and entropy s/sPo at the end of the ideal, hypothetical

isentropic compression are obtained by

sl P = Spis, 0
(A16-2e)

Ideal, isentropic discharge temperature Tj and specific volume vis.Po s.Po

are obtained by solving (A15-1 d) and (A 15-1 e) simultaneously, with h

and S given by (A16-2e). Outlet refrigerant pressure Ppo is then given by

(A15-1c):

P, - p(Ti vi \
Po - • is.Po' s.Po) (A16-2f)

The real discharge temperature Tpo and specific volume vPo are then

obtained by solving (A15-1c) and (A15-1d) simultaneously, with P and h

being Ppo and hpo'

Model of Expansion Valve. The refrigerant mass flow-rate and properties

at the inlet are given by the constraints

ht::xI = hco (A16-3a)

and outlet refrigerant properties are given by

(A16-3b)

Model of Conderser. The refrigerant mass flow-rate and properties at the

inlet are given by the constraints
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The condenser model described in Section A 15.3, Appendix 15 is used.

The assumptions, constraints and energy and heat-transfer relationships

are accordingly as follows.

=> Assumptions: as in (A15-11);

=> Constraints: as in (A15-12);

=> Energy and heat-transfer relationships: as in (A15-13) through

(A15-15c); exactly analogous versions of (A15-7b) and (A15-8); and

(A15-17).

Overall Mass And Energy Balances. These are the constraints

(A16-5)

Simulation Algorithm. This model of the machine is solved by the multi-

dimensional Newton-Raphson method.

Components. These are an interconnected shell-and-tube evaporator, :I

two-stage centrifugal compressor, an economiser, a shell-and-tube

condenser and two expansion valves interconnected as in Figure 5.1 D.

As for the single-stage machine, tl-e interconnectinq piping is assumed to

be frictionless; mechanical inefficiencies in the compressor and the effect

of its oil cooler are ignored; and no hot gas bypass valve is assumed.

User-Supplied Specifications. These are as in Table A16.2, except that

the two compressor stages are specified separately as in Table A16.4

below.

Inputs and Internal Process Parameters. These are as in Table A16.3,

except that the vane op=nlnqs \11P1 and \11P2 of the two compressor stages

are input quantities.
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Table A16.4 CHILLER Version 1.01: Compressor Stagg
Specifications for Conventional Machine with
Two-Stage Centrifugal Compressor

Machine Component Specification Symbol
Compressor Stage 1 Max. guide vane setting (fully open), 0

-

Min. guide vane setting (fully closed), 0

Design refrigerant
Slope of full-capacity curve
Design suction volumetric flow-rate, mots VPlI.d•s

Design isentropic head, kJtkg
~hls.Ptdes

Design isentropic efficiency, % 111 s.Pf.des
Compressor St8ge 2 Max. guide vane setting (fully open), •

Min. guide vane selting (fully closed), 0

Design refrigerant
Slope of full-capacity curve
Design suction volumetric flow-rate, mots VP2/,d.Z

Design isentropic head, kJ/ka
~hls.P2.des

Design isentropic efficiency, % 111s,P2,de.

Properties of Refrigerant. These are as in Section A 15,1, Appendix 15.

Model of Evaporator. Tile refrigerant mass flow-rate and properties at the

inlet are given by the constraints

(A16-6)

The same evaporator model as for the single-stage machine is used.

Model of Two-Stage Centrifugal Compressor: Stage 1. The refrigerant

mass flow-rate and properties at the inlet are given by the constraints

m(r)Pl "" m(r)1:

hp1; = hl:o Spl; = sl:o

(A16-7a)

The centrifugal compressor stage model of Section A15.4, Appendix 15 is

again used. The isentropic head ~hlsPl' isentropic efficiency 'l1lsPl' actual

head ~hpl' outlet enthalpy hp10, power input Wp1, and outlet pressure



419

PP10 I temperature Tp10 and specific volume vP10 are obtained in the same

way as for tile single-stage machine.

Model of Economiser. The refrigerant mass flow-rate and properties at

the inlet are given by the constraints

(A16-8a)

The economiser model in Section A15.5, Appendix 15 is used. The

constraints and energy and heat-transfer relationships are accordingly as

in (A15-19a) through (A15-20).

Model of Two-Stage Centrifugal Compressor: Stage 2. The refrigerant

mass flow-rate and properties at the inlet are given by tne constraints

m(r)P2 = m(r)c == m(r)P1 +m(r)ECVo

h
_ m(r)P1hp10 + m(r)ECVOhECVO

P21 -
m(r)P1 +m(r)E:cvo

(A16-9a)

The inlet temperature TP21 and specific volume Vp21 are obtained by

solving (A15-1c) and (A15-1d) simultaneously, with P and h being PP21

and hp2/• Then

(A16-9b)

The isentropic head flhls.P2' isentropic efficiency "lsP2' actual head t..hp2,

outlet enthalpy hP20 I power input Wp2, and outlet pressure PP20'

temperature TP20 and specific volume vp20 are then obtained in the same

way as before.

Model of Expansion Valve 1. The refrigerant mass flow-rate and

properties at the inlet are given by the constraints
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(A16-10a)

and outlet refrigerant properties are given by

PE=X10 = PECI (A16-10b)

Model of Expansion Valve 2. The refrigerant mass flow-rate and

properties at the inlet are given by the constraints

m(r)EX2 = m(r)ECeO (A16-11a)

and outlet refrigerant properties are given by

(A'16-11b)

Model of Condenser. The refrigerant mass flow-rate and properties at the

inlet are given by the constraints

(A16-12)

The same condenser model as for the single-stage machine is used.

Overall Mass And Energy Balances. These are the constraints

(A16-13)

Simulation Algorithm. As for that of the single-stage machine, this model

is solved by the multi-dimensional Newton-Raphson method.
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APPENDIX 17

!JSE OF CHILLER PROGRAM TO OBTAIN INPUTS AND INTERNAL
PROCESS PARAMETERS WHEN THESE ARE UNKNOWN

Version 1.01 of CHILLER does not solve this inverse type of problem

directly. When simulating a conventional water chilling machine, it

assumes that the inputs and internal process parameters are known.

CHILLER then calculates the resulting outputs, including outlet water

temperatures and all refrigerant properties.

If, instead, some of these outputs are known and some of the inputs or

internal process parameters are not, the program has to be used

indirectly. The user must supply initial estimates of the unknown inputs or

internal process parameters, and Lise CHILLER to predict the

corresponding performance. The user must then manually refine these

estimates of the unknown inputs or internal process parameters until the

predicted values of the known outputs match the actual values. This

refining must be done carefully, preferably with the aid of an iterative

solution-finding mathematical technique, as each known output will

generally be influenced by more than one of the unknown inputs or

internal process parameters. When using CHILLER in this way, each

water chilling machine must be simulated individua!ly, not as part of its

complete installation.

As an example, the use of CHILLER to estimate the unknown water flow-

rates and fouling factors in Case Study G, Section 5.4. '1, Chapter 5 is

described.

Three inputs were known: inlet water temperatures of evaporator and

condenser, and vane opening of the first, regulated compressor stage.

The two unknown inputs were evaporator and condenser water flow-rates.

The important internal process parameters - water-side fouling factors in
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the evaporator and condenser - were also unknown. However, four

measurable outputs relating to the evaporator and condenser were

known: evaporating refrigerant temperature, evaporator outlet water

temperature, and condenser outlet refrigerant and water temperatures.

The unknown water flow-rates and fouling factors were thus estimated

and refined until the predicted values of these outputs agreed

satisfactorily with the measured one;

Excellent initial estimates of water flow-rates were the values estimated by

the Thorp method (in the third column of Table 5.11). For initial estimates

of the water-side fouling factors, the design values were used. The

process of refining these estimates is portrayed in Table A17.1 below.

TableA17.1 Case Study G: Refinement of Estimates of
Unknown Water Flow-Rates and Fouling
Factors

Unknown inputs, lnt. process parameters Known outputs
Evaporator Condenser Evaporator Condenser

Water Fouling Water Fouling Outlet Retrig. Outlet Outlet
flow, lis factor, fluw, lIs factor, water temp.,oC water refrig.

m2°C/w m2°CIw temp.,oC temp.,oC ternp., ·C
Actual velues (from Table 5.11)

8,4 5,2 42,3 48,0
Values predicted by CHILLER:

Initial set of estimates:
77,9 0,00007 333,5 0,00031 7,69 6,24 42,51 47,83-

First refinement:
raoo 0,00020 375,0 0,00040 8,30 5,67 42,05 48,50,

Second refinement:
79,9 0,00029 360,3 0,00035 8,50 4,97 42,11 47,80

.-'---

Third refinement:
79,8 0,0062"6l" 341,4 0,00035 8,41 5,22 42,30 48,01

The third refinement satisfactorily matched all actual values of the known

outputs. The corresponding performance predicted by CHILLER is given

in the fourth column of Table 5.11.
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APPENDIX 18

CASE STUDY C: MODELLING OF REAL THREE~STAGE
COMPRESSOR AS VIRTUAL TWO~STAGE COMPRESSOR

In Case Study C, both water chilling machines employed a three-stage

centrifugal compressor and two interstage ece: ilsers. Such a vapour-

compression block, illustrated in Figure A7.·l, Appendlx 7, is not modelled

by Version 1.01 of CHILLER. Accordingly, in each machine of Case

Study C, the real three-stage compressor and two economisers were

represented as a virtual two-stage compressor and single econorniser,

equivalent at full-duty design conditions. That is, the virtual two-stage

vapour-compression block was modelled to produce exactly the same

effects in the evaporator and condenser under design conditions.

Pressure, P (, "ale)

Virtual
second stage

first stage

Enthalpy, h

-- Different process of virlual2-stage machine

Figure A 18.1 Representation of Real Three-Stage Water
Chilling Machine as Virtual Two-Stage Machine
at Design Conditions

The virtual two-stage vapour-compression block was therefore modelled

as follows:
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(i) design economiser pressure was made identical to that of

Economiser 2 in the real three-stage block (see Figure A7.1), to

ensure identical effects in the evaporator; that is, the same flash

vapour fraction and refrigerating effect;

(ii) design isentropic efficiency of both stages in the two-stage virtual

cr ..oressor had to be higher than those of all three stages of the

redl compressor, to ensure the same discharge temperature of the

vapour leaving the compressor, and hence identical effects in the

condenser.

The refrigerating cycles for both real three-stage machine and virtual two-

stage machine are shown in the pressure-enthalpy diagram in Figure

A 18.1. The steeper slopes of the compression processes of the virtual

two-stage compressor indicate the greater efficiencies required.

Obviously, perfect equivalence will not occur under off-design conditions,

and this is reflected, for example, in the differences between predicted

and measured temperatures of vapour leaving the economisers in

Table 5.12.
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APPENDIX 19

CASE STUDY A: MODELLING OF WATER CHilLING MACHINE WITH
PARTiALLY FLOODED CONDENSER

This machine, depicted schematically in Figure 5.8 and of 7 350 kW(R)

design capacity, was the largest-capacity machine modelled in this thesis.

Modelling of it was different from that of other conventional machines in

the following aspects:

c, "typical" compressor characteristic curves were available from the

manufacturer; these were therefore used instead of the artificial

curves of the CHILLER program;

o the separate subcooler also had to be modelled;

o the pressure drops in the compressor suction and discharge piping

were significant and thus were modelled for greater accuracy;

o the partial flooding in the condenser had to be modelled.

These four aspects are therefore considered in turn, following which the

modelling nf ': J complete machine is described.

A19.1 Modelling of Compressor

The "typical" curves furnished by the manufacturer are reproduced in

Figure A 19.1 below. As seen, percentage of full-duty pressure ratio is

plotted as a function of inlet guide vane position and percentage of full-

duty suction volumetric flow. Denoting pressure ratio by Rpress' this

function is denoted by ...Rpreso (\1' P' .lip; ). Curves of percentage of full-
Rpressd.. Vpl.des

duty isentropic efficiency are superimposed; these are more conveniently

expressed as a function of vane opening and percentage of design

11' ( Rpress p Ipressure ratio, so these are denoted by _,_8_ \llp'R . l'
11 s.des press.P.des,
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Figure A 19.1 Case Study A. Typical Compressor
Characteristic Cu'V€s Furnis: ,.adb-y
Manufacturer of Ma'~~ll.ne

Pressure ratio alid isentropic efficiency of the compressor are thus

expressed as

R R [ Rprcoo ( IiPI)]press P = prE'osP.dos· R~~----II'pI !j .-
preas.dee PI.des

(A19-1a)
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I - I [ 1118 ( Rpreos.p)]11 s P - 11 s P des' -- \jl P' R
. . . llls.des pless'p,des

(A19-1b)

A19.2 Modelling of Subcooler

This is as depicted in Figure 3.15 and is denoted by the subscript SC.

A 19.2.1 Assumptions

3. No oil or other contaminants are present in the refrigerant.

1. There is no refrigerant pressure drop through the subcooler.

2. The refrigerant-side heat transfer coefficient is the same throughout
the subcooler.

A 19,2.2 Constra;'lis

Analogously to the condenser considered in Section A15.3, Appendix 15,

the constraints are

Q(r)sc = -Q(W)SC (A18-2)

A19.2.3 Energy and Heat Transfe Relationships

The relationships for water and refrigerant heat loads are exactly

analogous to (A15-13) and (A15-14). The heat Qsc transferred through

the subcooler is

where LMTDsc' assuming counterflow configuration (as in Figure 3.15) is

given by

(A19-3b)
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and

_1_ := 1 + 1 + Yr.sc + 1
UAsc h{w]scAr[VI]SC hhw]scAr[VI]SC kr.scAr.sc h{r]scAr(r]sc

(A19-3c)

hr'w]c and Arc are given by exactly analogous versions of (A15-7a) and

(A15-7b), and (A15-8) respectively. If the tubes are at least ten rows

deep and in a staggered arrangement, and if normal leakage in a baffled

heat exchanger is assumed, the refrigerant-side heat transfer coeuiclent

h{r]sc is given by the dtmcnslcnal relation (Perry and Green, 1984 : '10-18)

(A19-3d)

where the constant C = 0,198; Dro.sc is the outside diameter of the tubes;

and Ur.SC.max is the maximum inter-tube velocity of the refrigerant.

A19.3 Compressor Suction and Discharge Piping

A 19.3.1 Assumptions

It is assumed that the piping consists of various lengths of straight pipe,

and one or more bends.

A 19.3.2 Energy and Heat Transfer Relationships

Suction and discharge piping in a conventional water chilling machine is

designed for small pressure drops, as the compressor has to develop

extra pressure rise to overcome these. Thus the changes in refrlqerent

vapour density along compressor suction and discharge piping are small.

According to Perry and Green (1984 : 5-23), flow of a gas can be

considered incompressible if its density within the system through which it

is flowing changes by no more than 10 per cent. In this event, if the inlet
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density is employed, the resulting error in computed pressure drop will

gener"ally not exceed the uncertainty limits in the friction factor.

Accordingly, the pressure drop 6F(r)Pipe along suction or discharge piping

is assumed to be given by the well-known relation for viscous,

incompressible flow in conduits (see, for example, Welty, Wicks and

Wilson, 1976: 205-211):

6F(r)piPe = [PU)IU~r)1.2(FL/ [l +K/ 4) ]PiPe (A19-4a)

where F and L are the Fanning friction factor and length of straight

piping respectively, and K is the total friction coefficient for all bends and

fittings that may be in the piping. For a particular suction or discharge

pipe, 2(FL/D+K/4) is constant, and noting that u(r)Pipel = (m(r)/P( )1a) ,
r pipe

(A19-4a) becomes

6F(r)plpe = (C .mt) /P(r)I\;pe = (C .mt)V(r)I)Plpe

where C = [2(FL IJ+K4)/ d :), pipe

(A19-4b)

A19.4 Modelling of Partially Flooded Shell-and-Tube Ccndenser

Partial flooding is when one or more bottom rows of tubes are submerged

in liquid refrigerant, as shown in Figure A19.2 below.

If the flooding in the condenser is known to be confined to the bottom

pass of tubes, such a situation can be modelled by regarding the

condenser as three interconnected heat exchangers as in Figure A 19.3

below.

The bottom pass is modelled as an unflooded portion, "Condenser 1", and

a flooded portion, "Subcooler 1", connected in parallel on the water side

and in series on the refrigerant side. The other passes are modelled as a

normal shell-and-tube condenser, termed "Condenser 2". On the water
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side, this is connected in series with the bottom pass. On the refrigerant

side, it is connected in parallel with the unflooded portion of the bottom

pass.

Water box

Water
box

plateD

Rofllg()fUIllIIlIO/

~ W.torbox

=! Horizontal luboa

==
~to~7;ZZ r_. I

Uq!JId laval In condonser I ~ Rofrlgorant outlots

Figure A19.2 Partially Flooded Shell~and~Tube Condenser

CONDENSER

..._._..... <l-_·_········\I '

"Condonsor 2" (othor passes of
tubas)

. I
.1 ~._f"condonsor 1" (non-submorgod

) I tubos In bottom pass) '-'1 . -'.I ...wat~r (lows

G .,"_,L. I~- --J -L ,_<1----<1- rofrlg, flows

(submorgodtubof' '" bottom pass) r---

Figure A 19.3 Case Study A: Modelling of Partially Flooded
Shell-and~Tube Condenser

A 19.4.1 Assumptions

For "Condenser 1", the unflooded portion of the bottom pass, and

"Condenser 2", the other passes of tubes, ti ,'-' assumptions are as in
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Section A 15.3.1, Appendix 15. For "Subcooler 1", the flooded portion of

the bottom pass, it is assumed that:

1) there is no refrigerant pressure drop;

2) heat transfer from refrigerant to tubes is by natural convection' and
refrigerant-side heat transfer coefficient is the same for all tubes;

3) entering refrigerant is uniformly distributed along the length of the
tubes;

4) no oil or other contaminants are present in the refrigerant.

A 19.4.2 Constraints

Denoting the whole condenser by the subscript C, and "Condenser 1",

"Subcooler 1" and "Condenser 2" by the subscripts "C1': "SC1" and "C2"

respectively the constraints are as follows.

If Nrc and Np•c are the amounts of tubes and passes, respectively, in the

condenser, let the amount of flooded tubes be Nr."scl'" The amount of

tubes per pass in the condenser is Nrc / Npa c. The water flows m(w)"SC1"

and m(W)"Cl" though the flooded and unflooded portions of the bottom pass

are thus

(A19-5a)

A'so, the respective refrigerant flows m(r)"Cl" and m(r)"C2" through

"Condenser 1" and "Condenser 2' are related by

1 Follo\fo.1ng(he observation of ASHRAE (1992 : 36.4) that "\M"ieremeans are provided (0

elevate the condensate level for the desired submergence of the subcooler tubes"
(meaning the bottom-most rows of tubes in the condenser) "heat Is transferred principally
by natural convection."
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m(r)"C1" + m(r)"C2" = m(r)C (A19-5b)

and the water temperature t(W)"C2"1 at the inlet of "Condenser 2" is given by

(A19-5c)

Q"SC1" = -Q(W)"SC1"

Q"C1" = -Q(W)"C1"

Q'C2" = -Q(VI)"C2"

Q(r)"SC1" = -Q(VI)"SC1"

Q(r)"C1" = -Q(VI)"C1"

Q(r)"C2" = -Q(VI)"C2"

(A19-5d)

Q(r)c = Q(r)"SC1" + Q(r)"C1" +Q(r)"C2"

Q(VI)C = Q(VI)"SC1"+ Q(VI)"C1"+ Q(I'I)"C2"
(A 19-58)

A 19.4.3 Energy and Heat Transfer Relationships

The relationships are exactly analogous to those in Section A 15.3.3,

Appendix 15, with the following exception. As Refrigerant 12 is employed,

(A i5-16b) instead of (A15-17) is used to predict the refrigerant-side heat

transfer coefficient, in order to allow for the variation of the condensing

coefficient and latent heat factors in Table A15.2. As described in Section

A 15.3.3 of Appendix is, these factors are evaluated at the film

temperature t, = t(r)sat - O,75M, where M = t(r)sat - (t(I'I)CI +t(w)cc)/2.

The relationships for water and refrigerant heat loads are exactly

analogous to (A 15-13) and (A 15-14). This portion, like the rest of the

condenser, constitutes a crossflow heat exchanger. Unlike the rest of the

condenser, however, the refrigerant is sensibly cooled (subcooled in the
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liquid phase), so the crossflow configuration must be taken into account.

Some mixing of the refrigerant liquid will occur, as this liquid has to leave

the condenser through one or more bottom outlets which are relatively

small compared to the condenser length. It is prudent, therefore, to

regard this flooded portion as a single-pass crossflow heat exchanger with

the water unmixed, but the refrigerant mixed. The heat Q"SC1" transferred

through this flooded portion is thus given by

Q"SC1" = UA.sc1" •F' . LMTD"sc1' (A19-6a)

where LMTD"sc1' is calculated on the basis of counterflow:

(t(r)"SC1"1 - t(W)"SC1"O) - (t(r)"SC1"O - t(W)"SC1"/)

LMTD"sc1" = ( )
In !(r)"SC1"1 - t(W)"SC1"O

t(r)"SC1"Q - t(W)"SC1"1

(A19-6b)

and F' is the well-known correction factor for the crossflow configuration,

depending on the parameters Y and Z, these (see, for example, Welty,

Wicks and Wilson, 1976: 413-415) being here

t(VI)"SC1"O - t(W)"SC1"1Y=
t(r)"SC1'" - t(VI)"SC1'"

Z == _t(_rl"S_C_l'l.-__:;t(rC!_)"s::.;:c...:_l"O:_

t(W)"SC1"O - t(II)"SC1"J

(A19-6c)

UA'SC1" is given by

1 = __ _:1__ + 1
UA.sc1" h[~/]"SC1"AT[VI]"scl" h;[VI]"SC1"AT[w)"SC1"

+___JJ.L_ + 1
krcAr "SC1" h(r)"sc1"AT[r)"sc1"

(A19-6d)

with h[VI)"SC1" and Ar."SC1" given by exactly analogous versions of (A15-7a)

and (A15-7b), and (A15-8) respectively, The coefficient 17(')"SC1" of heat

transfer by natural convection from refrigerant liquid to tubes is assumed
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to be given by the gl:::neral relationship presentee in ASHRAE (1993 :

3.11,3.12):

h{rJ"SC1" = C· k(rl (Gr. Prr
L

(A19-6e)

where Gr and Pr are the Grashof and Prandtl numbers for the liquid

refrigerant, evaluated as described below; C and n are, respectively,

0,56 and 0,25 if 104 s (Gr. Pr) s 108
, and 0,13 and 0,33 if

108 s (Gr. Pr) s ~~12; k(rl is the thermal conductivity of the liquid

refrigerant, evaluated as described below; and L is the characteristic

length of the heating or cooling surface. For a horizontal tube, L = Dro'

the outside diameter of the tube.

The Grashof and Prandtl numbers for the liquid refrigerant are given by

(A19-6f)

where the symbols not defined previously are p, the coefficient of thermal

expansion of the liquid refrigerant, and M, the temperature difference

between the outside surfaces of the tubes and the refrigerant. Here, M

is assumed to be

I1t = ~r)"Sc1" - fro,"SC1" (A19-6g)

where ~r}"SC1" is the average or bulk temperature of the refrigerant, given

by

- ( ) /'
t(rl"SC1" = t(rl"SC1"1 + t(rl"SC1"O / 2 (A19-611)
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and [ro."sc1'" the average temperature of the outside surfaces of the tubes,

is that which yields a log-mean temperature difference LMTD1rO->VlI"sc1"

between the outside surfaces of the tubes and the water:

_ ([ro"sc1" - t(W)"SC1"0) - ([ro"sc1" - t(VI)"SC1"1)
LMTD(ro_)VI),"sc1" - (- )

In !r0."Sc.1" - t(VI_)"SC1~

t'0."SC1" - t(W)"SC1"1

(A19-6i)

This LMTD accomplishes the transfer of the heat load Q"SC1" in (A19-6a)

between these outside surfaces and the water:

Q"SC1" = U~TO""W)'''SC1" • LMTD(i'o ....VI)."SC1" (A19-6j)

where yU~ro">V/)'''SC1'' is given by the first three terms in (A19-6d):

__ 1__ = 1 + 1 + Yrc
UAr_ro->W)."SC1" h{W}"SC1"Ar[VI)"SC1" hhw)"SC1"Ar[VI]"SC1" krcAr."scl·

(A19-6k)

It is customary (see, for example, Welty, Wicks and Wilson, 1976 : 335) to

evaluate the Grashof and Prandtl numbers in (A i9-6f) at the film

temperature t(r)f."sc1'" defined as the arithmetic mean of the surface and

bulk fluid temperatures. Here, therefore,

t(r)f."SC1" ::.::([ro,"sc1" + ~VI)"sc1,,)/2 (A19-61)

A19.5 Modelling of Complete Machine

A 19.5.1 User-Suppli€.d Specifications

These are listed with their corresponding symbols in Table A 19.1 below.
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TableA19.1 Case Study A: Specifications of Machine

Machine
I Specification Value Symbol

Component
Evaporator Amount of passes

[ 163:
«:

Amount of tubes NTe
Internal tube diameter, rnm 15,95 dTe
Tube wall thickness, m 1,24 YTe
Total inside vvall area of tubes, m2 654,2 AnVl)e
Outside surface of tubes Union Carbide "hi-flux"
Total outside wall area of tubes, m2 777 AnrJ£'
Thermal conductivity of tube material, W/m.K 44 kTe

Condenser Amount of passes 2 Npa.c
Amount of tubes 2340 NTc
Internal tube diameter, mm 13,8 dTC
Tube vvall thickness, m 1,24 YTC
Total inside vvall area of tubes, rn- 811,6 AnVl)C
Outside surface of tubes 19 fins per 25 mm
Total outside wall area of tubes, m2 2952 Anr]c
Thermal conductivity of tube material, W/m.K 44 kTC

Subcooler Amount of passes 1 Npa.sc
Amount of tubes 237 NT.SC
Internal tube diameter, mm 16,52 dT.sc
Tube vvall thickness, m 1,24 Yr.sc
Total Inside vvall area of tubes, m2 61,5 AnIVJSC
Outside surface of tubes - Plain
Total outside wall area of tubes, m2 70,7 AnrJc
Thermal conductivity of tube material, W/rn.K 44 kr.sc

Compressor Max. guide vane setting (fully open), degrees 90
Min. guide vane setting (fully closed), degrees 4
Design refrigerant R12
Design suction volumetric flow-rate, m~/s 4,31 lip/.des
Design pressure ratio 2,658 «:»;
Design isentropic efficiency, % 89,2 111s.P.dos

A 19.5.2 Inputs and Internal Process Parameters

These are listed with their corresponding symbols in Table A19.2 below.
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Table A19.2 Case Study A: Inputs and Internal Process
Parametel s _:)fMachine

Machine Component I Quantity I --
- Symbol

Evaporator Water flow-rate, i~']/s
m(w)E

Inlet water temperature, °C
t(W)Ei

Water-side fouling factor, m2°CIW 1jh/rWJE
Compressor Inlet guide vane opening, deqrees \(Ip

Condenser Water flow-rate, kg/s
m(w)C

Water-side fouling factor, m2°CIW 1j h.',VI]C
Amount of flooded tubes Nr:sc1'

Subcooler Inlet water temperature, <C
t(VI)SCI

Water-side fouling factor, m2°CIW 1jhhI'lJSC-
A18.5.3 Model of Evaporator

The refrigerant mass flow-rate and properties at the inlet are given by the

constraints

The evaporator model described in Section A15.2, Appendix 15 is used.

The assumptions, constraints and energy and heat-transfer relationships

are accordingly as follows.

:::::> Assumptions: as in (A15-2) and so in addition

(A19-7b)

:::::> Constraints: as in (A15-3);

=> Energy and heat-transfer relationships: as in ~A15-4) through

(A 15-8), and (A15-10). The constant C in (A 15-10), though, is 2436

in order for the evaporator to yield its specified performance at

design conditions.
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A19.5.4 Compressor Suetior. PI, ,ng

Denoting this piping by the subscript E..-.fP (evaporator to compressor),

from (A 19-4b)

(A19-8a)

where C = 0,04236 m-2 to give the specified pressure drop at design

conditions. The conditions at the outlet of this piping - that is, the

compressor inlet, denoted by the subscript Pi - are then

(A19-8b)

Temperature and specific volume Tp, and vpi at the compressor inlet are

next obtained by simultaneously solving (A15-1 c) and (A15-'( d\ with P

and h being PPI and hp,'

A19.5.5 JYlodelof Single-Stage Centrifugal Compressor

Entropy and vclumet-lc flow-rate at the inlet are:

(A19-9a)

Pressure ratio Rprensp and isentropic efficiency 111sp are given by (A'19-1 a)

and (A19-1b). Outlet pressure is then

(A19-9b)

(deal, isentropic discharge temperature 71spo and specific volume vis Po

are obtained by solving (A15-1c) and (A15-1e) simultaneously, with P

given by (A19-9b) and S:=: Spi' Ideal, isentropic discharge enthalpy hispo

(by (A 15-1 d» and enthalpy rise ~hls.po are then
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(A19-9c)

Actual head L\hp, outlet enthalpy hpo and power input Wp are then given

by

n.:-:'. _ Ah _ /:'hlsp
PO-·'PI-lJ. p --1-

'1 s.P

The real dlscharqe temperature Tpo and specific volume vpo are then

obtained by solving (Ai5-1 c) and (A 15-1 d) Slrl.': iltaneously, with P and h

being Ppo and hpo'

A19.5.6 Compressor Discharge Piping

Denoting this piping by the subscript P-fC (compressor to condenser),

pressure drop /:'Pp-~c and refrigerant properties at the condenser inlet are

computed identically to (A19-8a) and (A19-8b), except that in (A19-8a),

the constant C = 0,36421 to give the specified pressure drop at de"Jign

conditions.

A18.S.7 Model of Partially Flooded Condenser

The refrigerant mass flow-rate and properties at the inlet are given by the

constraints

(A 19-1Oa)

The condenser is modelled as in Section A19.4 above. For "Condenser

1" and "Condenser 2", the constant C in (A15-16b) is 3,21644 to give the

specified condenser performance at design (unflooded) conditions.
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A 19.5.8 Model of Subcooler

This is modelled as in Section A 19.2 above. The maximum inter-tube

velocity Dr.SC.max of the refrigerant in (A19-3d) is 5,355 mls to give the

specified subcooler performance at design conditions.

AI9.5.9 Model of Expansion Valve

The refrigerant mass flow-rate and properties at the inlet are given by the

constraints

(AI9-11a)

and outlet refrigerant properties are given by

(AI9-11b)

AI9.5.10 Overall Mass and En~rgy Balances

These are the constraints

(AI9-12a)

(AI9-12b)

A 19.5.11 Simulation Algorithm

As stated in Chapter 5, a spreadsheet program with numerical equation-

solving capability, Microsoft Excel 4.0, was used to solve the model of this

machine.

A 19.5.12 Accuracy of Modelling

The question naturally arose of how accurate this modelling of the

complete machine was. Fortunately, the manufacturer had furnished

quoted performance at two sets of operating conditions: full-duty de",ign or
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"summer" conditions, where water had to be chilled from 15°C to 4,5°C

and the inlet water temperature of the condenser block was 22°C; and

"maximum" conditions, where water had to be chilled from 13,5°C to 4,5°C

and the inlet water temperature of the condenser block was 2rC.

TableA19.3 Case Study A: Quoted and Predicted
Performance of Machine

QUANTITY UNIT "SUMMER" "MAXIMUM"
Quoted Predicted Quoted Predicted

EVAPORATOR
Water \ (ow-rate lIs 168 168 168 168
Inlet water temperature °C 15,0 15,0 15,0/13,5 15,0/13,5
Outlet water temperature °C 4,5 4,5 6,014,5 6,0/4,5
W 'lr chilling load kW(R) 7386 7386 6350 6330
Fouling factor m2DC!W 0,0003 0,00025 0,0003 0,00025
Refrigerant pressure kPaa 339 336,3 337 355,3/338,5
Refrigerant temperature DC 2,7 2,66 2,9 4,3812,86

COMPRESSOR
Vane opening degr. - 40,5 - 37,7/45,1
Isentropic efficiency % 82,9 82,4 82,5 76,5178,0
Input power kW 1043 1052 1043 1 03111 075
Suction temperature DC 3,0 2,4 3,2 4,2/2,7
Discharge temperature DC 41 41,1 ·t5 46,4/46,6

CONDENSER
Water flow-rate lis 377 377 377 377
Inlet Welter temperature DC 22,2 22,23 27,2 27,18/27,18
Outlet water temperature DC 27,3 27,35 31,7 31,67/31,69
Water heating load kW(R) 8087 8080 7137 707417116
Fouling factor m2DC!W 0,0003 0,0003 0,0003 0,0003
Refrigerant pressure kPaa 759 753,3 834 832,4/833,4
Outlet refrigerant temperature DC 30,4 30,44 34,3 34,3

SUBCOOLER
Water flow-rate lis 125 1:d5 '125 125
Inlet water temperature DC 22,0 22,0 27,0 27,0
Outlet water temperature DC 22,6 22,68 27,2 27,55/27,55

Water heating load kW(R) 303 357,6 253 286,8/289,7

Fouling factor m2DC!W 0,0003 0,0003 0,0003 0,0003
Inlet refrigerant temperature °C 30,4 30,44 34,3 34,3
Outlet refrigerant temperature DC 24,9 23,9~ 29,3 28,4

Measures of pertor.nence
Coeffici nt of performance (COP) '1,08 7,02 6,09 6,14/5,89

For both "summer" and "maximum" conditions, quoted performance and

that predicted by the model are listed in Table A 19.3. Excellent
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correspondence was achieved for "summer" (i.e. full-duty design)

conditions. For "maximum" conditions, predicted compressor isentropic

efficiency was slightly lower than quoted, so predicted input power and

COP were 3 per cent higher and lower respectively.

The conditions of Case Study A corresponded closely to "summer"

conditions. Therefore, the machine model could be considered at least

reasonably accurate for the purpose of predicting actual performance with

a flooded condenser, and sufficiently accurate for the purpose of

predicting corresponding normal and optimal performance.
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APPENDIX 20

SIMPLIFIED MODELLING OF CONVENTIOi\lAL MACfllNES BY
OVERALL ENERGY BALANCE

From (3-7d), the overall energy balance for the generalised water chilling

machine, neglecting heat exchange between the external surfaces of the

machine and its surroundings,

For a conventional water chilling machine, this simplifies to (as in (3-12»

(A20-1 )

where Wp and WOP are the mechanical power inputs to the compressor

and its oil pump respectively, and Q(W)OC{MS) is the heat transferred outside

the machine boundary by any oil-to water compressor oil coolers.

From (A 15-4) and (A 15-13), it follows without difficulty that

(A20-2a)

Equally well, m(w)E is a function of m(\'I)C if (A20-2a) is transposed:

(A20-2b)

Therefore, if a" other quantities in (A20-2a) and (A20-2b) are known,

either mass flow-rate of water is a function of the other.

For Case Study E, one or both apparent water flow-rates were

unacceptably erroneous, but all water temperatures had been accurately
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measured. Therefore, assuming that the apparent input power of 871 kW

was acceptably accurate, (A'20-2a) and (A20-2b) were used' to determine

the implied -

e evaporator water flow-rate corresponding to the apparent condenser

water flow-rate of 85,S lIs;

Q condenser water flow-rates corresponding to the apparent and

design evaporator water flow-rate. ,'1,6 and 60,6 I/s respectively.

These implied, corresponding flow-rates are tabulated with other relevant

corresponding quantities in tile shaded portions of Table A20.1. The

corresponding water-side fouling factors therein were calculated from

(A21-2) or .(A21-4) in Appendix 21.

Table A20.1 Case Study E: Ill"
Corresponding to •
Flow-Rate~

:uantities
"mt and Design Water

Evaporator Condenser
Water Chilling Fouling Water Heating Fouling

flow-rate, load, factor, flow-rate, load, factor, COP
I/s kW(R) m20CI\N I/s kW(R) m2°CIW

35,0 1404 0,000(:)1 85,5 2275 0,00171 1,61
(appar~,1t
value)

51,6 ? 070 0,00037 110,4 2941 0,00128 2,37
(apparent
value)
60,6 2407 0,00030 123,1 3277 0,00113 2,79

(design value)

1 For the machine in this case study, the compressor oil cooler was an oil-to-water heat
exchanger, ob., -:ing its water from the chilled 'Ita: ar circuit of the installation, outside the
machine boundary, and thus appearing as Q(W)OC(M') in (A20-2a) and (A20-2b). This
term was neglected, though, in order to be consistent with the use of the CHILLER
program to predict the performance of this machine (the available version of this
program neglected the effect of compressor oil coolers). A.s the rating of the oil cooler
was 12 kW(R), its effect C"l ! 1 t)(~t~:r', r ~ [or :i1E: purpose uf estimating condenser water
flow-rate corresponding t(· e , ,J:;,oraLJi V\'~!t.r :lo/V·rate, or vice versa. The power input of
the compressor oil pump, rated at : ,5 kW, was also ignored.
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APPENDIX 21

ESTIMATION OF WATER"SIDE FOULING FACTORS IN HEAT
EXCHANGERS OF CONVENTIONAL MACHINES

As water-side fouling factors are not directly measurable, they have to be

estimated by modelling. It can be shown that the water-side fouling factor

in the evaporator or condenser of a conventional machine, where these

heat exchangers are modelled as in Appendix 15, is a function of the

water flow-rate and the water and refrigerant temperatures as follows.

For an evaporator, from (A15-3), (A15-4) and (A15-6a),

(A2'I-1 a)

From (Ai 5-6c),

(A21-1 b)

Equating tile reciprocal of (A21-1a) with (A21-1b) and solving for tile

water-side fouling factor 1jhhwJE '

(A21-2)

From (A15-7a) and (A15-7b), h{WJE is a function of m(I'I)E' t(VI)Ei t(VlIEo and

evaporator specifications. From (A15-3), (A15-4) and (A15-10)

(A21-3)
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£,;,d so h(rlE is also a function of m(W)E' t(VI)Ei' t(VI)Eo and evaporator

specifications. Hence the water-side fouling factor 1/hhwlE in (A21-2) is a

function of these and of evaporating refrigerant temperature t(r)E (this

appears in LMTDE, as seen from (A15-6b».

A similar relationship holds for the water-side fouling factor in the

condenser:

[

LMTDc ]
_1_:.: Ll -m(VI)Cc(VI)(t(W)CO - t(W)CI)

h' "r[wlC
([Vile 1 Yrc 1

- h[~/lcAr[w; - krcArc - h[~lcAr[rlc

(A21-4)

and 1/h;[WlC is likewise a function of m(W)C' t(WlCI' t(VI)CO' t(r)c and

condenser specifications because h(wlc is also given by (A15-7a) and

(A15-7b), and h(rlc by (A15-17).

The accuracy of the fouling factor estimated by (A21-2) or (A21-4) is at

least moderately sensitive to the accuracy of the measured water flow-rate

through the evaporator or condenser in question. The reasons are as

follows. First, as seen from (A21-1 a), the estimated thermal conductance

(UA) of the heat exchanger depends directly on thls water flow-rate.

Second, the heat transfer coefficient h{wl of the water boundary layer -

appearing in (A21-2) and (A21-4) - depends on the water velocity in the

tubes, and hence on the water flow-rate, as seen from (A15-7a) and

(A15-7b) in Appendix 15.

(A21-2) and (A21 A) mean that if refrigerant temperatures and inlet and

outlet water temperatures of the evaporator and condenser are known,

their water-side fouling factors are functions of their water flow-rates.
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