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A Cavitied Cold Plate for Enhanced Thermal
Uniformity and Cooling

Yanyan Liu", Sjouke Willem Schekman’, Yongpu Wang", Tian Jian Lu", and Tongbeum Kim

Abstract—Excessive heat emitted from electronic and elec-
trochemical devices, e.g., semiconductor chips and lithium
(Li)-ion batteries, has been managed by a state-of-the-art
technology—liquid circulation through designed (e.g., serpen-
tine) microchannels embedded in a thin metallic “cold plate.”
Nonetheless, a common drawback of such thermal management
technology is thermal nonuniformity. Even a small thermal gradi-
ent, for example, can accelerate performance degradation within
a Li-ion battery cell. To mitigate such thermal nonuniformity,
this study presents a novel cold plate design with enhanced
cooling by placing hemicircular cavity cells along serpentine
microchannels—namely, a cavitied cold plate. To demonstrate the
design effectiveness, a series of thermofluidic characterizations on
both the reference and cavitied cold plates subjected to constant
heat flux are carried out by infrared (IR) thermography, as well
as pressure and velocity measurements in a practical Reynolds
number range of 20 < Rep;, < 200. It is demonstrated that the
proposed cavitied cold plate provides an improvement in thermal
uniformity of ~70% over the reference one. This significant
improvement is attributed to increased effective conductance by
both elevated local convection and a shortened conductive path
in cavity cells. Furthermore, the cavitied cold plate gives rise to
more than 76% enhanced cooling, with 30% reduced pressure
drop. Hence, with pumping power fixed, approximately 100%
enhanced cooling over the reference cold plate could be achieved.

Index Terms—Advanced cold plate design, battery/electronic
chip cooling, serpentine microchannel, sidewall modification.

I. INTRODUCTION
OR effective thermal management of high-power electri-
cal systems, one possible approach is forced convection
of liquid coolant circulating through multiple serpentine
microchannels embedded within a thin metallic plate, termed
a “cold plate.” Consider, as an example, lithium (Li)-ion
batteries implemented in most electric vehicles (EVs) to date.
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Such a commercial battery pack is shown schematically in
Fig. 1(a). The battery cooling system, shown in Fig. 1(b), fea-
tures a metallic cold plate sandwiched between two prismatic
battery cells that removes excessive heat from the battery cells
via conduction. This is followed by forced liquid circulation
through multiple serpentine microchannels in each cold plate.
A pump drives the coolant circulation to carry the removed
heat away and rejects it to the surroundings at the other end
of the cooling system, where fins and air cooling are typically
situated for heat rejection. At present, limited by the scale of
the microchannels, the operating Reynolds numbers in such
individual microchannels are Rep;, ~ 100 [1]. In general,
a practical range of Reynolds numbers for microchannels is
considered to be 20 < Rep;, < 200 [2], and thus, the flows are
characteristically “laminar.”

The generation of electricity within Li-ion batteries involves
chemical exothermic reactions, and hence, a thermal rise is
inevitable. Excessive temperatures can rapidly cause signifi-
cant capacity loss [3], [4]. Over and above the management
of temperatures experienced by the batteries, temperature
distribution across the battery cells is also essential [5], [6].
Nonuniform cooling could lead to hotspots. Cooling and
regulation of such hotspots, in turn, result in regions receiving
excess, inefficient levels of cooling. Therefore, the ultimate
design goal for an efficient high-performance cold plate is
enhanced cooling by convection in embedded microscale chan-
nels and more uniform thermal distribution, altogether with a
lower pumping power requirement [7].

To improve the cooling performance of microchannel con-
figurations, several modifications to the channels have been
considered, including changes to surface roughness [8], [9],
[10], curved flow path [11], [12], [13], and obstructions
along the coolant flow direction [14], [15]. However, these
techniques are all accompanied by an increase in pressure
drop (i.e., pumping power). On the other hand, to improve
the thermal uniformity in a cold plate, the core strategy has
been on regulating the coolant distribution by optimizing
microchannel topologies. This includes variable pin fin density
[16], variable microchannel width [17], [18] along the coolant
flow circuit, double-layer microchannel structure with counter
flow [19], and inlet—outlet location arrangement (counter flow
in adjacent microchannels) [20], [21]. Via these strategies,
the thermal uniformity of a cold plate, considered based on
a standard deviation of the surface temperature, could be
improved by 22%~131%, depending on the reference cold
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Fig. 1. Commercial prismatic Li-ion battery pack with a liquid cooling system [1], [2]. (a) Prismatic battery pack. (b) Sandwiched serpentine microchannel
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Fig. 2. Comparison of sidewall modifications in straight microchannels. (a) Sidewall modification configurations. (b) Thermal-hydraulic performance ratio.

plate used in individual studies. Notably, these modifications
do not satisfy both requirements simultaneously—enhanced
cooling and improved thermal uniformity.

A cold plate with sidewall modification, however, may meet
both design requirements simultaneously as per the results
in our previous studies [2], [22]. Specifically, the sidewalls
of the microchannels are modified, creating cavities along
the length of a channel, hitherto referred to as cavitied cold
plates. Possible configurations of sidewall modification for
single/multiple straight microchannel cold plates are shown

in Fig. 2(a), including: (i) unaltered microchannel (reference);
(ii) fan-shaped [2], [23], [24]; (iii) trapezoidal [25]; (iv) trian-
gular [26]; and (v) offset fan-shaped [27] cavities. Such cav-
itied microchannels exhibit very interesting thermal-hydraulic
properties. Enhanced cooling is achieved while reducing pres-
sure drop compared to the unmodified microchannel [2]. The
corresponding mechanisms have been stipulated in previous
studies. It is attributed to the redeveloping boundary layers in
the throat connecting successive cavities [2] and stagnant fluid
within cavities [22]. The performance of a given microchannel
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Fig. 3. Cold plate specimens showing a photograph of fabricated cold plates with schematic of designed microchannels. (a) Reference (unmodified) cold

plate. (b) Cavitied cold plate.

can be measured through a thermal-hydraulic performance
(Nugyg/ fll,/ 3), where Nu,y, is the average Nusselt number and
fp is the friction factor. Furthermore, a thermal performance
parameter, n = [Nuavg/ng]c/[Nuavg/f]])/S]ref > 1.0, repre-
sented in Fig. 2(b), implies a performance of cavitied (c)
microchannels superior to reference (ref) microchannels at a
given pumping power.

The design effectiveness in a practical configuration, i.e., a
cold plate consisting of serpentine microchannels, is yet to be
confirmed to enhance cooling and improve thermal uniformity
simultaneously. Therefore, this study aims to squarely address
this issue. To this end, a series of thermofluidic characteri-
zations on both reference (unmodified) and modified metallic
cold plates, subjected to a constant heat flux, are carried out by
both infrared (IR) thermography and pneumatic pressure mea-
surements in the Reynolds number range of 20 < Rp; < 200.
Furthermore, to demonstrate detailed flow patterns within each
cavity cell, microparticle image velocimetry (uPIV) is also
employed, necessitating an optically transparent microchannel
cold plate.

II. MATERIALS AND METHODS
A. Microchannel Cold Plate Specimens

Two transparent rectangular-shaped microchannel cold plate
specimens were fabricated, including a “reference” unmod-
ified cold plate [Fig. 3(a)] and a cold plate with sidewall
modification [Fig. 3(b)]. For both specimens, 13 predesigned
microchannels were chemically etched out, via hydrogen
fluoride, on a 2.0-mm-thick transparent quartz glass sub-
strate within a 1 x 1 in (¢ = 25.4 mm) range. Another
2.0-mm-thick cover plate, which uses the same quartz glass
as substrate, was press-fused on top of the substrate. The
chemical etching resulted in a “bowl-shaped” cross-sectional

shape as shown in the insets of Fig. 3. Upstream of and
downstream from each microchannel passage, a wide-angle
diffuser-type chamber was added to uniformly distribute a
working fluid—deionized water—into the test passage. In this
article, they were referred to as the feed chamber and the drain
chamber. Geometrical dimensions of an individual microchan-
nel were adopted directly from those used in [2] and [22].
This allowed for a more direct correlation to those previous
findings as necessary. The dimensions were W; = 200 um
(top base), W, = 20 um (bottom base), H = 90 um (height),
a = 45° (taper between the top and bottom bases), and
L = 49.19 mm (total length), as indicated in Fig. 3(a). The
center-to-center spacing between two adjacent microchannels
was fixed at Wy = 1000 um. As for the proposed cavitied
microchannel, 25 pairs of cavities with top diameter D, =
800 um were aligned along the straight microchannel passage
in the y-axis, with center-to-center spacing fixed at d; =
1000 pum. Along the x-direction, the cavities were arranged
in a staggered pattern, with center-to-center spacing fixed at
d, = 1070 um. The angle (6) between the inlet and outlet
of a cavity was 56°, resulting in a longer total flow path of
L =52.49 mm (Table I). For both reference and cavitied cold
plates, L remains the same length from one microchannel to
another.

B. Coolant Distribution in Both Types of Cold Plates

Prior to measurements, it is instructive to confirm that the
coolant is distributed to multiple microchannels by a feed
chamber. To this end, a series of flow visualizations were given
in Fig. 4. For the Reynolds number of Rep, = 100, deionized
water was first circulated using a syringe pump set at a targeted
flow rate, and then, a red ink pigment was injected at the feed
chamber.
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Fig. 4. Visualized coolant flow in a cold plate. (a) With unmodified sidewalls. (b) With cavitied sidewalls.

TABLE I
GEOMETRIC PARAMETERS OF TWO TESTED GLASS COLD PLATES WITH A BOWL-SHAPED CROSS SECTION

With 13 u ; I dpr = D. s 0 Bowl-shaped cross-section p o

microchannels | (mm) | (mm) | (mm) ol um) | um) | ) | " w2 H a Dy, coolant! @
. () (um) | (um) | (um) | () | (um)

i‘}gn;’fgtfeled 254 | 20 [49.19 | 1000 | / ;o 0.20

Cavitied cold 200 20 90 45 | 115.6

plate 254 2.0 | 52.49 | 1000 | 800 | 1070 | 56 0.56

For both types of cold plates, the fluid entering the feed
chamber forms a jet-like flow. Subsequently, the feed chamber
flow enters the central microchannels (e.g., #5-—#9) first since
these are closer to the chamber inlet. No separation on the
diverging sides of the feed chamber is observed (see (ii) of
Fig. 4). When the coolant enters the drain chamber, after
passing through all 13 microchannels, a similar distribution
is maintained, with the flow exiting the central microchannels
first (see (iii) of Fig. 4). This implies that, in both the reference
and cavitied cold plates, the coolant is uniformly distributed
by the wide-angle feed chamber as designed. Furthermore,
no distinguishable differences are exhibited between the flow
pattern in the unmodified microchannel system [Fig. 4(a)] and
that in the cavitied microchannel system [Fig. 4(b)].

C. Time-Averaged Flow Field Measured With uPIV

The local flow field inside the transparent quartz microchan-
nel with hemicircular cavitied sidewalls (as shown in Fig. 3)
was mapped using a uPIV system, as schematically shown
in Fig. 5. A Nd:YAG double-cavity pulsed laser (Evergreen
70, Lumibird) was used for illumination, which emitted two
green laser pulses at 532-nm wavelength, with predefined time
delay (t, t+dt). The laser beam was delivered into a stereo epi-
fluorescent microscope (Stereo Discovery V8, Zeiss) passing
the beam expander, which was then reflected, via a dichroic
mirror, into the path perpendicular to the plane of a microscope

objective lens. The beam expander employed was an optical
component that became opaque when the laser beam intensity
exceeded a certain limit, thus protecting the objective lens
from damage [28], [29]. The laser beam coming out of the
objective lens illuminated the entire measurement volume,
including tracer particles and the microtube itself. However,
the tracer particles were typically fluorescent, absorbing green
light from laser beams and emitting longer wavelength fluo-
rescent light. In these experiments, the tracer particles (2.0 um
in diameter and 0.01% volume concentration; Thermo Fisher
Scientific) absorbed green laser light (1 532 nm) and
emitted orange, fluorescent light (1 ~ 612 nm). During prepa-
ration, the tracer particles were mixed with the DI water via
ultrasonication (500-W Ultrasonic Processors, Cole-Parmer)
for 60 s so that the former could be uniformly distributed
in the latter.

Subsequently, the fluorescent light from tracer particles
and the green light scattered by objects in the illumination
volume were all transmitted back through the objective lens.
However, a dichroic mirror was used to remove the green
light reflected and scattered back into the objective lens.
As the mirror only transmitted light in the range >610 nm,
most of the fluorescent light from tracer particles passed
through. It is worth noting that the dichroic mirror was the
same as the one that reflected the illuminating laser beam
into the objective lens. The signals from the measurement
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Fig. 5. Experimental setup for measuring local flow field using a uPIV system.

volume included the emitted lights from both the in-focus and
out-of-focus particles, which were imaged using an interline
transfer charge-coupled device (CCD) camera (Image SX 6M,
LaVision). As shown in the enlarged inset of Fig. 5, the depth
of correlation (0z.) in the experiment was estimated to be
~33.5 um, based on the following equation [30], [31]:

- )

where € is the relative threshold below which the defo-
cused particle images no longer contribute significantly to
the displacement-correlation term (¢ = 0.01 usually selected),
f* is the focal number of the lens, d, is the tracer particle
diameter, M is the magnification, and A is the wavelength of
the light emitted by tracer particles.

The double-shuttered CCD camera was used to record the
light scattered by the particles, with double frame/double
exposure. With time sequences adjusted by the synchronizer,
the timing was such that the first laser pulse occurred in
the first frame, whereas the second pulse occurred in the
second frame. Both frames were subdivided into interrogation
windows, with 96 x 96 pixels and 75% overlap. Each window
was evaluated by cross correlation of the window in the first
frame recorded at time instant ¢, with the same window in the
second frame recorded at time instant ¢ + dt. Velocity vectors
could be obtained with a 16 x 16 pixel spatial resolution in a
graphic user interface (DaVis 10, LaVision). Time-resolved
data were recorded at a sampling rate of 8.0 Hz for 100
instantaneous velocity fields, which were averaged to obtain
the time-averaged flow field.

To horizontally adjust the view windows and microscope
focal plane, each cold plate specimen was fixed on a tra-
verse system while keeping the flow field plane inside the
microtube and the objective lens plane in a mutually parallel
position. In all cases, velocity fields were measured along the

5.95(M + 1)? 22f*
M2

1- &
N

(f'*zdz + (1)

microchannel mid-height plane, which was located by match-
ing the maximum centerline velocity.

D. Steady-State Heat Transfer Measurements

To explore the forced convection performance of both
unmodified and cavitied cold plates, two metallic cold plates
with five purposely designed microchannels were fabricated,
as shown in Fig. 6. These micropassages were machined
using a microcomputer numerical control (Micro-CNC) on
0.5-mm-thick stainless steel 304 upper and lower substrates
(ks = 14.35 W/m-K). After machining, the two substrates were
rebonded via diffusion welding. The two metallic cold plates
had the same serpentine layout as their glass counterparts,
as shown in Fig. 3. Therefore, the coolant is expected to be
uniformly distributed into the test microchannels through the
wide-angle feed chamber, as shown in Fig. 4.

For both types of metallic cold plates, the cross section
of an individual microchannel was an ellipse (perimeter P =
2.17 x 10°> um and inner area A, = 2.82 x 10° um?), slightly
different from that of glass cold plates as seen in Fig. 6(c). This
was unavoidable due to the different manufacturing processes
employed for glass and metallic cold plates. However, it was
not expected to significantly alter coolant flow behavior. The
length of each microchannel was L = 50.36 mm, while the
center-to-center spacing between two adjacent microchannels
was fixed at Wy = 2500 um.

As for the cavitied microchannel, ten pairs of cavities with
top diameter D, = 2000 ym are aligned down the straight
microchannel passage along the y-axis, with center-to-center
spacing fixed at d; = 2500 um. Along the x-direction, the
cavities are arranged in a staggered manner, with center-to-
center spacing fixed at d, = 2680 um. The angle (6) between
inlet and outlet flowing through a cavity is 56°, resulting in a
longer flow path L = 53.17 mm (Table II).

For steady heat transfer measurements, an etched foil heater
with dimensions of 25.4 x 25.4 mm was attached to the back
side of both metallic cold plates via a double-sided tape, as
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Fig. 6. Experimental setup for measuring steady-state heat transfer in a metallic microchannel cold plate. (a) Photograph from front side view. (b) Photograph

from back side view. (¢) Schematic of cross section.

TABLE 11
GEOMETRIC PARAMETERS OF TWO TESTED METALLIC COLD PLATES WITH MICROCHANNELS HAVING ELLIPSE CROSS SECTIONS

Wlth 5 a t L dVlV: Dl- d2 0 E;hpse sts-secngn AL'(}()lant/
microchannels (mm) | (mm) | (mm) 0 (um) | (um) | (°) ¢ h a?
(pm) (um) | (um?) | (um)
Unmodified cold plate 25.4 0.5 49.19 | 2500 / / / 217 | 2.82 520 0.20
Cavitied cold plate 254 0.5 52.49 | 2500 2000 | 2680 | 56° | x10° | x10° 0.53

shown in Fig. 6(b). To achieve the desired isoflux thermal
condition, an electric current (with 10.0 V and 0.68 A from a
dc power supply) was supplied, which generates an input heat
of 6.8 W (corresponding input heat flux g; = 10.54 kW/m?)
based on the heater area. The back side of the attached heater
was thermally insulated with a sufficiently thick aluminum
silicate fiber felt, as illustrated in Fig. 6(c). The current and
voltage were measured using a digital multimeter.

Two T-type bead thermocouples (STC-TT-T-40-36, Omega
Engineering) were used to monitor inlet (7j,) and outlet
(Toy) coolant temperatures through the tapping holes. Upon
completing the heat transfer experiments, these tapping holes
were also used to measure the pressure drop between the
inlet and outlet ports. A T-type film thermocouple (CO1-T,
Omega Engineering) was attached to the back side of the cold
plate, as depicted in Fig. 6(b). Once the temperature (7pack)
became stable, indicating steady-state forced convection within
a given cold plate, an IR camera (Flir E8xt, FLIR!) was used
to map surface temperatures on its top side. Emissivity of the
top surface was taken to be 0.95 as estimated using the IR
camera, by inversely matching temperature readings from the
IR camera to those measured from the film thermocouple at
the same location on the target plate. The time-resolved IR
image was recorded at a sampling rate of 1.0 Hz for ten IR

ITrademarked.

images, which were then averaged to obtain a time-averaged
temperature contour on the top surface of each cold plate.

E. Time-Averaged Static Pressure Measurements

To measure time-averaged flow resistance (or pressure
drop), a differential pressure transducer (PX409, Omega Engi-
neering) was connected to two pressure tapping ports of each
cold plate, with the latter connected to the inlet and outlet
of the cold plate using a three-way valve [Fig. 6(a)]. This
enabled pressure difference measurements at differing flow
rates. The output signal of the differential pressure transducer
was recorded by a data acquisition system (34972A, Keysight
Technologies) at 20 Hz for 60 s, collecting 1200 sampled
signals in total. The voltage signals were then converted and
time-averaged to obtain the mean pressure drop for a given
flow rate.

F. Data Reduction Parameters

Throughout the present study, the Reynolds number ranged
from 20 < Rep, < 200. For the microchannels specific to the
present cold plate configurations, the hydraulic diameter was

defined as follows: 4
= ¢ 2
P @

where A. was the cross-sectional area and P was the cross-
sectional perimeter for an individual microchannel. For the

Dy,
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bowl-shaped microchannel cold plate, A. = HW,+ (wH?)/2,
and P = W, + W, + nH. For the ellipse microchannel cold
plate, the representative cross-sectional area and perimeter of
individual microchannels were averaged from the values of
five microchannels in the cold plate. The cross-sectional area
and perimeter of each individual microchannel were measured
using a commercial image processing program (ImagelJ).
The Reynolds number (Rep;) was defined as

Rep, = —— 3)

where p and u were, respectively, the density and dynamic
viscosity of distilled water and u,, was the mean velocity
(setting value of the precalibrated syringe pump). The density
and dynamic viscosities of distilled water at local temperature
(25 °C) and barometric pressure (100 kPa) were 998.21 kg/m3
and 1.0016 x 1073 Pas, respectively.

As a nondimensional measure of flow resistance, the friction
factor was calculated as

2AP 1
w=(%7) () > @

where AP was the pressure drop between the two pressure
tapping ports of the specimen (measured by a differential
pressure transducer) and L was the length of an individual
microchannel.

To evaluate the forced convection performance of both cold
plate types, the overall average Nusselt number was calculated
as

17

¢ D,

—_— 5
Tom—Ty ky )

Nuyy, =
where ¢ = QOnet/Ainterface Was the average heat flux imposed
on the surface of a microchannel, Q¢ Was the net power input,
and Ajyterface Was the microchannel interface area between the
coolant and the solid substrate. Ty, = Zi::l Yo Ty )/ (x %
y) was the mean value of top endwall temperature; Ty =
0.5(Tyin + Trouw) was the average temperature of coolant;
and Ty, and Ty, were the coolant temperature at the inlet
and outlet, respectively. ky = 0.6 W/(m-K) was the thermal
conductivity of DI water. The net power input was obtained
via energy conservation as

Ohet = Cpm(Tf,out - Tf,in) (6)

where ¢, was the coolant thermal capacity and 7z was the mass
flow rate.
Heat losses from the heater could thus be estimated as

Qinput - Qnet
Qinput

where Qjnpu = UI was the power input from the heater and U
and I were the voltage and current applied to the heater via
a dc power supply, respectively. Depending upon individual
setups, the magnitude of R, varied substantially, from 9% to
26% of the total heat input supplied to the heater.

The Nusselt number and friction factor reflect the heat
transfer and flow resistance characteristics of the cavitied cold
plate, respectively. The thermal-hydraulic performance [32],

Rioss = (7

[33] at a fixed pumping power for a given microchannel, or
performance evaluation criterion (PEC), is expressed as

PEC = Nug,e/f)". ®)

Furthermore, to evaluate the enhanced thermal-hydraulic per-
formance of the cavitied cold plate compared to a reference
unmodified cold plate, a thermal performance factor (1) was
defined as

n=[Nuwe/ 5] /[ Nuwe/ 1] ©

where subscripts “c” and “ref” denote the cavitied and refer-
ence cold plates, respectively. It expressed the ratio of the PEC
of the cavitied cold plate to that of its reference counterpart.
To evaluate the thermal uniformity on the top surface of
each cold plate, the standard deviation of the surface temper-
ature was considered. It is considered that a smaller standard
deviation of temperature implies a more uniform temperature
distribution on the cold plate surface. This was expressed as

- 2
Tr= |5 2 (Taiey) = Toag)

i=1

(10)

where T; (x, y) was the temperature at each pixel of one IR
image and N = x x y was the total pixel number of one IR
image, T, (x, y).

G. Uncertainty Analysis

Measurement uncertainties were estimated using a method
described as follows. If y = f(xy, x2,..., x,), then the uncer-
tainty propagated by x; in the variable y is given by [34]

ay 2 ay 2 ay 2
LA A Ax,
¢(axl o) (Zan) o (2
(11)

where Ax; was the absolute uncertainty in x;. Equation (11)
estimated overall experimental uncertainties associated with
mean velocity, Reynolds numbers, and friction factor. The
uncertainty of mean velocity was associated with flow rate
and cross-sectional area and was estimated to be 0.62%.
Similarly, the estimated uncertainties of Reynolds number and
pressure drop per unit length were within 0.86% and 1.00%,
respectively. The uncertainty of the friction factor that was
associated with the mean velocity, hydraulic diameter, and
pressure drop per unit length was estimated to be less than
1.81%. Uncertainty of Nusselt number (Nu,,,) was associated
with mean temperature on the top endwall (7,,), coolant’s
average temperature (7y), and various heat losses during
the experiment. This uncertainty was calculated as 9.28%,
governed predominantly by uncertainty in input heat flux.
Similarly, the estimated uncertainty of thermal uniformity (7)
is within 5.59%.

The uncertainty of the instantaneous velocity measured by
MPIV is associated with the average particle displacement
within an interrogation area and time interval of two frames.
Uncertainty regarding the time interval of light sheet pulses
is not usually considered to be a significant source of error.
The displacement error is estimated based on the contributions

Ay =
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of the random motion of tracer particles due to Brownian
motion and implicit errors during interrogations. Santiago et al.
[35] show that the error due to the Brownian motion of
tracer particles is a function of the diffusion coefficient of
microparticles, the characteristic velocity, and the time delay
between successive images. The implicit errors during the
interrogations could be estimated by particle image diameter
(i.e., dr = 3.7 pixels), the number of particle images (N;)
within the interrogation area, and subpixel displacements
(AX) [36], [37], [38]. The total measurement uncertainty
is determined to be £3.73% based on the valid full-scale
displacements of 5.0 pixels, where the random motion of
tracer particles due to Brownian motion and implicit errors
is combined by using the root sum square of these terms.

ITI. RESULTS AND DISCUSSION
A. Enhanced Overall Cooling by Sidewall Modification

As a baseline (reference) case, the temperature distribution
of each cold plate was considered without forced convection in
its microchannels, i.e., Rep, = 0. Temperatures thus measured
for the reference case are displayed as contours (i) and (v)
in Fig. 7(a) for the unmodified and cavitied cold plates,
respectively. The temperature distribution is largely similar
across both types of cold plates and akin to that temperature
centered on a heat source. With Qjppue = 6.8 W applied to
the bottom surface of the reference cold plate, the mean cold
plate temperature, T, — Ty4mp, Was measured to be ~76.0 °C
at Rep, = 0.

The coolant at T;, = 25 °C is now supplied to microchan-
nels through a feed chamber, with Rep, varying from 20 to
200. Passing along the serpentine microchannels, the coolant
removes heat and thus becomes hotter. As a result, the cooling
effectiveness drops along the microchannel length: lower cold
plate temperatures near the inlet and higher temperatures near
the outlet. This is seen in contours (ii)—(iv) of Fig. 7(a) for
the unmodified cold plate and in contours (vi)—(viii) for the
cavitied cold plate.

For the unmodified cold plate, at Rep, = 60, the hotspot
extends from its center toward the outlet, as shown by contour
(ii). As the Reynolds number is increased to 100, the hotspot
migrates closer to the outlet, with a decreased peak temper-
ature as depicted by contour (iii). As the Reynolds number
is further increased to 200, the hotspot seems to disappear,
yet with relatively higher temperature regions remaining along
the inner side serpentine microchannels, as evidenced by
contour (iv). Quantitatively, the mean surface temperature, by
way of the temperature difference between the mean endwall
temperature and the coolant inlet temperature (T, — T in),
drops steeply and monotonically, from ~33 °C to ~10 °C, as
the Reynolds number is increased from 20 to 200.

For the cavitied cold plate, the variation of local temperature
distributions and its dependence on Reynolds number are
similar. However, the magnitude of surface temperatures is
much lower than the reference cold plate, as evidenced by
contours (vi)—(viii). In addition, unlike the unmodified cold
plate, all microchannel paths have a higher temperature near
the exit into the drain chamber, i.e., a better distribution of

the temperature across the cold plate channels. The mean
surface temperature (T, — Ty;n) is decreased steeply from
~20 °C to ~5 °C, which is much lower than the reference
case, corresponding to between a 39.4% and 50% reduction in
surface temperature. This confirms that a cavity-type sidewall
modification has the potential to meet simultaneously the two
design requirements of higher heat transfer and better cooling
uniformity.

To better understand the dependence of forced convection
in both cold plates on Reynolds number, the mean surface
temperature (i.e., T, — Trin) was generalized by the Nus-
selt number (Nu,y,) defined in (5). The Nusselt number of
the reference cold plate is seen to increase with increasing
Reynolds number, as depicted in Fig. 7(b). This dependence
seems contradictory to the classical theory that states that the
Nusselt number is a constant (Nugeory = 4.36, independent of
Reynolds number), if cooled by fully developed laminar flow
in a circular pipe subjected to constant heat flux [39].

The configuration considered in the present study, how-
ever, differs from that assumed in the classical derivation.
Specifically, there is a strong thermal spreading in the sub-
strate of the cold plate, along both the axial and transverse
directions. This is termed “lateral spreading” in this study,
referring to conduction through the substrate embedding the
multiple serpentine microchannels. In an individual serpentine
microchannel, there is both forced convection axially along
the channel path and lateral spreading within the cold plate
substrate. Previous studies [2], [40], [41], [42] that considered
such thermal spreading in a straight microchannel cold plate
argued that the imposed uniform heat flux on such a cold
plate is redistributed. Consequently, the nonuniform heat flux
along the microchannel surface causes a nonlinear variation of
coolant temperature. The Nusselt number calculated using (5)
is, therefore, underestimated.

On the other hand, as the Reynolds number is increased,
lateral spreading becomes weakened relative to convective
cooling. At sufficiently high Reynolds numbers, forced con-
vection becomes dominant, with corresponding heat transfer
eventually approaching the theoretical value of Nugpeory = 4.36,
as depicted in Fig. 7(b). It should be noted that although
(5) is strictly inaccurate, it still provides an alternative yet
practical means to estimate the cooling performance of a
given microchannel cold plate since it is almost impossible
to experimentally measure local fluid temperature and heat
flux along a microchannel [2], [40]. A direct comparison of
Nuyye in Fig. 7(b) reveals that the cooling by the unmodified
cold plate is increased from Nug,, ~ 0.34 to ~1.41 when the
Reynolds number is increased from Rep, = 20 to 200. On
the other hand, for the cavitied cold plate, the Nusselt number
is increased from Nu,, ~ 0.63 to ~2.10, which provides
approximately 76% enhancement across the Reynolds number
range considered.

Based on the results of Fig. 7, it can be concluded that
to further enhance the cooling performance of a given cold
plate design, the flow rate in the embedded microchannels
should be increased. In such a case, the pumping of coolant
is a critical design constraint where the pressure drop across
these microchannels limits the permissible flow rate for a
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Fig. 7. Comparisons. (a) Cold plate surface temperature distribution and its variation with Reynolds number. (b) Area-averaged Nusselt number varying with

Reynolds number.

given pump. Based on the Darcy—Weisbach equation [43], the
pressure drop (AP) in a microscale channel is substantially
higher than that in a macroscale channel, following a power
law of AP~ D7* D being the hydraulic diameter of
an individual coolant channel. In other words, microchannel
systems require a more powerful pump.

For both cold plate types, Fig. 8(a) evaluates the pressure
drop per unit length (AP/L) varying with coolant mean velocity
(up,) from 0.04 up to 0.39 m/s. This velocity range corresponds

to a Reynolds number range of Rep; = 20-200, which implies
laminar flow convection. Pressure drop in the unmodified cold
plate increases with the mean velocity as AP/L ~ (u,)"?,
which is slightly steeper than the classical theory for laminar
flow in a smooth pipe, e.g., AP/L ~ (u,,)'? [43]. Such a
slight deviation may be attributed to the bends present along
a serpentine microchannel [12]. With sidewall modification,
the pressure drop increases with mean velocity to a lesser
extent, following AP/L ~ (u,,)"*. In the mean velocity range

Authorized licensed use limited to: University of Witwatersrand. Downloaded on February 05,2026 at 13:22:09 UTC from IEEE Xplore. Restrictions apply.



76 IEEE TRANSACTIONS ON COMPONENTS, PACKAGING AND MANUFACTURING TECHNOLOGY, VOL. 16, NO. 1, JANUARY 2026

- (e
il
€

2.00
E
S~
S150f
£t
=
S1.00f

0.50 [

1
%50 0.1 0.2 0.3
Uy, (m/s)
(a)

considered, the pressure drop in the cavitied cold plate is
reduced by 20%~50% with respect to the reference unmodified
cold plate.

To generalize the dependence of pressure drop across a
given cold plate on mean coolant velocity, the values are
replotted in Fig. 8(b) using a fanning friction factor, fp;.
The friction factor of the unmodified cold plate is empirically
correlated as fp, ~ 1/(Repy)°®, while fo, ~ 1/(Repy)®®
holds for the cavitied cold plate. In the practical Reynolds
number range of Rep, = 20 ~ 200, the cavitied cold plate
achieves, on average, ~30% lower flow resistance than its
unmodified counterpart.

It is useful if both heat removal and pressure drop are con-
sidered simultaneously using a PEC, defined conventionally
in (8) as PEC= Nuy,/f},’. Results in Fig. 9(a) show that the
cavitied cold plate provides almost doubled performance of its
unmodified counterpart over the full Reynolds number range
considered. A thermal performance parameter (1) defined by
(9) the ratio of PEC for cavitied microchannel to that of
unmodified microchannel [shown in Fig. 9(b)]. With this
parameter, 7 = 1.0 indicates that the cavitied microchannel
performs equally well as the unmodified microchannel, while
n = 2.0 implies a 100% enhancement. With reference to
Fig. 9(b), the cavitied microchannel results in an enhancement
of 48%~169% (or on average 100%) over the Reynolds
number range considered.

Notably, this thermal performance is much higher than that
of a single straight, nonserpentine, microchannel [23], [24],
[25], as well as multiple straight microchannels [26], [27].
As the Reynolds number is further increased, e.g., Rep, >
200, the enhancement ratio due to sidewall modification in
a serpentine cold plate is steeply decreased. It implies that
the technological advantage with sidewall modification is only
valid in multiple, serpentine flow paths in a low Reynolds
number range. Fortunately, in the supposed practical Reynolds
numbers of 20 < Rep;, < 200, sidewall modification acts to
enhance the cooling while reducing the pressure drop. Thus,
for a given pumping power, more coolant can be pumped,
leading to enhanced cooling.

#5
#3

100
#1

fon™ 1/Rep,>®

fon

Rep,
(b)

Fig. 8. Comparison of pressure drop between unmodified (reference) and cavitied cold plates. (a) Pressure drop per unit length. (b) Fanning friction factor.

B. Fluid Mechanisms Responsible for Enhanced Thermal
Performance

For relatively low Reynolds numbers, a serpentine
microchannel with sidewall modifications offers enhanced
thermal performance over that of a straight microchannel, as
seen in Fig. 9(b). It is assumed that the same mechanisms as
those clarified for a straight microchannel cold plate [2] hold
for the present cold plate. To justify this, at Rep, = 120,
pPIV was implemented for mapping the flow field within
representative sidewall cavities in a transparent cold plate
with 13 channel paths. Three of the paths (#1, #7, and
#13) were specifically measured. Paths #1 and #13 exhibited
some asymmetrical flow at their respective inlets, but no
further distinctions were noted across the three. As such, only
microchannel path #7 is presented here. Three locations along
the path were selected, as seen in Fig. 10, representing: (I)
inlet, (IT) middle, and (III) outlet.

For a given cavity, the coolant is supplied to the cavity
through an orifice-like straight throat (z/D;, = 3.8), t being the
throat length and Dj, the hydraulic diameter of the throat. At
the cavity inlet, upon exiting the throat, the streamlines form
a stream tube. This can be seen by (I) in Fig. 10(a) using the
velocity contour based on the present uPIV measurements.
As the coolant moves downstream from the cavity inlet, the
coolant flow diffuses radially. Due to the relatively high static
pressure at the cavity exit by contraction, the stream tube
inflates radially along its mainstream immediately upstream of
the exit. Limited by the outlet throat location with respect to
the inlet throat location, the coolant follows the turning angle,
e.g., # = 28°. A near mirror image of the streamlines is seen
for case (III) featuring the same turning angle of 6 = 28°.
For a representative cell in middle (II), the coolant enters
the cavity from its top-left corner and leaves at the top-right
corner, having a turning angle of 8 = 56°, as depicted. Such
rapid turning causes a much earlier and wider inflation stream
tube within the cavity compared to the case at inlet (I) for
6 = 28°. Finally, the coolant enters the drain chamber through
a straight throat with a turning angle of 6 = 28°, as shown in
(II) of Fig. 10(a).
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Fig. 9. Enhanced overall cooling by sidewall modification, with pressure drop considered. (a) PEC, defined by (8). (b) Comparison of thermal performance

(1), defined by (9).

The vorticity contours shown in Fig. 10(b) indicate that
the mixing of coolant is intensified within and near the
throat, which plays a crucial role in improving the cooling
performance within the throat and demands the presence of
a cavity. Contraction of the streamline tube at cavity exit
(throat inlet) results in increased mixing and the formation of
a boundary layer in the throat. Then, bifurcation of the coolant
flow at the cavity inlet (throat exit) causes another boundary
layer to develop along the concave sidewalls of the cavity.

In summary, sidewall modification such as hemicircular
cavities along straight microchannels reduces pressure drop:
the stagnant fluid inside the cavities acts as a buffer layer
between the mainstream and the cavities’ concave sidewalls
and; accordingly, flow slippage along the interface between the
mainstream and stagnant fluid in such cavities acts to reduce
the pressure drop compared to unmodified microchannels
[22]. The same fluidic mechanisms hold for the reduced
pressure drop achieved across serpentine microchannels in
a cavitied cold plate. Furthermore, the intensified coolant
mixing upstream, in each throat connecting successive sidewall
cavities due to the redeveloping boundary layer, results in
enhanced overall cooling in the cavitied cold plate, consistent
with existing findings for a single straight microchannel cold
plate [2].

It is worth noting that a fourth cavity case exists in two
specific locations of the serpentine path, at the first and third
turns of the path, where the turning angle is 6 = 152°. Such
a turn is more excessive than those presented in Fig. 10 and
may well result in notably different flow structures. However,
in the present study, such cavities only feature twice in the
channel path that features 50 cavities in total. It is therefore
assumed that any unique flow structures present are negligible.

C. Improved Thermal Uniformity by Sidewall Modification
and the Underlying Physical Mechanism

High thermal nonuniformity is an intrinsic problem with any
serpentine cold plate design. The unmodified cold plate show-
cases such nonuniformity by contours (i)—(iv) of Fig. 7(a).
These hotspots generate a thermal gradient across the cold
plate, which is known to accelerate performance degradation
of batteries or electronic chips [5], [6], [7]. In the current study,
thermal uniformity of a given cold plate is evaluated using
temperature deviation from a surface-averaged value, denoted
as T, by (10). The variation of thermal uniformity with coolant
Reynolds number is shown in Fig. 11 for both unmodified
and cavitied microchannels. Quantitatively, the standard devi-
ation of temperature distributions for both microchannels is
T, =~17°C at Rep, =0 from T, = 100 °C.
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Fig. 11. Improved thermal uniformity by sidewall modification at
Qinput = 6.8 W, indicated by the standard deviation of endwall temperatures
varying with Reynolds number.

At Trin = 25 °C, thermal uniformity of the unmodified
microchannel decreases monotonically from 7, 14.9 to
3.9 K, as seen in Fig. 11. For Rep, < 100, the uniformity
is worse than the cold plate without forced convection in the
microchannels, i.e., T, > 7.0 K. The weak convection only
acts to extend the hotspot region along microchannels that
pass through the hotspot, as depicted in (ii) and (iii) of Fig. 7.
As the Reynolds number is increased further to Rep, = 200,
the heated coolant is now drained at a faster rate. Thus, the
cold plate becomes more uniform as shown by contour (iv) in
Fig. 7. It corresponds to a smaller standard deviation than that
without convection, e.g., T, < 7.0 K. Notably, such uniformity

~

does not satisfy the uniformity requirement for battery cooling
(ie., Te = 2.5 K [6]).

For the cavitied microchannel, the thermal uniformity sim-
ilarly increases monotonically (i.e., 7, decreases) but with
lower values: from 7, ~ 8.2 to 0.9 K. With forced convection
in a cavitied serpentine microchannel, thermal uniformity is
better than the case without convection, as can be seen in
contours (v)—(viii) in Fig. 7 for Rep, > 30. Furthermore,
for Rep, > 60, the standard deviation becomes lower than
the requirement for battery cooling (7, = 2.5 K [6]). In
comparison to the reference cold plate, the cavitied cold
plate substantially reduces (improves) thermal uniformity by
45.2%~77.7%. Over the Reynolds number range considered,
an average improvement of 70% is achieved.

The mechanism for such an improvement to thermal uni-
formity can be considered using a simple thermal resistance
model for straight microchannel cold plates (with and without
sidewall modifications), as illustrated in Fig. 12(a). Each cold
plate had a width of W = 10 mm and a length of L = 54 mm.
The cross section of the unmodified microchannel is circular,
with its inner diameter D = 500 um. For the cavitied cold
plate, 19 cylindrical cavities with a diameter of D, = 2.0 mm
are aligned along the straight microchannel (D = 500 pm),
with the center-to-center spacing fixed at d; = 2.5 mm.
Numerical results used in the model are based on those
detailed in a previous study [2].

For steady-state heat transfer in a given cold plate, heat
is transferred from the source attached to the substrate
via conduction, subsequently removed by convection in the
microchannels. Both conduction and convection are coupled to
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Fig. 12. Effective conductance of both reference and cavitied microchannel
cold plates. (a) Schematic of a conductance model. (b) Comparison and
variation of effective conductance (Ceg) with Reynolds number.

determine the thermal uniformity of the cold plate. Based on
thermal resistances in series [39], the overall thermal resistance
per unit length may be expressed as

Riotat = Reond + Reonv (12)
where R.ong = 1/ks is the thermal resistance of conduction,
Reony = 1/(h x s) is the thermal resistance of convection, k; is
the thermal conductivity of the substrate, / is the area-averaged
heat transfer coefficient, and s is the spreading distance for a
microchannel. Effective thermal conductance is now expressed
as the inverse of overall thermal resistance [39] as

1 kshs

Cap= — = M
T Riotal ks + hs

(13)
For an unmodified cold plate, the effective thermal conduc-
tance is expressed as

kshysi

Cury = 21
. ks + hi sy

(14
where k; is the thermal conductivity of the substrate, /; is the
area-averaged heat transfer coefficient, and s; = (W — D)/2 is
the distance from the microchannel wall to the edge of the cold
plate. The cavitied cold plate is equivalent to an unmodified
cold plate having the same overall dimensions. Due to the
presence of cavities, there is a larger equivalent microchannel
diameter (i.e., D’ = 0.88 mm) representing an unmodified
microchannel, as shown in Fig. 12(a). Therefore, it shortens

the conductive path compared to the reference cold plate. The
effective thermal conductance can be derived as
kshy sy

ks + hysy

where 5, is the area-averaged heat transfer coefficient and s, =
(W — D’)/2 is the distance from the equivalent microchannel
wall to the edge of the cold plate, as shown by the inset of
Fig. 12(a).

In the Reynolds number range of Rep, = 20 ~ 200,
the effective thermal conductance of both cold plate types
increases with increasing Reynolds number, due mainly to
enhanced convection, as displayed in Fig. 12(b). Compared to
the reference cold plate, the effective thermal conductance is
enhanced by wall modification up to ~7.5%. This is attributed
to enhanced local convection and shortened conductive path
by wall modification. Therefore, the increased thermal con-
ductance by wall modification explains the improved thermal
uniformity observed in Fig. 11.

Cefip = (15)

IV. CONCLUSION

A cold plate design that can mitigate thermal nonuni-
formity with enhanced overall cooling has been envisioned,
which arranges hemicircular cavity cells along serpentine
microchannels, leading to a cavitied cold plate. To confirm the
effectiveness of such a design, a series of thermofluidic charac-
terizations on both reference and cavitied cold plates, subjected
to constant heat flux, were carried out by IR thermography as
well as pressure and velocity measurements, within a practical
Reynolds number range of 20 < Rep;, < 200. The cavitied cold
plate design provided about 70% improved thermal uniformity
over the reference cold plate, mainly due to increased effective
conductance by both elevated local convection and shortened
conductive path. Furthermore, the cavitied cold plate gave
rise to approximately 76% enhanced overall cooling and 50%
reduced pressure drop at a given flow rate. As a result,
with pumping power fixed, the thermal performance is further
enhanced: ~100% better cooling than the reference cold plate.
The proposed cold plate design provides an alternative option
for thermally managing semiconductor chips and/or Li-ion bat-
teries that simultaneously require improved thermal uniformity
and enhanced overall cooling.
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