
KURTOSIS (D intension less)
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From Figures 4.4 and 4.5 it can be 3een that the kurtosis 

value of 3, _♦ 10Z, -*nd 8, _♦ 51 obtained for a new and damaged 

bearing respectively, is independent of the rotational 

frequency and the load applied to the shaft. On the other 

hand the vibration severity in acceleration (g) is very 

dependent on the speed and load with variations of up to 

4 50Z.

The main disadvantage of using kurtosis is that* vibration 

from a damaged bearing can be transmittr-i to other bearings 

that are not damaged in the same machine train, and even 

other machines in close proximity via the shaft, foundation 

or pipework. Hence the kurtosis value obtained from the 

abovementioned situation could be spurious. For a particular 

machine a damaged bearing can be isolated by examining and 

comparing the vibration severity and kurtosis value of each 

bearing in the machine train. The damaged bearing should 

have the highest kurtosis value and vibration severity. To 

isolate the vibration from other machines, synchronous time 

averaging was considered. Time averaging is used to reduce 

the level of noise. Signals that are fixed in the time 

record, i.e. synchronc is with the trigger, will remain while 

non-synchronous signals eventually average to zero. Since 

the vibration signals from a'bearing are random and hence 

nonsynchronous, synchronous time averaging was not 

successful.

Software was developed using the HP9836 interfaced to the 

Wavetek 101A. This statistical concept will be used at 

Koeberg in the near future, where they hav. many motors with 

roller and ball btarings. British Steel Corporation have 

been using kurtosis for monitoring rolling element bearing 

condition for some time and they have obtained encouraging 

results in the field.

4.6 DISCUSSION
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The main advantage of kurtosis is that vibration measurements 

uted for its derivation can be taken at any operating 

condition of the machine. This is very convenient because 

the operating conditions of machines in a power station vary 

from day to day. A periodic vibration monitoring programme 

operating on a stringent schedule will not be disturbed 

because vibration data was not obtainable, from a particular 

machine due to its operating condition not being the same as 

when the previous data was acquired.

Another advantage of this method is that it can easily be 

incorporated into a computer based monitoring system. Once 

the vibration data has been stored on disk it is relatively 

simple to develop software to retrieve the data and perform 

the necessary calculations to obtain a kurtosis value. 

Trending of the kurtosis values can also be achieved using 

the computer.

The maximum effectiveness of this method is achieved by 

trending the kurtosis values obtained. Trending of kurtosis 

values allows decisions to be made based on the history of 

the machine. A gradual increase in the Kurtosis value from 

the no-m of 3 to approx image 1y 8 to 20 would be a clear 

indication that incipient failure is near.

Another important advantage of kurtosis is that it is 

independent of the size of the bearing, the pitch diameter, 

number of balls, diameter of balls and angle of contact, 

Rogers (22).

The Kurtosis values obtained are very dependent on the 

frequency range of the time window that was chosen. In this 

cast; a 3 Hz - 5 kHz and a 5 - 10 kHz frequency range was 

chosen with , tive results for a new and damaged bearing 

respect ively.
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4.7 CONCLUSIONS

1) In laboratory tests performed, kurtosis proved to be an 

effective means of monitoring the condition of roller 

and bal1 bearings.

2) Load and speed has no effect on the kurtosis value 

obtained from a new and a damaged bearing.

3) The maximum effectiveness of kurtoeis is achieved by 

trending the kurtosis values obtained.

4) The calculations necessary for the derivation of 

kurtosis values and the trending of these values can be 

incorporated into a computer based monitoring programme.

5) Kurtosis is independent of the sire cf the bearing, 

Rogers (22).

6) Kurtosis is very dependent on the freq y range chosen 

for the analysis of a kurtosis value.
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MODULE 2

FAULT DIAGNOSIS OF GEARS USING SPECTRUM ANALYSIS

5.1 INTRODUCTION AND THEORY. LANG (28)

The operative health of a gear train is frequently indicated 

by the vibration it produces. For this reason the vibration 

signature exhibited by a geared machanism is useful for 

monitoring its performance and determining when it may 

require maintenance. The nature of the vibration signature 

indicates the precision of the components, the correctness of 

their assembly, and t' teuve of any mechanical damage in

the rotating componi

Geared systems can range from extremely simple two-shaft 

devices to highly fophifcticated multi-shafted, multi-staged, 

epicyclic systems. Obviously, the degree of mechanical 

complexity determines the complexity of the resultant 

vibration spectrum. Fortunately, the spectrums exhibited by 

complex gearing may be understood as a superposition of the 

spectrums er.hibited by simpler systems. The fundamental 

characteristics of the spectrum may be understood by 

examining the vibrations generated by a single pair of 

meshing gears.

The gear ratio, R, is simply the ratio of the number of t^eth 

to the number of pinion teeth. In a system where the gear 

has Tg teeth and the pinion has Tp teeth, the gear ratio is:

The number of teeth on the gear and pinion determines not 

only the gear ratio, but the nature of the vibrations
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exhibited by the gear pair. This spcctrum will contain 

vibration components at discrete frequencies, dominated by 

su»«, differences, and multiples of five basic frequencies. 

These are:

1) Fp ■ pinion rotation frequency; the frequency at

which a specific tooth on the pinion enters 

mesh.

2) Fg ■ gear rotation frequency; the frequency with

which a specific tooth on the gear enters mesh.

3) Fm ■ mesh frequency; the frequency at which teeth

pairs enter the mesh.

4) Fv, ■ hunting tooth frequency; the frequency at

which specific tooth pairs, one on the gear and 

one on the pinion enter mesh.

5) Fa • assembly phase passage frequency; the

frequency at which teeth belonging to a 

specific assembly phase enter mesh.

These frequencies always satisfy the inequality:

Fh < Fg < Fp < Ffl < Fm

Teeth pairs engage at the mesh frequency, Fm

Fm - TgFg - TpFp (Hz)

where Fp ■ pinion rotation frequency in Hz 

Fg ■ gear rotation frequency in Hz
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A pair of mating gears may exhibit a series of unique 

assembly phases. This is a crucial point since the vibration 

spectrum associated with each of the assembly phases may be 

different. Depending upon the number of gear and pinion 

teeth, a specific gear pair m«v exhibit between 1 and Tp 

assembly phases. Lang C28)

The number of unique assembly phases, N, which may be 

exhibited by a particular pair of gears is numerically equal 

to the product of prime numbers common between Tp and Tg. 

Example, if a fifty tooth gear engages a twenty tooth pin*on, 

then:

Tg " 50

T - 20

r •

Two primr numbers 2 and 5 are common bvtween Tp and Tp and 

hence N is equal to the product of the prime numbers, 10.

The number of unique assembly phases, N, determine Fa , Fj, and 

the distribution of wear between teeth on the gear and 

pinion. Thi6 is caused because a single too* '■> on the pinion 

will contact exactlv Tg/N gear teeth pai’s, while a single 

tooth on the gear wi11 contact exactly Tp/N pinion teeth 

pairs. In consequence, as the gear and pinion weir, they 

will accommodate initial faults by exhibiting Tp. N axes of 

radial symmetry on the pinion and Tg/N axes of symmetry on 

the g**ar. Further, a specific tooth on the pinion will 

contact a specific tooth on the gear once in TpTg/N meshes.

The numerical inter-relationships for Fa and Fg are:

 

Fa * FpTp/N
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Note that Fa and Fj, are only unique for non-integer g**ar 

ratios. For R equal to any integer, Fa ■ Fp and Fj, * Fg. 

Hence, in integer ratio gearboxes, the assembly phase 

frequency is indistinguishable from the pinion frequency and 

the hunting tooth frequency is indistinguishable from the 

gear rotation frequency.

In a sense, integer ratio gear-pairs represent a "worst case" 

design situation. Integer ratio gear-pairs exhibit the 

maximum possible number of assembly phases, N - Tp. This 

situation provides the maximum variation in possible 

vibration spectra, being highly dependent upon the manner in 

which the two gears are initially phased. Further, because 

unique pairs of gear teeth always enter mesh together, 

integer ratios provide the minimum opportunity for gear-pairs 

to "wear in" to assembly dependent maximum vibration 

conditions. Integer ratios provide the maximum opportunity 

for an initial single-tooth fault to accelerate the overall 

degradation of the gear pair.

At the other extreme, non-integer ratios formed between gears 

that share no common primes between the number of teeth on 

the pinion and gear represent an optimum situation. Such 

gear sets possess only one assembly phase (N ■ 1), and 

therefore will always pxhibit the same vibration signature 

regardless of the initial tooth phasing at assembly. In such 

a gear set, a single tooth on the gear contacts every tooth 

pair on the pinion. Hence, non-integer ratio gear sets, with 

a single assembly phase, exhibit the minimum possible hunting 

tooth frequency, FR , because only one assembly phase is 

possible, the assembly phase passage frequency, Fa , it 

identical to the mesh frequency, Fm .
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Between these extremes, non-integer gear ratios with more 

than one assembly phase are possible. In such gear sets, the 

hunting tooth frequency, Fa , the gear meshing frequency, F„,, 

the pinion rotation frequency, Fp and the gear rotation 

frequency, Fg, are all unique.

The total vibration signature exhibited by the gear pair will 

contain sums, differences, and multiples of the five 

fundamental frequencies defined. In general, vibration at 

the mesh frequency, Fm , will dominate the signature. This 

component is caused as the load transmitted is exchanged from 

tcoth-pair to tooth-pair. In highly precise gear sets,

• ’-operly assembled, harmonics of the mesh frequency will be 

at very low amplitudes. Minor clearance errors tend to 

generste the odd harmonics of mesh frequency while more 

severe mis-spacing will introduce the even harmonics. Gear 

sets of low precision, properly installed, typically exhibit 

the odd harmonics of gear mesh frequency. The generation of 

even harmonics of gear mesh is normally indicative of extreme 

wear or clearance.

Unbalance or run-out of the pinion and its shaft may produce 

vibrations at the pinion frequency, Fp, and its harmonics. 

Vibration at the gear frequency, Fg, and its harmonics are 

indicative of unbalance or run-out in the gear or gear shaft. 

Normally, simple unbalance will produce vibration at Fp or 

Fg. As the level of unbalance increases, the harmonics of Fp 

and Fg iray become discernable. Normally, the presence of 

even harmonics of Fp and FR only occur when an extreme amount 

of unbalance is present or when the bearing clearances for 

the pinion and gear shaft are excessive. Even harmonics may, 

however, be generated by modest levels of run-out in the gear 

or pinion.
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It is very common for gearbox vibration spectra to contain 

sidebands spaced around the tooth meshing frequtncv, Fm , and 

its harmonics. These result from amplitude and frequency 

modulation of the otherwise uniform vibration signal 

generated at the tooth meshing rate. A perfectly circular 

gear, eccentrically mounted to its ahaft will generate 

frequencies at Fm _♦ F^ in its vibration spectrum. Third 

order run-out (triangular deformation) of the pinion will 

introduce frequencies at Fm ♦ 3Fp.

Maj or damage to gear pairs may be incurred when a contaminate 

particle passes through the mesh. Typically, such 

occurrences will produce damage on the two teeth in mesh at 

the time of ingestion. Such damage will produce abrupt 

changes in the normal load at the mesh at the hunting tooth 

frequency, Fj,. The resultanr vibration spectrum may contain 

frequency components at F^ and its even and odd harmonics. 

Additionally, modulation side bands of ♦. F^, _♦ 2F^ ±  3Fj, 

etc. will be produced around the gear mesh frequency, Fm .

At initial assembly, the run-out of gear and pinion may cause 

significant interference. As the gear set is operated, cold 

working of the soft g*ars occurs, relieving those 

interferences. Hence, the characteristic vibration signature 

gradually reduces with time. Should the gear set be 

disassembled during the course of normal maintenance, it will 

most probably be reassembled with a different phase 

relationship from the initial assembly. This will cause an 

immediate increase in vibration levels at Fa and in sidebands 

of Fm ♦ Fa. Unless the gears are marked at disassembly, the 

odds of reassembling the gear set in its initial phase are N! 

Unplanned reassembly of soft gears will almost certainly 

increase vibration levels at the assembly passage frequency, 

^a*
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5.1.1 Literature Review of Gearbox Vibration Health Monitoring

Two methods are commonly employed in diagnosing faults in 

gears, they are frequency spectrum analysis and cepstrum 

analysis. Frequency spectrum analysis can reveal useful 

information about the mesh, loading, eccentricity and 

unbalance. A defective tooth or teeth can generate and 

excite specific discrete frequencies. Analysis of the time 

signal, spectrum frequencies, shape, amplitude, and sum and 

difference frequencies will reveal which gears have defective 

teeth. The number of defective teeth on each gear, the 

number of gears that have defective teeth, and the location 

of the defective teeth with respect to some reference point 

can be revealed. Taylor (29).

%

It is very common for gearbox vibration spectra to contain 

sidebands spaceu around the toothmeshing frequencies and 

their harmonics. Changes in the number and strength of such 

sidebands generally indiccte a deterioration in condition, 

and the sideband spacing given valuable diagnostic 

information as to the source of the modulation.

Randa 11 (30).

Cepstrum analysis can be defined in a number of different 

ways, but all can be considered as a spectrjm of a 

logarithmic spectrum, that is, logarithmic amplitude, but 

linear frequency scale.

The cepstrum may also be useful us a data reduction 

technique, effectively reducing a whole pattern of sidebands 

•■o a single line in the cepstrum, and casing the problem of 

monitoring changes in condition. Randall (31).
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Another method used for fault diagnosia of gears is that of 

power spectral density. Power spectral density can be 

described as a similarity measurement in the frequency 

domain, the displacement being multiplied by itself such that 

the coefficients of the components are exposed as the 

square of their magnitudes, Collacott (32).
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5.2 OBJECTIVES

The purpose of the study undertaken in this module was:

1) To determin: the effectiveness of using frequency 

spectral analysis as a means of monitoring the condition 

of gear trains.

2) To determine the effectiveness of using discrete 

frequency analysis to diagnose specific gear related 

problems.



69

5.3 APPARATUS

Recorders

TRAC seven channel tape recordsr with built in amplifiers. 

Type MR-30.

Transducers

One B&K accelerometer type 4371 

Ana 1vsers

Wavetek 100A FFT analyser 

Amplif iers

One B&K charge amplifier type 2635

Carrier Chiller with the following specifications:

Number of teeth on the pinion ■ Tp * 21 

Number of teeth on the gear ■ Tg ■ 69 

Gear rotational frequency 2980 RTM ■ Fg ■ 49,67 Hz 

Number of vanes on the impeller “Vi — 17
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5.4 EXPERIMENTAL PROCEDURE

5.4.1 Data Acquisition

The B&K accelerometer was mounted on the gearbox casing. The 

acceleration signal from the accelerometer was integrated 

once using the B&K charge amplifier and then recorded on the 

seven channel TEAC tape recorder.

During the vibration data acquisition the chiller was 

maintained at a constant load of 1001 Maximum Capacity Rating 

(MCR).

5.4.2 Data Processing

The results obtained were analysed using the Wavetek 100A and 

the TEAC MR-30 tape recorder. Two hundred and fifty six time 

samples were used to obtain an average spectrum so as to 

reduce the level of noise. A frequency range of 10 kHz was 

selected so as to accommodate the 2 x gear meshing frequency 

of 6 854 Hz.
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5.5 OBSERVATIONS AND RESULTS

T he first step when diagnosing gear faults is to calculate 

the discrete meshing frequencies and their harmonics.

Number of teeth on the pinion ■ Tp ■ 21 

Number of teeth on the gear ■ Tg ■ 69 

Gear rotational frequency ■ 2980 RPM * Fg ■ 49,67 Hz 

Number of vanes on the impeller ■ Vj » 17

Gear ratio - R - Tg/Tp - 69/21 - 3,2857

Hence the pinion rotational frequency ■ Fp ■ (R)(Fg)

Fp - (3,2857X49,67) 

Fp - 163,19 Hz

The gear meshing frequency ■ Fm ■ (Tg)(Fg) ■ (Tp )(Fp )

Fm - (69)(49,67) - (21)(163,1$) 

Fm - 3427 Hz

The blade passing frequency " Fb ■ (Vj)(Fp)

- (17)(163,19)

Fb - 2774 Hz

The number of unique assembly phases ■ N ■ 1 

Hence Fa ■ Fp

The hunting tooth frequency Fb is calculated as follows:

- - (163,19)( 1 )/(69)
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Fm

♦ Fg - 3477 Hz
Fm

- Fg - 3377 Hz

Fm

♦ 2Fg - 3526 Hz
Fm

- 2Fg - 3328 Hz

Fm

♦ 3Fg - 3576 Hz
Fm

-
3Fg - 3278 Hz

Fm

♦ - 3429 Hz
Fm

-
Fh - 3425 Hz

Fm ♦ 2Fh - 3432 Hz
Fm

- 2Fh - 3422 Hz

Fm

♦ 3Fh - 3434 Hz
Fm

—
3Fh - 3420 Hz

♦ Fp - 3590 Hz
Fm

-
Fp - 3264 Hz

Fm

♦ 2Fp - 3753 Hz
Fm

-
2Fp - 3101 Hz

F*

♦ 3Fp - 3917 Hz
Fm

-
3Fp - 2937 Hz

When analysing spectrum* from gear trains it is necessary to 

calculate the abovementioned frequencies for diagnostic 

purposes. It is also convenient to calculate the 2 x gear 

meshing frequency as the presence of this harmonic is a clear 

indication of misalignment.

2 x gear meshing frequency “ 2Fm ■ (2)(3427)

2Fm - 6854 Hz

Figure 5.1 shows the frequency spectrum that was oblrained 

from the abovementioned gearbox. The gear meshing frequency 

Fm at 3425 Hz is clearly visible. So too are the pinion and 

gear rotational frequencies, Tp and Tg at 150 Hz and '50 Hz 

respectively. The blade passing frequency at 2775 Hz is also 

evident. The 2Fm , 2 x gear meshing frequency, at 6850 Hz is 

also evident. It is important to determine the extent that 

the background noise is contributing to the frequency 

spectrum obtained Mains frequency (50 Hz) and three times 

mains frequency (150 Hz) components are very common 

background noise components in three phase motors. The 

contribution of the mains frequency to the 50 Hz component 

can be determined by examining the background noise frequency
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spectrum when the motor is not operating. The contribution 

of the three times mains frequency component to the 150 Hz 

component obtained is difficult to determine, since this 

component only occurs when the motor is operating. When 

analysing frequency spectrums with machine operating speeds 

or harmonics of these at 50 Hz and 150 Hz care should be 

taken to distinguish between the background noise component 

ant the actual vibration component from the machine.

Frequencies at Fm ♦ 3Fg and F^ - 2Fp are alsc present at 

3575 Hz and 3100 Hz. The reason for the frequencies not 

being exactly the same as the calcula.ed frequencies is 

that the resolution of the window of 10 000 Hz containing 400 

lines or cells is 10 000/^00 ■ 25 Hz. So, only frequencies 

that are multiples of 25 Hz can exitt. To decrease the 

resolution to say 5 Hz, zoom analysis around the frequency of 

interest can be performed.

The problem with this gear train was successfully diagnosed 

as uniform wear. This was found to be the case when the
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5.6 DISCUSSION

Spectrum analysis can be a very useful tool in diagnosing 

gear faults. Since most industries possess gear train 

systems on critical machines, vibration condition monitoring 

on such systems is essential. In power stations gear trains 

exist on the barring gear of the main turbine, the steam feed 

water pump, the electric feed pump, the mills and many more 

auxilliary items of plant.

Although the tests on the chillers consisted of a simple gear 

and pinion, complicated gear trains can be considered as a 

superposition of spectrums exhibited by simpler systems. 

Once the geometry and shaft speeds of a gear train are known 

discrete frequency spectrum analysis can be readily applied. 

Problems with specific gears and pinions can be diagnosed 

using spectrum analysis.
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5.7 CONCLUSIONS

1) A substantial amount of diagnostic information can be 

obtained from the changes in the vibration signals 

measured externally on continuously operating gear-boxes 

under constant load and speed conditions.

2) The vibration signature of a simple gear set is 

dominated by sums, differences, and multiples of five 

unique frequencies. Lang (28)

3) In integer gear ratio sets, two of these frequencies are 

not uniquely discernable. Lang (28)

4) The nature of specific fault types in the gear pair may 

be identified from the increase of certain specific 

frequencies in the resultant vibration spectrum. Tooth 

pair faults, assembly phase mis-matching, gear and 

pinion run-out, unbalance of gear and pinion shafts, and 

improper spacing between pinion and gear may be 

detected. Lang (28) and Randall (30)

5) When disassembling gear sets with multiple phases, 

assembly marking is highly recommended, particularly if 

the gears are of unhardened material.

6) Uniform wear tends to show up as an increase of the 

tooth-meshing component and its harmonics, more 

rarticularly the latter. Lang (28) and Taylor (29)

7) Local faults, such aa cracked teeth, spalls and 

localised pitting, give rise tc components over a very 

wide frequency range, partly by modulation (for the
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frequencies around and above the tooth meshing 

frequency) and partly as additive impulses (primarily 

for the frequencies below tooth-uesh). Lang (28)

8) Misalignment and eccentricity, tend to give higher level 

sidebands move closely grouped around the tooth-meshing 

harmonics. Randall (30)

9) Gear meshing frequencies occur at high frequencies and 

hence it is important to ensure thet the *ransducer used 

can detect these frequencies. Normally accelerometers 

are used for this purpose.
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6. MODULE 3

DISCRETE FREQUENCY ANALYSIS

6.1 INTRODUCTION

By means of appropriate frequency analysis, with the discrete 

frequencies for the system and components calculated it is 

possible to relate peaks to particular components. Any 

increase in vibration energy ac the peaks, ind cates a 

problem with that component or system. The evaluation of 

such frequencies can be a matter of simple arithrietic or 

algebraic, or the evaluation can be an elaborate form of 

applied mathematics involving the equilibrium of forces, 

couples and energy under either linear or non-1 inear 

condif ions.

6.2 VIBRATION DUE TO UNBALANCE

Unbalance manifests itself in the fundamental rotational 

frequency component. Inevitably every machine has some 

inherent unlalance in it's system. Hence every machine will 

display a one-times frequency component. Figure 6.1 shows 

the relationship between the unbalance mass relative to the 

known keyway.

6.3 VIBRATION DUE TO MISALIGNMENT

Misalignment is a common problem in rotating machinery. In 

spite of self-aligning bearings, flexible couplings and 

hydraulic couplings, it is difficult to align two shnfts and 

their bearings so that no forcen exist which will cause 

vibration. Figure 6.2 illustrates the three possible types 

of coupling misalignment.
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MECHANISM OF UNBALANCE

DISPLACEMENT TRACE 
FROM ACCELEROMETER

KEYRHASOR REFERENCE

UNBALANCE MASS

KEYPHASOR PULSE

ACCELEROMETER

FIGURE 6.1



a) Angular - when* the centre line of the two shafts meet 

at an angle.

b) Offset - where the shaft centre lines are parallel but 

displaced from one another.

c) A combination of angular and < fset misalignment.

The significant characteristic of vibration due to 

misalignment and bent shafts is that it will be in both the 

radial and axial directions. When the misalignment is 

severe, second order (2 x RPM) and sometimes third order 

vibration frequency components may appear. Axial vibrttion 

is the best indicator of misalignment or a bent shaft. In 

geneva], whenever the amplitude of axial vibration is greater 

than one-half of the highest radial vibration, then 

misalignment or a bent shaft should be suspected.

VIBRATION DUE TO MECHANICAL LOOSENESS

Mechanical looseness manifests itself at frequency of twice

the rotating speed and higher order harmonics. T .e vibration

characteristic of mechan cal looseness will not occur unless

there is some other exc^ing force such as unbalance or

misalignment to cause it. Looseness simply allows more 

vibration to occur than would otherwise appear.

The nature of mechanical looseness and the reason for the 

characteristic vibration at 2 x RPM can be explained by 

referring to the sequence of diagrams in Figure 6.3. This 

action of forcing the bearing down against the pedestal and 

then off the pedestal, produces two applied forces for each 

revolution of the shaft. One force ia applied by the
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—  OFFSET
MISALIGNMENT

MECHANISM OF MECHANICAL LOOSENESS

FIGURE 6.3



82

rorating unbalance and the second force is applied when the 

bearing drops against the pedestal. Therefore the vibration 

frequency is 2 x RPM.

6.5 ROLLING ELEMENT FREQUENCIES

Rolling element bearings are the most common cause of small 

machinery failure. The unique vibration characteristics of 

rolling element bearing defects make vibration analysis an 

effective tool for detection and analysis. The specific 

frequencies rrat result from bearing defects depend on the 

defect, the bearing geometry and the speed of rotation.

Bearing characteristic frequencies are:

Defect on outer race -^n ̂  RPM ̂ ? - d Cos 9 ^

2 60 D

Defect on inner race ■ n RPM ̂ 1 ♦ d Cos 0 ^

2 60 D

Ball spin frequency ■ _D RPM ̂ 1 - d^ Cos‘9 ^

2d 60 D

Fundamental train frequency ■ .1 RPM  ̂1 - <i Cos 0 ^

2 60 D

where D ■ pitch diameter 

d ■ ball d i ameter 

n “ n'imDer of bal 1 s

8 ■ angle of contact
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Figure 6.4 below shows the bearing geometry.

W H E R E  0  « PITCH D IA M E T E R

d .  BALL D IA M E T E R

9  •  A N G L E  OF CONTACT

n •  NUMBER OF B A L L S
F IG U R E  6 .4

6.5.1 Illustrative Example

The bearing chosen for this example is the one that warn used 

in the kurtosis tests, and has the following characteristics:

D ■ 34 mm 

d ■ 8 mm 

n ■ 8

9 - 5 °
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Substituting these values in the abovementioned equations 

results in the following discrete frequencies for a shaft 

speed of 2 340 RPM.

Outer race frequency ■ 119 Hz

Inner race frequency ■ 193 Hz

Ball s pin frequency •* 78 Hz

Train or cage frequency ■ 15 Hz

Examining the frequency spectrum from this bearing as shown 

in (Figure 6.5) the outer race, inner race and ball spin 

frequencies are present except the cage frequency. The cage 

frequency is absent because the cage was removed from the 

beariug so that fly ash could be injected into tne bearing to 

damage it.

When using these equations the angle of contact depends on:

1) The shaft fit, i.e. the angle of contact will be larger 

in the case of an interference fit between the shaft and 

bearing than in the case of a loose fit.

2) The magnitude of the axial force. The greater the axial 

force thp greater the angle of contact.

It is the author's experience that the angle of contact 

changes significantly with the shaft fit, the axial force and 

with bearing wear. Care must therefore be taken when 

applying these equations to bearings.

6.6 VANF AND BLADE PASSING FREQUENCIES

Problems associated with blades and vanes are usually 

characterised by high fundamental vibration or a large number
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of harmonics near the blade or vane passing frequency. The 

blade or vane passing frequency is simply the number of 

blades or vanes multiplied by the rotational speed. If part 

of a blade or vane detaches itself from the shaft or 

impeller, the result will typically be imbalance, which 

results in a high 1 x RPM vibration.

Figure 6.6 shows the blade passing frequency for a FD fan 

with a double inlet impeller with 12 blades each which are 

offset. Therefore the blade passing frequency * running 

speed x number of blades - (12,5) (12) - 150 Hr.

As these are double inlet a two times blade passing frequency 

will also occur at 300 Hr.

6.7 THE DETECTION OF ROTO? DEFECTS IN INDUCTION MOTORS

6.7.1 Introduction

Where rotor bar fracture in a induction motor is suspected 

a method is needed for determining the extent and nature of 

damage to facilitate potentially expensive maintenance 

decisions. A method allowing differentiation between 

fractured rotor bars, bars of anomalous resistance, magnetic 

anisotropy and load fluctuations would be convenient. The 

most readily vailable parameters are stator current, shaft 

speed and frame vibration, each of which is influenced by an 

electromagnetically irregular rotor, and these parameters are 

available without having to stop the machine. Figure 6.7 

bhows typical rotor bar cracks which occurred in an ash pump 

drive motor at Duvha Power Stat ion.
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