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4 PRELIMINARY HEAT EXCHA

4.1 Background

As has been noted, the Schmidt analysis returns poor predictions in
estimating cooler and heater heat transfer, both in magnitude and form. The
mass flows, on the other hand, are relatively well predicted. From

experience it is reasonable to expect that the indicated efficiency of a
Stirling engine is in the neighbourhood of between 40 and S0% of the Carnot

value. Thus it is possible to estimate the average heat requirement,-and
together with the mass flows, it is then possible to determine the heat

transfer coefficient, wetted area am
critical factor in the performance of the engine is to limit the viscous

dissipation in the heat exchangers. This will be shown later to have major
impact on the deliverabie power of the engine. Usually optimising the heat
exchangers fdr highest effectiveness results in 2 heat exchanger of

“““ s therefore important to consider both the
unacceptable viscous 10SSes. it is Thereiore Nnpu ‘

heat transfer and viscous dissipation concurrently.

4.2 Cooler end Hester Internal Heat Transfer
r coefficient is defined as follows:

o~
a
=
A

~—

where
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where ¢ 7). is the cvelic and spatial average qas bulk temperature and 7.,
- - ’ D s . T U’U - Ve 'F"I- - -a a ~ A d Al - w

is the average wall temperature for the heat exchanger.

The pertinent dimensionless group is the Nusselt number which is given by

Nu = ﬂb dh/k (4.2)
which, for a given geometry and working fluid, is constant for laminar

P IW VY.

Therefore, neglecting entrance and oscillatory effects', the laminar flow

heat transfer coefficient is a constant which depends only on the flow path

geometry and working fluid.

If the flow is laminar and fully developed, the heat transfer may then be

described by

<J> =Nu kA Ty =< 7'9>b)/ ah (43)

Table 4.1 lists Nusselt numbers for various flow geometries.

Turbulent flow in situations where the flow is oscillating, as in a Stirling
engine, behaves somewhat differently to what might be expected from

'Entrance effects are particulsrly important in 8 laminar flow heet exchanger. Typically, the
hest exchangers tend to be fairly short, thus entrance effects must be considered at some point in
the design pracess. Oscillatory effects are also importent and will be discussed later.
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Y 7 4 3.66
N e

bfa=1 | a 2.98

=1{4| 1.172 3.08

=2 1.33a 3.39

s =3 152 3.96

= 4 164 4 .44

P =8 1.782a 5.95

= | 202 7.54

mi\ \ 402 4.86

insulstes

purely steady state conditions. In particular, the flow is unstable in the
deccelerating phase of the flow cycle and therefore once turbulence is
established, it persists until the point at which the flow reverses to begin

the accelerating phase. Thus if turbulence occurs, the fiow will generaily
remain turbulent for a minimum of half the flow period. Furthermore, the

point of transition is vague and unquantified. The effect of oscillatory flow

on transition to turbulence is discussed in some detail in the work of Hino
et a/ [H576] and Merkli and Thomann [MT75]. In this section, in order to
obtain limits of performance, it will be assumed that heat exchangers will
either be all laminar or all turbulent. Of course the flow will never be
entirely turbulent since it has to go through a point of zero velocity,

however, if turbulence occurs early after flow reversal then it is

heat transfer coefficient is slowly varying and will
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heat transfer coefficient to the friction factor by 2 simple relationship
‘which is adequate for preliminary considerations. This relationship is given

by
Nu = /Re/2 (4.4)

where the hydraulic diameter is assumed to account for different flow
geometries (in turbulent flow, geometries of similar hydraulic diameters

will have similar coefficients of friction).

Thus for turbulent flow

0> = f R kAL T, - < Tpp)/(2dp) (45)

. f .
= dp(nmpA4)"), wao

The integration is performed over a half cycle since the heat transfer is
assumed to occur to (or from) the wall in both half cycles. Thus

substituting for w from either (3.67) or (3.71), the general form of the

mean Reynolds number becomes

> = (HllAﬁ{ T >. )-' K V... (46)

0
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Substituting (4.6) into (4.5), the turbulent heat transfer becomes

<> = ruep ¥ ew kA Tyl < Tpp = W/(2MRAR ) 47

- hA.

Equations (4.3) and (4.7) apply directly to the cooler and heater. The

respective heat transfers may be estimated from the Equations for &. and
[ 1\

— GyinTable 3.2.(6S)

4.3 Regenerator Heat Transfer
For regenerator matrices there is no distinct transition point, the curves of

pressure drop and heat transfer verses Reynolds number being generally
monotonic [UB84). Fortunately, in practical machines, the peak Reynolds

number is generally low (Re = 10) and it is usually possible to assume that
pressure drop varies linearly with Reynoids number and the heat transfer
varies weakly with Reynolds number. Thus Equation (4.3) may be applied to
regenerators of porous matrix as weli, typicai data for which is given in
Figure 4.1. However, before an optimum design for the regenerator can be

persued, it is important to gauge its effect on the engi
performance. To this end, both ideal and actual regenerator heat transfers

:"

need to be esttmmﬁymmwﬁcmmﬁﬁ‘ecﬁonaHPaHHGFeﬁheaHn%he

regenerator may be as much as an order of magnitude greater than that
transfered in the heater [UBB4). Thus a small ineffectiveness in the
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regenerator transiates to a much larger effect on the engine efficiency.

Regenerator Matrices used:

GM GPU-3 Ford 4-215

Mesh size (wires in-7) 200 200

Wire diameter d,, (mm) 0.04 0.036

Porosity ¢ . 0.697 0618
Typical avsilable steady flow data

O 60 mesh 1300
= ¥ +0.602
0.2} da =0.270m 4200 ~
e s
R StPre0.66Re™* TN , e
0.1~ <100 &
' 2
. )
70 =
[ B
0ok fr 256 ¢ 1.63Re dso
3 % 2 % 700 700

Reynolds number Re

gure 4.1 Woven Mesh x Fric 1
St is the Stanton number given by St =Nu/(RePr) and /. is the

Reynolds friction factor given by # = 7Re.

The instantaneous heat transfer in the regenerator is given by Equation

(3.22).

DOr = ¥.c, D/ R = cpl K Wir = 7 #in! (3.22)

Equation (3.22) may be represented in vector form to better understand how
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the modes of energy transfer to the regenerator interact. Figure 42 shows
the relative relationship of regenerator heat transfer to volume and mass
flow variations. It can be seen that the pressure variation term increases
the required heat transfer rate over that due to pure enthalpy transport.
Both the pressure variation term and the enthalpy term are of similar
order, often sharing the total required heat transfer in approximately equal
proportion. Note that the pressure derivative term moves the regenerator
_ heat transfer to a closer phase with the displacer. For the example in
Figure 4.2 the peak regenerator heat transfer occurs slightly leading the

pressure and lagging the antiphase of the totai voiume. The antiphase of the
volume is also a point of minimum rate of change of volume. Thus lf the

Db o

regenerator heat transfer is arranged to be in antiphase with the total
volume then the peak regenerator heat transfer will occur when the volume

is aimost constant.

Equation (3.22) may be reduced to a form-involving basic-engine parameters—————

To do this, expressions for the mass flows and rate of change of pressure

are required. Bﬁmmtnmﬁufhneﬂﬁwhemassﬂmmy

be evaluated to give

W = 2 RRYH2 Y + V) + Vowcl( 2/ SISINB + ) + Vg csing

z

= Yy @/ 5)sin(p + 20)) (48)

)+ Vel @/ S)sin(B + 6) - K, eSin(a + 6)

2y
wo - Y W

+ Vyyela/ S)sinla + B+ 26)) (49)
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Figure 4.2 Relative Relationship of Instantaneous Regenerator Heat
Transfer to Volume and Mass Flow Variations

and Dp is given by

Dp = w<p>(a/ 5)sin(p + 6) (4.10)

where terms in (2/ .5 )? and higher have been ignored. By substituting (4.8)
through (4.10) into (3.22), an approximate solution for the ideal heat

transfer rate to the regenerator is obtained.
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D o~ ‘ 3
‘ ! i[: :) DI ['l"l)é ‘ EE 2

- Yoy rSING = U siN(Q + B)
oWl SwWe A ‘

+(2/ 5) Vo cSInB + 20) + 1, osin(a + B + 26)])
where (4.11)

o=DRi/y+20K + Wyc + I+ W)+ owe * Yowel

If only the first harmonic is retained, then (4.11) may be expressed in the

following form:

D@, = IDGcos(e + g) (4.12)

where

InAl .. adas __ 4
Rl = Unpryle\y i

]l/2
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I-.l_!Dgrlr s~ [~ ER PPN
&l = —L | COS\D + pr)do
5 Tw2- 8,
=2Dgl/w

1 = cpyty = 07 12 + ue® + Kowe” * 2 lgwe YoweC0sa
= W VowcCosB = ¥ Vowecos(a - ]2

(4.13)

which is the ideal heat transferred to or from the regenerator in one blow.

Equation (4.13) shows that the ideal unidirectional regenerator heat
transfer is directly proportional to the mean (or charge) pressure and
approximately proportional to engine internal volume. The gas specific
heat ratio is also important, 40% more ideal heat transfer being required

for air or hydrogen (y = 1.4) as compared with helium (y = 1.67).

Comparing the isothermal unidirectional regenerator heat flow withthat ——

difference of less than 10%. The isothermal result is 1247J compared with
the ideal adiabatic simulation of 1347J [UBB4]. It has been suggested by
Urieli [UB84] that the definition for 2 Stirling engine regenerator
effectiveness should be based on the unidirectional . heat transfer as
calculated from the ideal adiabatic simulation. If this approach is adopted,

then the regenerator effectiveness or idea

estimated @ prior/ since it would have to be de

oach does not seem warranted if the

experiment. This empiricai-iike approa ‘
closed-form solution closely approximates the numerical simulation of
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where the subscripts ‘act’ and 'i' respectively refer to the actual and ideal

unidirectional heat flows.

Most definitions of regenerator effectiveness are defined as in (4.14),

however, there is 2 wide difference of choices and methods of evaluation

for |04 .. and | 0.1.. As has been mentioned, Urieli [UBB4] has sugqaested
r‘act e § e ‘ 5] - '3 -y MY Y Y -

the change in internal energy is negligibly small or that the process occurs
under approximately constant pressure conditions. Though it is true that in
the ideal notion of the Stirling cycle, the processes through the
regenerator are considered to occur at constant or near constant volume,
in practical machines it often happens that the peak heat transfer in the
regenerator occurs at or close to the minimum rate of change of pressure,

a constant pressure process. From Figure 42 it can be seen
pressut rocess a Z 1L Canh De seen

that the regenerato r heat transfer is almost in phase with the worklng gas
. The rate of change of pressure would lead the pressure by 90°

(assuming sinusoidal changes), and thus be in quadrature with the
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approximating the actual regenerator heat transfer by a constant pressure

glance. On the other hand, the pressure is aimost in antiphase with the
total volume variations, and with the regenerator heat transfer leading the
pressure slightly, it is possible for the peak regenerator heat transfer to
occur at the point of minimum volume rate of change. Thus, in some cases,
the use of a constant volume process for approximating the regenerator

heat transfer is a better choice ( see, for example, reference [LR84]). in

he work Mesa.."wu here, an attempt will be made to more nmrgc_asly

define the heat transfer in the regenerator in order to obtain results of

a non-ideal regenerator the working gas exits the hot

he regenerator at a lower temperature than the ideal hot end
e supplied at the hot end in order to

maintain the heater temperature.‘ The hot end heat transfer is therefore

4gj¥enhv
n Dy

Q. =

e = pj +10i(1 - € (415)

where 091 is the ideal hot end heat transfer.

Similarly, when the working gas flows from the heater to the cooler, then

—anextra cooling load will be burdened on the cold end.
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O = Qi -1 - © (4.16)

where, again, & is the ideal cold end heat transfer (a negative quantity

for engines).

The indicated thermal efficiency is defined by

nN=(0, + 0. G

which, from (4.15) and (4.16) becomes

N="ny/l1+ G/ Oy X1 —€)] (417)

Qi i Table 3.2. Note here that Equation (4.17) may be used with

<

<D
-

5
-4

other analyses as well. For example, Urieli has applied Equation (4.17) to

h f non-ideal regenerators on the results of the ideal

predict the effects o

adiabatic analysis [UB84].

Figure 4.3 shows the effect of regenerator effectiveness as calcuiated by

—mmwﬁmuﬁmwmmm were no

regenerator, the efficiency would drop to below 108 for an isothermal

~engine. More importantly, it is clear that for an efficient regenerator of

effectiveness approaching unity, a small reduction in effectiveness would
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result in a significant reduction of engine efficiency. The sensitivity of

efficiency to changes in regenerator effectiveness is easily obtained by
differentiating (4.17) [UB84].
dn/de = Tyl 1 + (10di/ GiX 1 - ETA G/ O, (4.18)

Using this equation, it has been shown that a 1% reduction in regenerator

effectiveness results in about 4% reduction in indicated efficiency for the

GPU-3 engine [UBB4].

Efficiency
™

0.3}F / N
0.2 / _
0.1F .

0 0.2 0.4 06 0.8 1.0

Regenerator Effectiveness

ure 4.3 Indicated Efficiency versus Regenerator Effectiveness:

sunpower RE-1000 Free-Piston Engine.
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To calculate the actual heat transfer, it is assumed that the temperature

profiles of the gas and matrix are as in Figure 4.4. Regenerator temperature

profiles of this approximate shape have been verified by computer
simulation [Ur77, Be78] and by measurement [Be78].

-
Maximum hot blows i

TN

n

[
I r—: Temperature

% \Motrix

" \Minimurm cold blow

;

- i ﬁi

gure as atrix

Since the gas flow iS ' ;
it will be further assumed that the gas temperatures at the cold and hot

ends will be in phase with the local mass flows as shown in Figure 4.5. The

cold and hot end temperatures are then respectively described by

~~
N
€
e’

Ter =Ty + 0.5a 7(1 -sing)

and

T = 7, — 0.54 71 —sin(6 + 6,)] (420)
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~where for long regenerators 6, approaches a and for short regenerators

Pt —
_ AN

- 7 —
| TrnQuw
(—-—OW-)’ ra k f 120 [
Wer < e hT
\v/ U

Now, assuming uniform flow over any cross-section, the spatial mean heat
transfer rate is given by
Zr
o~ -‘I : -

Whﬁte_%JSJDQJQCBJMQQﬂgaS temperature and, since / is slowly

varying, it is treated as a constant at its mean value.

&



Both 7y and 7'g are assumed to be linear functions of x, thus:

4=l = AT b+ Re (4.22)
T == T =20T)U L+ R +AT (4.23)

Substituting (4.22) and (4.23) into (4.21) and integrating, yields
- A 3 g '} uo

dact" DIAWNINT IR T kT ke -
which on substitution of (4.19) and (4.20) becomes

Gyt = —0.25/ Ay, A T rsin(@ + 6;) (4.25)

where ~ = v2(1 - cosé,,) and

Integrating (4.25) over a haif cycle between zero-crossing points yieids the

actual heat transferred in a single blow, v/z;

|@etl = # Ay AT r/(2w) [Joules] (4.26)
A useful result in terms of NTU (Number of Transfer Units) may be obtained



Focussing on a differential length of the regenerator material in the

direction of flow, as shown in Figure 4.6, an energy balance for the gas may

be written as follows:

9.0.6.0.66.00.0

'.OzOt\ 0.9.90.0.9.9.9.9,

J - W W W WV,

80220
hSSOPIHIIRKIR
6762076202022 %% %%
90202626200 %% e e e
KRR HHAXRKR

Figure 4.6 Elemental Length of Regenerator

At cyclically steady state the cyciic change in intern

f . _
fdv =0

and from the definition of a regene
cycle is also zero, thus

fao =0

Therefore, from the energy balance, the cyclic change in enthalpy becomes
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Thus during a full period, the total amount of enthalpy transport through a

cross-section in a specified direction is fdentical to the cyclic enthalpy

transport at any other cross-section. This allows /4 to be evaluated at any
cross-section. Therefore choosing the cold side, the cyclic enthalpy

=l bk

transport is given by

H = cpw"‘ I cycle Wir ’krd®

Substituting for wy,. and /. from (4.8) and (4.19) respectively, and noting

that Wip and 7. are assumed to be in phase, # becomes

G~ Gy = H (4.28)
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Dividing out by Uact, (4.28) may be expressed in terms of effectiveness:

/€ = Hi Gyt + 1 (4.29)

From (4.26) and (4.27), #/ @,y becomes

I Gyep = e Mpdmax/ (4 AT
C P r’'max w'’

=7/(N/)

where N is the NTU for the rewitoﬁdeﬁrmmfmhws

N=p A/l cp( “’kr)max] (4.30)

(4.29) may now be written in terms of effecttveness and NTU as follows:

E=Nr/(T+Nr) (431)

This result allows the regenerator to be sized for thermal performance in
a simple straightforward manner. Note that /- varies between about ¥2 and

2 for 6, between n/2 and T (r from Equation (4.25)). Since the

effectiveness is improved for higher 7, ©,, should be closer to . This can

be done by making the regenerator shor t:

Wmmmmdﬁﬂﬂﬂmmmwwﬁdl,

however, their result was based on mean mass f low rather than peak flow
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as used here. It is instructive to see how the two results differ.

For a sinusoidal quantity, the ratio of peak value to mean value for a haif

cycle is

sp/(.s'> = /2

Thus the mass flows in the NTU should be in the same ratio, ie,

N/<N> =n1/2

Substituting this into (4.31) gives

E=N//(2+N>T) (432)

Now for short regenerators, 8, is ciose to m, thus 7~ ~ 2, which g

ex (ND/(1 + <NY) (4.33)

which is the result given by Urieli and Berchowitz.

regenerators that are short. For the GPU-3 machine, Equation (4.33) has

been shown to give very good results [UBB4] For this machine the
regenerator length was about 10% of the total length of the heat exchanger

loop [UBB4].
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Regenerator effectivenesses in the neighbourhood of 98 to 99% are fairly

typical. Using Equation (431), this requires an N/ vaiue of between 154
and 311, which for short regenerators, translates to an NTU of between 77
and 156. In order to obtain such high NTU the wetted area of the
regenerator is made as large as is practical. Thus porous matrices are
usually the geometry of choice though some practical engines do use a
simple closely spaced annular gap. The wetted area for a porous matrix is

given by the following result [UBB4l

A, =41~ W) (434)

where | is the porosity defined as the ratio of the void volume (i) to the

canister (or total) volume. dpy, is the wire diameter which is usually chosen

as small as is practical.

The pertinent heat transfer results for—al—the heat exchangersare
tabulated in Table 4.4.

4.4 Viscous Dissipation
In this preliminary stage it will be assumed that pressure forces are

anced entirel ous forces. This is not

balanced entirely by vis

w

lways reasonable; in some

cases the inertia terms are significant and may be as much as 10 to 20% of
re best

handied by simulation
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Consider then that the pressure drop is supported by the viscous forces as

follows [KK58]

-dp/dz =27pU? g, (4.35)

where 7 is the Fanning friction factor, // is the gas velocity and 4, is the

hydraulic diameter. The hydraulic diameter is defined by

o = 44,/ 2, (436)

where A, is the free flow area per flow passage and Z, Is the wetted

perimeter per flow passage.

Neglecting entrance length effects, the laminar flow friction factor is

given by

P Y
I
w
~J
e’

[ = CL/RQ

where Re is the Reynolds number given by

Re = pUa/ .

From (4.35) and (4.37):
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-dp/dz =240 U/ 6 (4.38)
If ¢ is replaced by the bulk spatial average velocity, then (438) may be
approximated by

Ap =-2pG U /dn2 (4.39)

here £ is the heat exchanger length.

¢

The rate of lost work dissipated against viscous friction is given by

~

o =|ADAL (4.40)
IH” ‘e
where A is the total free flow area of the heat exchanger; A = Agnn, n

being the number of parallel flow paths.

Substituting for Ap from (4.39), (4.40) becomes

”,~
N
b

=12uq V2 v g

The time averaged dissipation is given by



g
¢ = 1A2m]  &de
¥ cycle

=pg vingd) ,,vie

Noting that ¢ = w /(pA ) and using the first harmonic from the

approximate mass flow (Equations (3. 66)) and the pressure variation given
by Equation (3.32), the laminar flow viscous dissipation for the cooler is

e

then

Wy = G Kl 2oy A +2abcosp+ 521 @a

where

a’s)

(V4 A4
b =(i+ et Vgwchd

Since, generally for practical machines, 2/5 « | and p is around 20",
therefore small and may be neglected in preliminary design. In this case,

the cooler laminar flow viSCOUS dissipation becomes

~~
1 1.
&
e’

@, = oy G Kl lowe/ (2 kA

Similarly, the approximate laminar flow viscous dissipation for the heater

S given Dy



= G K0 e/ 2 opn AR

(4.44)

Table 42 iists some iaminar

— £
!

Tmeas
10w

geometries.

Table 4.2 Laminar Flow Friction Coefficients [Wo77]

Friction CosfTiciant

Cross Section h
O« a 16.0
b/a=1 |2 14.25
= 1.67|1.252 15.0
=2  |1.332 155
b =% |15 | 1725
=4 162 18.25
=8 |1.782 19.0
7 =10 |1.824 21.25
=00 202 24.0
"Z} 0582 13.25%

An important parameter in the design of stirling engine heat exchangers is
the heat transfer per unit flow dissipation. From Equations (4.3) and (4.43)
and noting the definition for hydraulic diameter, the general form of this

parameter is

<O/ =[16ka Fyg/ne? oW DIN*(NuAZ/ C)) (4.45)

where A ng is the bulk mean wall to gas temperature difference and lgy

is the associated swept volume.



—From (4.45) it can be seen that for laminar flow the heat transfer per unit
dissipation is strongly improved for a large number of paralle] paths. The

exchanger geometry. This group is tabulated in Table 43 for various

common heat exchangers. By comparing this group for the various
geometries on a per unit flow area basis, it is clear that for laminar flow,

rectangular passages of high aspect ratio achieve better heat transfer per

init dissipation for equivalent internal volumes and number of parailel
paths. In practical circumstances, the choice of aspect ratio is limited by

the fin efficiency and engine diameter
Table 4.3 Heat Exchanger Geometry Groups
® b heAWE S0V va I
Cross An NUanh/C NUAn /CL
—~ 078572 | 071802 | 0.1410*
U d Ve f Wt
5)a= 2?2 | 083622 | 02092¢




flows. This is more convenient than using Equation (3.68) and appears to

——offer-acceptable-accuracy-Thus

W =(m + w2

Using this result, the viscous dissipation for the regenerator follows
similarly to that calculated for the cooler and heater, and is given by

=05 G A g (e KF + gel T

= 2 Yy YweCOS/C 7 ] 7L 1 A

(4.46)

e

The assumption of a linear pressure drop (Equation (4.39)) is only accurate
for short regeneratofs. Since there is a gas density variation in the
direction of flow, it follows that for a given uniform mass
velocity will also vary in the direction of flow. This, combined wit

=

variation of viscosity with temperature, results-in-a non-linear pressure

distribution. However, for most practical applications, the regenerator is
short and the assumption of a linear pressure variation is reasonable. For
more advanced analyses, the above effects are usually included.

____ For aregenerator comprised of stacked wire screens (wire diameter 4p,):

Gh = T W/ (1= mewmmm)

Thus, for stacked wire screens the dissipation becomes



o =05mps Jul - ¢ m swe! ‘k swe’ 'h

From (4.46) and (4.47) it appears that regenerator viscous dissipation is

minimum for volume phase angles (a) close to zero and maximum for
volume phase angles close to 90°. Also the dissipation may be reduced for

short regenerators and large free-flow areas.

Compromise between regenerator viscous dissipation-and heat transfer is —————

ly determined by the choice of &, Viscous dissipation is reduced for

larger o, whereas the NTU (Equation (4.30)) are improved for smaller &

Other considerations which would influence the optimisation of
r performance would include regenerator void volume and

| LA

conduction losses (see S6).

For the case of turbulent flow, only the cooler and heater will be

considered. Flow of high Reynolds number is unlikely in the regenerator

..

since the resulting pressure drop would be inordinately high.

For turbulent flow, / is approximately constant. Thus from (4.35), the
_ pressure drop becomes:

P
N
ss

0]
N’

Ap ==2rpU?L/ o

@



! (4.49)

d=rn1Br474

T 'L 4 VV [ "X e 4 Un

which, in terms of mass fiow, may be written

& =[27w3L/UpAY &) (450)

Since the viscous friction always opposes the flow, the lost work is
always positive. ngﬁg to the squared velocity term, Equation (4.48) is not

S v ¥

n with changing flow direction. In order to circumvent this, some
workers have introduced a product of the modulus and signed value for the
squared term [Ur77, UBB4L Thus ¢/2 is written |¢/[4. IT this method is

applied to (4.50) then w is written | w w2 To find the time-averaged

_ value of the dissipation, (450) is integrated over the positive haif of the

cycle and multiplied by two. Using the approximate mass flow resuits,
Equations (3.67) and (3.71), and the pressure fr
time-averaged turbulent flow dissipations are given by

(3.32), the

M, = f [4 l pr (W Wy (451
7 gk TR AT

S 452
h swe



